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 i 

Abstract 

 

This paper presents a development and control of a meso-scale vapor compression 

refrigeration system. The system consists of four main parts the evaporator, the 

compressor, the condenser, and the expansion device. The optimal design of the micro-

channel evaporator robust to the change of the flow rate and the cooling load was 

conducted via the Taguchi method. The meso-scale rotary sliding vane type compressor 

was designed to realize the pressure ratio of 2.87 and the flow rate of 5.376 lpm. The 

performance of the developed compressor was the pressure ratio of 3.15 and the flow rate 

of 8. The expansion nozzle which is a passive type expansion device was designed to be 

most robust to the change of the flow rate. The condenser was designed considering the 

convective heat transfer coefficient between the heatpipe and the refrigerant. The 

theoretical value of C.O.P. is 8.11. By integrating the developed main parts the meso-

scale vapor compression refrigeration was developed. The system was designed to have 

the cooling capacity of 80 watt, the temperature of the heat source of 50℃, and the COP 

of 2 within the system size of 100x100x100 mm3. From the performance test the cooling 

capacity of 80 watt, the minimum temperature of the heat source of 46℃, and the COP of 

2.15 were achieved. For the developed system, the system identification using a black-

box model approach was conducted to design a controller. The PI controller and the 

robust controller were designed for the identified models and verified experimentally.  
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1 Introduction 

In a broad sense, the origin of the refrigeration dates back to the prehistoric ages 

when cultures would store food in cold place to prevent it from becoming rotten. In a 

modern sense, the beginning of the refrigeration will be the advent of the vapor 

compression refrigeration system invented by Oliver Evans in the early 1800s [1]. Since  

then this cooling method plays important role in the industries and also in homes. For 

decades, the small refrigeration system means at most the household refrigerators 

because the products developed in the industries are large or do not generate much heat. 

Through the end of 20
th
 century and the beginning of 21

st
, the sizes of the products, such 

as a computer, become much smaller and highly integrated, which requires smaller 

refrigeration system. The small refrigeration can be divided into two categories: the 

meso-scale and the micro-scale. Currently, the micro-scale cooling can only be adopted 

in the parts of meso-scale cooling system because the reducing the size of the whole 

refrigeration system down to micro size is very difficult. Meso-scale cooling system 

which has a size of few centimeters has many applications in cooling small sized 

products such as computers, fuel cells, LED, and military applications. Many 

researchers have been studied to develop a meso-scale refrigeration system with 

different techniques. Some of them are introduced in next chapter. 

 

1.1 Cooling techniques 

A small scale cooling can be divided into two major categories: a passive cooling 

and an active cooling. The difference between the passive cooling and the active cooling 
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is the existence of additional power.  

 

1.1.1 Passive cooling techniques 

A passive cooling means a cooling with a device which requires no additional 

power. Because there is no external energy input, the passive cooling devices usually 

have simple structure and very good efficiency. The heatsinks using natural convection, 

the heatpipes, and the thermosyphons are the device using passive cooling method. 

Among them, the heatpipes and the thermosyphons are operated in similar way. 

A heat sink only uses the natural convection between a heat sink and an ambient air 

to remove heat from the heat source. Because the heat transfer rate can only be 

controlled by the surface area of the heat sink which contacts with ambient air and the 

material of the heat sink, this method cannot be applied to the system with large heat 

dissipation.  

 

Fig. 1.1 Heat sink 

 

A heatpipe is a device of transferring heat from one point to other point by using a 

thermal conductivity and a phase transition. The heatpipe consists of a pipe made of 

well-conductive metal, working fluid suitable for the working condition of temperature, 



 

 

 

 

 

 

 3 

and a wick which exerts a capillary pressure to the working fluid in liquid phase. The 

working fluid which is commonly water or an ethanol evaporates at the higher 

temperature side which is close to the heat source and moves to the lower temperature 

side by the vapor pressure. At lower temperature side, the working fluid begins to 

condense after releasing a heat to the ambient. The liquefied working fluid moves to the 

higher temperature side through the wick by the capillary force. The modern concept of 

heatpipe that uses the capillary force is widely researched after suggested by R.S. 

Gaugler [2] and currently the heat transfer rate of the heatpipe is up to several thousand 

watts. However, to realize such heat transfer rate, the working fluid should be 

condensed well in the lower temperature side. This requires an additional active cooling 

system. 

 

Fig. 1.2 Heatpipe [3] 

 

1.1.2 Active cooling techniques 

As mentioned above, the passive cooling method has some advantageous points for 

the small scale cooling. However, it can only be used as an auxiliary device in the whole 

cooling system, because it has clear limitations such as low cooling capacity, 

uncontrollableness of the heat source temperature, and the necessity of the additional 
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cooling device. The active cooling method, in spite of its drawbacks such as additional 

power consumption and a relatively complex structure, is suitable for the small scale 

cooling because of its high cooling capacity and flexibility to the ambient temperature. 

For this reason, many researchers have been adopted the active cooling method for the 

small scale cooling. Most representative types of the active cooling methods in small 

scale cooling are listed below. 

The forced convection of air by the cooling fan is currently most widely used 

method in cooling small products including computers. The cooling fan is adopted for 

cooling of both the entire interior of the product and the particular location. Even for a 

narrow place such as a surface of CPU in a laptop computer, the heatpipe is combined to 

the cooling fan located in other place in the computer to transport heat. Though it is 

commonly used method, it has some disadvantages. The size of cooling fan is relatively 

large for its cooling capacity. Also, when the temperature difference between the heat 

source and the ambient air becomes smaller, the cooling capacity of the fan decreases.  

 

Fig. 1.3 cooling fan 

 

A thermoelectric coolers use the ‘thermoelectric effect’ of the ‘Peltier effect’ 

between two different materials for cooling. In a typical thermoelectric device, a 

junction is formed from two different conducting materials, one containing positive 
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charge carriers (holes) and the other negative charge carriers (electrons). When and 

electric current is passes in the appropriate direction through the junction, both types of 

charge carriers move away from the junction and convey heat away from the junction, 

thus cooling the junction. Because they are solid state devices with no moving parts, 

they can be made very small such as chip size and need little maintenance. In spite of 

the advantage in the size and the maintenance, TECs have critical problem in efficiency. 

Current conventional TECs have a coefficient of efficient (C.O.P.) less than 1, which 

means that W>Q. The maximum C.O.P. of the TEC is [4]: 

 

𝐶. 𝑂. 𝑃.𝑚𝑎𝑥=
𝑇𝑐 [(1 + 𝑍𝑇𝑚)

1
2⁄ −

𝑇ℎ
𝑇𝑐
⁄ ]

(𝑇ℎ − 𝑇𝑐) [(1 + 𝑍𝑇𝑚)
1
2⁄ + 1]

 

 

(1.1) 

 

 

where 𝑇ℎ and 𝑇𝑐 are the hot and cold side temperatures, respectively,  𝑇𝑚 is the mean 

temperature between hot and cold side, and 𝑍 is the figure of merit which is defined as 

[5]: 

𝑍 =
𝛼

𝜌𝑘
 

 

(1.2) 

 

where α is the Seebeck coefficient, 𝜌 is the electric resistivity, and 𝑘 is the thermal 

conductivity. Instead of figure of merit, 𝑍𝑇𝑚, which is a product of the figure of merit 

and the mean temperature between the hot side and the cold side is often used to 

represent the efficiency of TEC device. The C.O.P. of the TEC increases as ZTm 

increases. Besides these intrinsic factors, the C.O.P. also depends on the extrinsic factors 

such as a contact resistance between the TEC and the heat source or the heat sink and 
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the thermal resistance of the heat sink. Because the TEC have many advantages except 

the efficiency, many researchers have tried to increase the COP of TEC using the facts 

listed above [6- 12]. However, the C.O.P. is still around 1.   

 

 

Fig. 1.4 thermoelectric cooler [13] 

 

The vapor compression refrigeration system is most well-known refrigeration 

system since the Industrial Revolution. This type of refrigeration system is widely used 

in the applications which need a cooling from household refrigerator to an industrial 

machine. The vapor compression refrigeration system transfers the heat from the heat 

source to the ambient air by the phase change of the refrigerant. The refrigerant 

circulates through the processes shown in Fig. 1.5 by the compressor. At the evaporator, 

the refrigerant changes from the vapor-liquid mixture in low pressure and low 

temperature to the superheated vapor in low pressure and low temperature by absorbing 

the heat from the heat source. The refrigerant is pressurized at the compressor to be the 

superheated vapor in high pressure and high temperature, which make it easy to transfer 

heat from the condenser to the surroundings. The refrigerant loses a heat at the 

condenser changes from the superheated vapor in high pressure and high temperature to 

the subcooled liquid in high pressure and high temperature. At the expansion device, the 

refrigerant changes to the vapor-liquid mixture in low temperature and low pressure and 
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enters to the evaporator.  

 

 

Fig. 1.5 The schematic of the vapor compression refrigeration system 

 

The vapor compression refrigeration has high efficient compared to other cooling 

method. The efficient of the system depends on the property of the refrigerant, however, 

the C.O.P. is theoretically higher than 5 for most refrigerant and also higher than 3 in a 

practical system, which is much higher than that of the TEC mentioned above. The main 

obstacle to miniaturize the vapor compression refrigeration system is miniaturizing the 

compressor because it contains moving parts. The miniaturized compressor is more 

difficult to develop than conventional compressor for several reasons. The biggest 

problem is that the influence of the tolerance to the performance is more significant in 

the miniaturized compressor. With development of the miniaturized compressor, the 

vapor compression refrigeration will be a good alternative for the meso-scale cooling. 

Therefore many researchers have been tried to develop meso-scale refrigeration system 

[14-17]. 
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1.2 Objective and Scope 

In this dissertation, the meso-scale vapor compression refrigeration system 

(mVCRS) using R-123 as a refrigerant was developed. The remaining parts of the 

dissertation consist of following contents. In section 2, the design procedures of the 

whole refrigeration system and the components, such as an evaporator, a compressor, an 

expansion device and a condenser are explained. In section 3, the system identification 

using the black box model is presented. In section 4 and 5, the controllers are designed 

and verified experimentally. Finally, the conclusion of the dissertation is summarized in 

section 6. 
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2 Design and manufacturing of mVCRS 

2.1  Overview of the mVCRS 

The vapor compression refrigeration system developed in this study uses R-123 

as a refrigerant. The cooling capacity of the system is designed to be 80W. The cooling 

cycle is shown in Fig. 2.1 and the related properties are listed in Table. 2.1. Calculating 

the properties, the process during the compression is assumed as the isentropic process 

and the expansion process is assumed as an adiabatic expansion. 

 

 

 

Fig. 2.1 Vapor compression refrigeration cycle 
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Table 2.1 Thermal properties of the vapor compression cycle 

Properties Values  Properties Values 

𝑃𝑒𝑣𝑎𝑝 1.00  bar  ℎ1 397.74 kJ/kg 

𝑃𝑐𝑜𝑛𝑑  2.87  bar  ℎ2 414.57 kJ/kg 

𝑇𝑒𝑣𝑎𝑝 300.54  K  ℎ3 261.40 kJ/kg 

𝑇𝑐𝑜𝑛𝑑 333.16  K  ℎ4 261.40 kJ/kg 

 

Using the values listed in Table. 2.1 and the cooling capacity mentioned above, the mass 

flow rate of the refrigeration system can be calculated as follows. 

�̇� =
𝑄𝑒𝑣𝑎𝑝

ℎ1 − ℎ4
 

 

(2.1) 

 

where ṁ is the mass flow rate of the refrigerant, ℎ4 is the enthalpy of the refrigerant 

enters to the evaporator, ℎ1 is the enthalpy of the refrigerant discharges from the 

evaporator, and 𝑄𝑒𝑣𝑎𝑝 is the cooling capacity of the system. By inserting the values in 

Table. 2.1, �̇� is calculated to be 0.58 g/s 

The theoretical C.O.P. of the refrigeration system obtained from the cooling cycle 

is, 

𝐶. 𝑂. 𝑃.=
𝐻𝑒𝑎𝑡 𝑎𝑏𝑠𝑜𝑟𝑝𝑡𝑖𝑜𝑛

𝑊𝑜𝑟𝑘 𝑖𝑛𝑝𝑢𝑡
=
ℎ1 − ℎ4
ℎ2 − ℎ1

 

 

(2.2) 

 

The theoretical of C.O.P is 8.1, however, the actual C.O.P. will be much lower than this 

value. The developed meso-scale vapor compression refrigeration system is presented in 
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Fig. 2.2. The system consists of 4 main parts: the evaporator, the compressor, the 

condenser, and the expansion nozzle. Each part is stacked together with other parts. The 

compressor which is a rotary vane type is located at the top because the motor should be 

mounted on it. In the condenser, the heatpipe is adopted to transfer heat to the ambient 

air. To satisfy the heat transfer rate at the condenser, 3 heatpipes are used. Because the 

temperature difference between the evaporator and the condenser is highest in this 

system, the insulation layer made of a ceramic is located between them. The evaporator 

consists of dozens of parallel channels with lateral gaps of which dimensions are 

optimized by the experiments. The requirements of the system are listed in the Table. 

2.2. 

 

Fig. 2.2 Exploded view of the mVCRS 
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Table 2.2 Requirements of the meso-scale vapor compression refrigeration system 

Parts Requirements Values 

Whole  

system 

Dimension 60×60×100 mm 

Cooling capacity 80 W 

Temperature of the heat source 50 ℃ 

Actual C.O.P. 2  

Evaporator 
Dimension 60×60×100  

Temperature of the heat source 50 ℃ 

Compressor 

Dimension 60×60×100  

Pressure ratio 2.87  

Intake volume flow rate 8.95×10
-5

 m
3
/s 

Expansion 

nozzle 

Dimension 60×60×100  

Superheat of the evaporator 1 ℃ 

Condenser 
Dimension 60×60×100  

Heat dissipation 90 W 

 

2.2  Development of a micro channel evaporator 

Developing the evaporator is a starting point of the refrigeration system. The heat 

transfer rate of the evaporator is a standard for the other parts of the system such as a 

compressor and a condenser. Because the micro-channel type heat exchanger is 

effective to transfer large amount of heat in a small area, many researches have been 

conducted on it [18-23]. However, the boiling heat transfer in the micro-channel 

evaporator is complicated phenomena to design it theoretically. In this study, the shape 
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of the micro-channel evaporator is designed by experiments. To design the robust 

evaporator to the change of the operating conditions, the Taguchi methodology [24] is 

adopted as an optimization method. The procedure of the Taguchi method is explained 

below. 

The design of experiment methodology which is called Taguchi methodology is a 

robust optimal design methodology to find optimal values of design parameters which 

enable to maintain the best performance regardless of the external condition. The 

procedure of DOE is as follows [25]; 

(1) Identifying the objectives: In the first step of the DOE, identifying a specific 

objective is important. In this paper, the objective is an optimal design of the 

evaporator regardless to the heating power for maximizing the heat transfer 

coefficient. 

(2) Determining the quality characteristic: The characteristic of quality is classified 

into 3 types; nominal-the-best, smaller-the-better, and larger-the-better. In this 

paper, the objective is maximizing the heat transfer coefficient, therefore it is a 

larger-the-better problem. 

(3) Selecting the controllable factors and noise factors: The selection of factors to 

be tested for their influence on the quality characteristic is one of the most 

important procedures in DOE methodology. Careless selection of controllable 

factors and noise factors lead to false conclusion. After selecting the factors, 

their desired number of levels is determined. In this paper, the controllable 

factors are number of lateral gap, channel width, and lateral gap size and the 

noise factor is a heating power. All controllable factors are three levels to 

determine the optimal value. 

(4) Selecting an orthogonal array: The exhaustive search of the optimal value 
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requires the experiment of all combination of the factor levels under study. 

Orthogonal arrays provide smaller, less costly experiments. For example, a 

study involving 13 factors at three levels each would require 313 = 1,594,323 

experiments with exhaustive search, while it would require only 27 

experiments with L27 (313) orthogonal array. 

(5) Conducting the experiment and analysis: The analysis of experiment relates to 

calculations for converting raw data into the representative signal-to-noise ratio 

(S/N ratio). By including the impact of noise factors on the process or product 

as the denominator, the S/N ratio can be adopted as the index of the system’s 

ability to perform well regardless of the effects of noise. In this paper, optimal 

values of the factors to maximize the heat transfer coefficient in the evaporator 

regardless of the heating power was determined. 

 

2.2.1 Problem definition 

The performance of the evaporator is evaluated by using the heat transfer 

coefficient and the pressure drop. Ideally, inside the evaporator, the pressure should be 

kept constant throughout the procedure; it was found that the pressure drop is not 

significant during the pre-tests and this can be seen in Fig. 2.3 which shows that the 

difference in pressure drop between the evaporators, for each heating power, is less than 

0.02 bar. This is much lower than 1 bar, which is the pressure of the evaporator outlet. 

In this experiment, the pressure drop was therefore not used to determine optimal design 

parameters and so only the heat transfer coefficient was used for optimizing the design 

of the evaporator.  
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Fig. 2.3 Pressure drop in the micro evaporator 

 

As just stated the heat transfer coefficient was selected as the objective value for 

optimizing the design and the heat transfer coefficient of the evaporator is defined as 

follows: 

ℎ =
𝑞ℎ

𝑇𝑤 − 𝑇𝑟
 

 

(2.3) 

 

where  𝑞ℎ is the heat flux from the wall of the evaporator, which is 1.48×10
-5

 W/m
2
 

for the heating power of 80W, and 𝑇𝑤 and  𝑇𝑟 are temperatures of the wall and the 

refrigerant, respectively. However, as it is not possible to measure these 𝑇𝑤 and 𝑇𝑟 

directly in the experiment the heat transfer coefficient has been calculated based on the 

relation from the values that can be measured from the experiment.  

𝑇𝑤 can be calculated by using the 1D heat transfer equation from the heater to the 

evaporator: 
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𝑇𝑤 = 𝑇ℎ −
𝑞ℎ𝑡

𝑘𝑎𝑙
 

 

(2.4) 

 

where 𝑇ℎ is the temperature of the heater, 𝑡 is thickness of the evaporator, which is 

0.5 mm, and kal is the conductivity of aluminum, which is 237 W/m∙K. By inserting 

the parameter values  𝑇ℎ − 𝑇𝑤 = 0.312℃ is obtained, so it can be assumed that Tw 

and 𝑇ℎ are approximately the same value. 

Since the refrigerant is supplied in a sub-cooled state, the evaporator can be 

divided into two regions: an upstream sub-cooled region and a downstream saturated 

region. The area that the sub-cooled refrigerant occupies can be calculated by the energy 

balance equation: 

𝐴𝑠𝑢𝑏 =
�̇�𝐶(𝑇𝑠𝑎𝑡 − 𝑇𝑖𝑛)

𝑞ℎ
 

 

(2.5) 

 

where 𝐴𝑠𝑢𝑏 is the area of subcooled liquid inside the evaporator, Ṁ is the mass flow 

rate of refrigerant, which is 0.72 g/s, 𝐶 is specific heat of the refrigerant, which is 

0.965 kJ/kg∙K for the liquid state, Tsat is the saturation temperature of the refrigerant, 

which is 27.85℃ for 1.013 bar, Tin is the temperature of the refrigerant at the inlet, 

which is 25℃. By inserting the parameter values, the area of the sub-cooled region is 

obtained as 1.34×10
-5

 m
2
. Also, the area of the total region inside the evaporator, 

measured by a CAD program, has been calculated to be 1.72×10
-3

 m
2
 for the minimum 

case. Therefore, the ratio of the sub-cooled area to the total area is 7.79×10
-3

, which 

means that the saturated vapor occupies more than 99% of the total area of the 

evaporator so it can be assumed that the temperature of the refrigerant is the same as the 

temperature of the saturated gas (𝑇𝑤 ≈ 𝑇𝑠𝑎𝑡). Then the relation between the objective 
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value and the measured values is determined by using: 

ℎ′ =
𝑞ℎ

(𝑇ℎ − 𝑇𝑠𝑎𝑡)
 

 

(2.6) 

 

The objective of this research is to find the optimal parameter set, to maximize h, which 

is a modified heat transfer coefficient.  

Three parameters were selected to be optimized, namely the number of gaps, the 

channel width and the lateral gap size. A graphical explanation of each parameter is 

shown in Fig. 2.4. From practical constraints, the height of the fin was fixed as 1 mm 

and the width, the length, and the height of the evaporator were fixed as 50 mm, 50mm, 

and 1.5mm, respectively.  

 

Table 2.3 Design parameters at the various levels 

 Level 1 Level 2 Level 3 

a 

(Number of gaps) 
2 3 4 

b 

(Channel width) 
0.2 mm 0.35 mm 0.5 mm 

c 

(Lateral gap size) 
0.5 mm 0.75 mm 1.0 mm 
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Fig. 2.4 Definition of the design parameters 

 

The candidates for the design parameters are shown in Table 2.3. To select the 

best parameter set, nine experiments were conducted using the L9(3
4
) orthogonal array. 

[24] The power of the heater is selected as a noise factor and the orthogonal array is 

presented in Table 2.4. Along the L9(3
4
) orthogonal array, nine evaporators, made of 

aluminum, were manufactured as shown in Fig. 2.5.  

 

Table 2.4 L9(3
4
) orthogonal array 

Experiment 

number 

Design parameters 

a b (mm) c (mm) 

1 2 0.2 0.5 

2 2 0.35 0.75 

3 2 0.5 1.0 

4 3 0.2 0.75 

5 3 0.35 1.0 

6 3 0.5 0.5 

7 4 0.2 1.0 

8 4 0.35 0.5 

9 4 0.5 0.75 

Lateral gap size (c)

Channel width (b) 

Refrigerant flow 

direction

Number of gaps (a)

Lateral gap size (c)

Channel width (b) 

Refrigerant flow 

direction

Number of gaps (a)
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Fig. 2.5 Pictures of the micro-evaporators constructed for the experimental studies 

 

2.2.2 Experiment 

As shown in Fig. 2.6, the experimental apparatus included in the optimization of 

the micro evaporator comprises the refrigerant transfer part, the test section, the camera 

and the collecting container. The transfer part was composed of a gas pump with a 

pressure vessel, a flow meter and a flow control valve. The test section is shown 

schematically in Fig. 2.7 and comprises Pyrex glass, a micro evaporator chamber and 

ceramic heater stacked between PEEK housings. A Teflon gasket and an O-ring seal 

were used to ensure a leak-proof contact between the Pyrex glass, the evaporator and the 

ceramic heater. The thicknesses of the Pyrex glass, the evaporator, the ceramic heater 

and the gasket were 1, 1.5, 1 and 2 mm, respectively. To ensure constant heat with 

respect to time, the ceramic heater was energized by a DC power supply, which could be 

regulated in the ranges 0-30V and 0-10A. The temperature of the heater was measured 
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by a Resistance Temperature Detector (RTD) which was attached at the bottom of the 

ceramic heater. At the inlet and the outlet of the evaporator, pressure and differential 

pressure transducers and two type-K thermocouples have been used to measure the 

pressure and temperatures of the refrigerant, respectively. A high speed camera (having 

a maximum frame rate of 10,000 fps) was used to observe the flow of the refrigerant 

inside the evaporator at 1,000 fps as this gave sufficient resolution for the experiments 

performed. The condition of the refrigerant at the inlet is shown in Table 2.5.  

 

Fig. 2.6 Experimental apparatus for the flow visualization in the evaporator 

 

 

Fig. 2.7 Test section 
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Table 2.5 Operating conditions of the experimental setup 

Refrigerant 

 

Inlet temperature 

(℃) 

Inlet pressure 

(bar) 

Mass flow rate 

(g/s) 

Power of heater 

(W) 

R-123 25 1.0 0.72 40, 60, 80 

 

2.2.3 Result 

Along the L9(3
4
) array, shown in Table 2.6, nine sets of experiments were 

conducted and the temperature of the heater was measured in each case. Eq. 2.6 and the 

parameter values mentioned above have been used to calculate the heat transfer 

coefficient and the S/N ratio (Signal-to-Noise ratio) was also calculated to analyze the 

sensitivity of the parameters regardless of noise factor. Since the heat transfer 

coefficient was expected to be high at the optimized evaporator, a larger-the-better S/N 

ratio was selected where the larger-the-better S/N ratio is defined as follows: 

𝑆/𝑁 = −10𝑙𝑜𝑔
|∑ 1/𝑦𝑖

2𝑛

𝑖=1
|

𝑛
 

 

(2.7) 

 

where 𝑦𝑖  is the measured output and 𝑛  is the number of the experiments. By 

performing the sensitivity analysis shown in Fig. 2.8, the intermediate optimal 

parameter set for the 3 gaps considered, led to the channel width of 0.5 mm and lateral 

gap size of 0.5 mm being identified as the best with a corresponding S/N ratio of -

37.78dB, -36.86dB, -37.09dB, respectively. Among the three parameters, the channel 

width was determined to be the most sensitive parameter to the heat transfer coefficient. 

Although the best parameter set corresponded with the 6th evaporator, further 

experiments should be conducted to obtain the optimal evaporator overall.  
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Table 2.6 Intermediate experimental results 

Experiment 

number 

𝑇ℎ (C) h (W/𝑐𝑚2𝐾) 
S/N ratio (dB) 

40W 60W 80W 40W 60W 80W 

1 50.1 94.2 140.1 0.250 0.126 0.099 -41.03 

2 41.5 59.7 108.1 0.407 0.262 0.139 -31.89 

3 41.9 52.4 83.2 0.395 0.339 0.201 -25.88 

4 65.7 104.0 135.2 0.147 0.109 0.104 -43.10 

5 42.5 59.0 115.3 0.379 0.268 0.127 -33.19 

6 41.9 50.6 71.0 0.395 0.366 0.258 -22.66 

7 53.4 92.7 139.3 0.217 0.129 0.100 -41.07 

8 40.5 54.7 88.5 0.439 0.310 0.183 -27.16 

9 48.8 72.4 145.9 0.265 0.187 0.094 -39.49 

 

 

Fig. 2.8 Sensitivity analysis for each design parameter 

 

Based on the intermediate result, the second stage of experiments was designed 

where the channel width and the lateral gap size were modified. Because the tendency 

of the lateral gap size showed a bi-directional increase with a minimum at a gap size of 

0.75mm, two sets of L4(2
3
) orthogonal array were used, as shown in Table 2.7.  
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The sensitivity analysis can be conducted again with the S/N ratio for the second 

stage but the final optimal S/N ratio, and the intermediate optimal S/N ratio have a 

difference of 6.68 dB, and the deviation of the second stage of experiment is 6.16 dB, 

which is much lower than the value at the first stage of the experiment, namely, 20.44 

dB. This means that the heat transfer coefficient has almost reached the maximum at the 

second experimental stage, and the sensitivity analysis here is meaningless. Therefore, it 

can be decided that the result of the second stage experiments yields the optimal 

parameter set to maximize the heat transfer coefficient. Assuming this, the optimized 

evaporator can be concluded with the combination of variables having smallest S/N 

ratio, as presented in Table 2.8, which are 3 gaps, channel width of 0.5mm, and lateral 

gap size of 1.25mm. 

 

Table 2.7 L4(2
3
) orthogonal array for the second stage of experiments 

Experiment 

number 

Design parameters 

a  b (mm) c (mm) 

2-1 3 0.5 1.0 

2-2 3 0.5 1.25 

2-3 3 0.65 1.0 

2-4 3 0.65 1.25 

    

2-5 3 0.5 0.25 

2-6 3 0.5 0.5 

2-7 3 0.65 0.25 

2-8 3 0.65 0.5 
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Table 2.8 Final experimental results 

Experiment 

number 

𝑇ℎ (C) h (W/cm
2
K) 

S/N ratio(dB) 
40W 60W 80W 40W 60W 80W 

2-1 41.0 48.3 62.1 0.423 0.408 0.324 -19.52 

2-2 39.8 46.1 53.7 0.465 0.457 0.430 -15.98 

2-3 41.0 47.9 56.3 0.423 0.416 0.391 -17.89 

2-4 40.1 46.8 54.1 0.454 0.440 0.423 -16.50 

        

2-5 44.2 52.8 62.7 0.340 0.334 0.319 -22.14 

2-6 41.4 48.1 59.1 0.410 0.412 0.356 -18.85 

2-7 40.4 47.5 58.3 0.443 0.424 0.365 -18.01 

2-8 40.6 47.1 53.8 0.436 0.433 0.428 -16.78 

 

2.2.4 Flow visualization 

During the experiments performed to obtain the optimal design of the evaporator, 

observations of the flow of refrigerant inside the evaporator were conducted by using a 

high speed camera, located above the test section, for 0.5 seconds at 1,000 fps. Through 

the flow visualization, it was seen that the flow pattern of the refrigerant depended on 

the power of the heater and the values of the design parameters. 

Fig 2.9 shows photographs of the refrigerant flow of the No. 6 evaporator in the 

intermediate experiment at 40W where the photographs (a) through (e) show that a 

periodic change of flow regime occurs along the following lines:  

(1) An elongated vapor slug of refrigerant occupies the channel and the lateral gap 

(see Fig. 2.9 (a)).  

(2) The liquid refrigerant flushes into the channel and fills the channel (see Fig. 2.9 

(b)).  
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(3) The wall-nucleating bubbles are generated at the channel wall (see Fig. 2.9 (c)).  

(4) The bubbles are confined by the channel wall and coalesce with other bubbles 

to form a vapor slug (see Fig. 2.9 (d)).  

(5) The vapor slugs merge together and become an elongated vapor slug (see Fig. 

2.9 (e)) and the process is repeated.  

This periodic change is caused by a local increase of pressure drop across the 

channel and as the vapor slug grows, the pressure drop at that position increases. When 

the pressure drop reaches a threshold value, the vapor slug is swept away by the liquid 

refrigerant.  

Fig 2.10 shows photographs of the refrigerant flow of the 6
th
 evaporator at 80W 

where the periodic change of flow regime also occurs, however, it is different from that 

at 40W in the following aspects. 

(1) The photograph is a flow regime before the liquid refrigerant flushes into the 

channel. The flow regime is an annular flow although it seems to be the 

elongated vapor slug, as shown in Fig.2.9 (a). If it is an elongated vapor slug, it 

will move to the outlet when the liquid flushes into the channel but the vapor 

does not move and the liquid flow along the liquid film at the wall of the 

evaporator (see Fig. 2.10 (b), and (c)).  

(2) The period of the change reduces from 120 ms to 43 ms.  

(3) As shown in Fig. 2.10 (d), the nucleation occurs in the thin liquid film on the 

channel wall. 

Fig. 2.11 (a) and (b) show the photographs of the refrigerant flow of the 4
th
 

evaporator at 40W and 80W, respectively where it can be seen that the periodic change 

of flow regime is not observed. At 40W, the liquid film of refrigerant is formed on the 

wall of the channel and the gap so that the nucleation on the wall occurs only in the gap 



 

 

 

 

 

 

 26 

side of the channel (see Fig. 2.11 (a)). At 80W, the dryout of the refrigerant occurred 

inside the evaporator, so the flow of refrigerant is not observed (see Fig. 2.11 (b)). 

 

 

 

 

(a) t=0ms                (b) t=10 ms                (c) t=50 ms 

 

(d) t=80 ms               (e) t= 120 ms 

Fig. 2.9 Periodic change of flow pattern in the 6th evaporator at 40W 
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(a) t=0                  (b) t=10ms                (c) t=20ms     

 

(d) t=30ms            (e) t=43ms 

Fig. 2.10 Flow pattern of the 6th evaporator at 80W 

 

 

(a) 40W                 (b) 80W 

Fig. 2.11 Flow patterns of the 4th evaporator at 40W and 80W 

 



 

 

 

 

 

 

 28 

2.3  Development of a meso-scale compressor 

2.3.1 Selecting the type of the compressor 

Developing a meso-scale compressor is a keystone of developing a meso-scale 

vapor compression refrigeration system. To develop a meso-scale compressor, some 

points different from the macro-scale compressor should be considered. First, the 

compressor should have simple structure. The compressor with complex shaped parts is 

difficult to be manufactured in meso-scale. Firstly, the structure of the compressor 

should be simple enough to be manufactured in meso-scale. Secondly, the range of the 

flow rate and the pressure ratio of the compressor should be suitable for the meso-scale. 

Finally, the structure should be easy to reduce the internal leakage. With these criteria, 

the suitable type of compressor for the meso-scale was selected among the conventional 

compressor. Conventional compressors in macro-scale can be divided into two main 

categories: dynamic compressors and positive displacement compressors.  

The dynamic compressor uses the momentum of the fluid which is increased by the 

rotating device in a continuous flow to increase the pressure. There are little fluctuation 

in the flow rate and vibration, because the flow in continuous. However this type of 

compressor cannot guarantee to perform high pressure at low flow rate. The centrifugal 

compressor is one of the most popular one among them.  

The positive displacement compressor uses the change of the volume where the 

fluid trapped in to increase the pressure. This type of compressors can perform high 

pressure ratio at low flow rate, however the fluctuation of the flow rate and the vibration 

is relatively high. There are reciprocating compressors, screw-type compressors, vane-

type and rotary lobed compressors, scroll compressors in the positive displacement 
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compressors. 

A centrifugal compressor consists of high speed rotating bladed impeller and fixed 

diffuser with exit guide vanes. This type of compressor has many advantages such as 

low vibration and low maintenance requirement resulting from the absence of the 

friction parts, but also has a disadvantages adversely affected at small scales by a low 

compression ratio for high rotating speed. Furthermore, in order to maintain 

aerodynamic efficiency of a centrifugal compressor, the blade and vane height has to be 

linearly scaled with the mass flow rate. Hence, lower mass flow rate may require short 

blade/vane heights, which lead to large relative frictional losses.  

 

 

Fig. 2.12 centrifugal compressor [26] 

 

Reciprocating compressor contains a piston-cylinder arrangement as in internal 

combustion engines. This type of compressor can perform high pressure at low flow rate 

and have high efficiency. Therefore it is suitable for the application requiring high load. 

However, the piston in a typical reciprocating compressor produces a large unbalanced 

force causes several problems such as the high maintenance requirement, the vibration, 
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and the fluctuation in the flow rate at the outlet. MEMS design of this type of 

compressor exists that improve the reliability with characteristic compression ratio of 

1.5. However, mass flow rate is too small to be useful for meso-scale vapor compression 

refrigeration system. [27] 

 

 

Fig. 2.13 reciprocating compressor [28] 

 

The screw compressor squeezes the gas trapped in two helical screws. The main 

component of a screw compressor is a cylindrical element with multiple helical grooves 

that run around the curved cylindrical surface for the full length of the cylinder. The 

screw compressor requires no internal lubrication which result in easy maintenance and 

generates little fluctuation and vibration. However, it is very difficult to manufacture the 

helical screw which can be applicable to the meso-scale vapor compression refrigeration 

system.  

 

 



 

 

 

 

 

 

 31 

 

 

Fig. 2.14 screw compressor [29] 

 

 

The scroll compressor consists of the fixed scroll and the rotating scroll which 

assembled in 180-degree. As the crank shaft rotates, the crescent-shaped pressure 

chamber located between the rotating scroll and the fixed scroll shrinks and the gas is 

pressurized. The gas transported to the center of the fixed scroll during the pressurizing 

process discharges through the discharge port located there. The advantages of the scroll 

compressor are little fluctuation and vibration. In addition, this compressor does not 

need the intake valve and the discharge valve. However, the scroll compressor is not 

suitable for the meso-scale refrigeration system because the thin wall of the scroll will 

much thinner. This fact results in two problems: hard manufacturability and leakage.  
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Fig. 2.15 scroll compressor [30] 

 

 

Vane type rotary compressor fall under two distinct categories: fixed vane (or 

rolling piston) compressors and sliding vane compressors. In both designs, the rotor is 

located eccentric with respect to a round casing. In a fixed vane compressor, a spring 

loaded vane mounted to the casing and slides in and out while contacting an eccentric 

rotor. In a sliding vane compressor, one or more sliding vanes slide in and out of a 

rotating eccentric rotor that rotates inside a cylinder. As the eccentric rotates, these 

vanes compress the gas or vapor trapped between them. Compared to other types of 

compressor, the rotary vane compressor has less fluctuation and vibration than the 

reciprocating compressor and the possibility of leakage is less than the scroll 

compressor. Also it is easy to miniaturize because of its simple structure. 
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Fig. 2.16 Rolling piston type compressor [31] 

 

In the fixed vane type, the axis of the rotor is eccentric to the axis of the motor. In 

the sliding vane type, the axis of the rotor is concentric to the axis of the motor. When 

the rotor rotates eccentrically, it is difficult to control the clearance between the rotor 

and the cylinder, which causes the leakage. Therefore in this paper, the sliding vane type 

rotary compressor was selected for the meso-scale vapor compression refrigeration 

system. 

 

2.3.2 Overview of the rotary vane compressor 

The compressor consists of 4 main parts: The cylinder, the rotor, the intake and 

discharge port, and the vane. The axes of the rotor and the cylinder are eccentric and the 
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rotor rotates concentrically along its axis. The vanes are located inside the slits of the 

rotor and slides in and out while the rotor rotates. The spaces between the rotor and the 

cylinder which is divided by the vanes are the pressure chamber. A gas trapped in the 

pressure chamber pressurized as the volume of the pressure chamber reduces.  

 

 

Fig. 2.17 Schematic of the rotary vane compressor 

 

 

Fig. 2.18 Conventional rotary vane compressor (Becker, D-42279) 

 



 

 

 

 

 

 

 35 

The procedure of pressurizing the gas is illustrated in Fig. 2.19. When the vane 1 

reaches to the starting point of the inlet port, the gas inflows from the inlet port to the 

chamber 1 which is enclosed by the rotor, the cylinder, and the vane 1. The gas 

continues flowing into the chamber 1 until the vane 4 passes through the end point of 

the inlet port and the gas in the chamber 1 becomes pressurized. The discharge of 

pressurized gas in the chamber 1 starts as the vane 1 reaches to the starting point of the 

discharge port.  

 

(a) start of the intake         (b) end of the intake       c) start of the discharge 

Fig. 2.19 Operating procedure of the rotary vane compressor 

 

2.3.3 Related equations 

Volumetric change of the pressure chamber 

 

The pressure ratio of the rotary vane compressor can be calculated from the ratio of 

the intake and the discharge volume by the isentropic equation. 

γ =
𝑃𝑜𝑢𝑡
𝑃𝑖𝑛

= (
𝑉𝑖𝑛
𝑉𝑜𝑢𝑡

)
𝑘

 

 

(2.8) 
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where  𝛾 is the pressure ratio, 𝑃𝑖𝑛 is the intake pressure, 𝑃𝑜𝑢𝑡  is the discharge pressure, 

𝑉𝑖𝑛 is the intake volume, 𝑉𝑜𝑢𝑡 is the discharge volume, and 𝑘 is the specific heat ratio 

of the refrigerant. The intake volume is fixed by the geometric parameters, such as the 

diameter of the cylinder, the height of the cylinder, the diameter of the rotor and the 

number of the rotor. As shown in Eq. 2.8, the discharge volume can be decided by the 

intake volume, the specific heat ratio and the required pressure ratio. Also, the volume 

change of the pressure chamber during the compression process can be represented as 

follow.[32] 

𝑉 = ℎ∫ [[−𝑒 𝑐𝑜𝑠 𝜃 + √−(𝑒 𝑠𝑖𝑛 𝜃)2 + 𝑅2] − 𝑟2] 𝑑𝜃
𝛼+𝛽

𝛼

 

 

(2.9) 

 

where h is the height of the cylinder, e is the eccentricity of the rotor and the cylinder, 

R is the radius of the cylinder, r is the radius of the rotor, α is the rotating angle of 

the rotor, and β is the angle between the vanes. The geometrical representation of the 

above variables is depicted in Fig. 2.20. 

 

Fig. 2.20 Geometric representation of the variables of the rotary vane compressor 
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Vane dynamics 

 

During the compression process, the vane should be contacted with the inner wall 

of the cylinder to prevent the internal leakage. To make the vane always contact with the 

cylinder, the reactive normal force acting on the vane should be designed to be greater 

than zero through the vane dynamics. The forces acting on the vane during the rotation 

is depicted in Fig.2.21. 

 

 

Fig. 2.21 Forces acting on the vane 

 

The equilibrium of the forces and the moments are as follows.[33] 

𝐹𝑝𝑏 + 𝐹𝑎 − 𝜇(𝐹𝑙 + 𝐹𝑟) − 𝐹𝑠𝑙 − 𝐹𝑠𝑟 − (𝐹𝑣)𝑛 = 0 

 

(2.10) 

𝐹𝑟 + 𝐹𝑐 + 𝐹𝑝 − 𝐹𝑙 + (𝐹𝑣)𝑡 = 0 

 

(2.11) 
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𝐹𝑐𝑙𝑣 + 𝐹𝑝(𝑋(𝜃) + 𝑙𝑣) +
𝑡𝑣
2
(𝐹𝑠𝑟 + 3𝐹𝑠𝑙) − 𝐹𝑝𝑏𝑡𝑣 − 𝐹𝑙𝑙𝑣 − 𝐹𝑎𝑡𝑣 + 𝑡𝑣(𝐹𝑣)𝑛 + 2𝑙𝑣(𝐹𝑣)𝑡 = 0 

 (2.12) 

Also,  

(𝐹𝑣)𝑡
(𝐹𝑣)𝑛

=
𝑠𝑖𝑛(𝛽 − 𝛼)

𝑐𝑜𝑠(𝛽 − 𝛼)
 

 

(2.13) 

 

𝛼 = 𝑠𝑖𝑛−1 (
−𝑒 𝑠𝑖𝑛 𝜃

𝑅
) 

 

(2.14) 

𝛽 = 𝑡𝑎𝑛−1 𝜇𝑠 

 

(2.15) 

 

Because there are four equations and four variables, the reactive normal force acting on 

the vane can be derived.  

 

Leakage loss 

 

The internal leakage of the refrigerant occurs through the clearances inside the 

compressor during the compression process. Such internal leakage lowers the 

volumetric efficiency and discharge pressure of the compressor. The internal leakages 

are depicted in Fig. 2.22.  
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Fig. 2.22 paths of the internal leakages 

 

The leakage through the passage (1) occurs when the rotor does not contact with 

the wall of the cylinder. The passage (2) is a clearance between the rotor and the 

cylinder. This passage is the most significant path because it is a direct route from the 

discharge port and the intake port. The passage (3) and (4) is clearances caused by the 

differences between the heights of the rotor and the vanes and the cylinder. 

The leakage through the clearance can be treated as a mass flow rate in a typical 

convergence-divergence nozzle and can be calculated by the following equation.[34] 

�̇�𝑙𝑒𝑎𝑘𝑔𝑒 = 𝐴𝑝1√
2𝑘

𝑅𝑇1(𝑘 − 1)
[(
𝑝2
𝑝1
)

2
𝑘⁄

− (
𝑝2
𝑝1
)

(𝑘+1)
𝑘⁄

]

̇

 

 

 

(2.16) 

 

 

where �̇�𝑙𝑒𝑎𝑘𝑔𝑒 is the mass flow rate through the nozzle, 𝐴 is the cross sectional area 

of the nozzle, 𝑝 is the pressure, 𝑇 is the temperature, 𝑘 is the ratio of the specific heat, 

𝑅 is the gas constant, and the subscripts 1,2 denote the low pressure side and the high 
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pressure side, respectively. Due to the leakage of the refrigerant through the internal 

clearance, the loss in the discharge pressure occurs as mentioned above. The pressure 

loss can be calculated as follows.[32] 

𝑀𝑐 = 𝑀𝑐,𝑖 −∫ ∑�̇�𝑙𝑒𝑎𝑘𝑎𝑔𝑒𝑑𝑡
𝑡

0

 

 

(2.17) 

𝜌𝑐 =
𝑀𝑐

𝑉𝑐
 

 

(2.18) 

𝑝𝑐 = 𝑝𝑠 × (
𝜌𝑐
𝜌𝑠
)
𝑘

 

 

(2.19) 

 

where 𝑀𝑐 is an actual mass of the refrigerant in the pressure chamber regarding the 

leakage, 𝑀𝑐,𝑖 is an ideal mass of the refrigerant in the pressure chamber, 𝜌𝑐 is the 

actual density of the refrigerant in the pressure chamber regarding the leakage, 𝑉𝑐 is the 

volume of the pressure chamber, 𝑝𝑠 is the suction pressure, 𝜌𝑠 is the density of the 

refrigerant at the end of the intake.  

 

Friction loss 

 

When the compressor operates, the friction losses occur at the moving parts such as 

the vanes, the rotor, and the bearings. The sum of the friction losses are as follows. 

  

𝐿𝑜𝑠𝑠𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 = 𝜇𝑠𝑛𝐹𝑠𝑛�̇� + 𝜇𝑛𝐹𝑛𝑟(𝜃)𝜔 + 𝜇𝑝1𝐹𝑝𝑟1̅𝜔 + 𝜇𝑝2𝐹𝑝𝑟2̅𝜔 + 𝐿𝑜𝑠𝑠𝑏𝑒𝑎𝑟𝑖𝑛𝑔 (2.20) 

  

where 𝜇𝑠𝑛 is the friction coefficient between the rotor and the vane, 𝐹𝑠𝑛 is the normal 

force acting on the rotor by the vanes, �̇� is the velocity of the vanes, 𝜇𝑛 is the friction 
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coefficient between the cylinder and the vane, Fn is the force acting on the cylinder by 

the vanes, r(θ) is the distance between the center of the rotor and the vane tip, ω is 

the angular velocity of the rotor,  𝜇𝑝1 is the friction coefficient between the pressure 

plate and the rotor,  𝜇𝑝2 is the friction coefficient between the pressure plate and the 

vanes, Fp is the force acting on the vane and the rotor by the pressure plate, r1̅, r2̅ are 

the mean radii of the rotor and the vane. The First term represents the friction loss 

between the side of the vanes and the rotor. The second term represents the friction loss 

between the vane tip and the cylinder. The third and fourth terms represent the friction 

loss between the pressure plate and the rotor and the vane. The last term represents the 

friction loss in the bearings.  

 

2.3.4 Design of the meso-scale rotary vane compressor 

The CAD model of the developed meso-scale rotary vane compressor is shown in 

Fig. 2.23. As shown in the figure, the compressor consists of the rotor, the vane, the 

shaft, and the housing.  
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Fig. 2.23 Exploded view of the compressor 

 

The procedure of designing the rotary vane compressor is as follows. 

(1) Deciding the dimensions: the dimensions of the parts such as the diameter of 

the cylinder and the rotor are designed regarding the requirements of the 

compressor mentioned in the section 2.1. 

(2) Selecting the materials: the materials of the parts are selected to reduce the 

friction.  

(3) Calculating the spring constant: the spring constant of the vane spring is 

calculated to guarantee the contact between the vane and the cylinder for the 

low rotating speed.  

(4) Selecting the motor: the required torque and rotating speed of the motor are 

selected for the conditions designed above. 

(5) Deciding the clearances: the clearances between the parts are decided to 
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minimize the internal leakage regarding the thermal expansion of the parts. 

 

Deciding the dimensions 

In this chapter, the dimensions of the parts of the compressor are designed 

according to the requirements of the compressor mentioned in section 2.1. For 

convenience, the requirements of the compressor are listed again in Table 2.9. As 

mentioned before, the parts of the compressor are the cylinder, the rotor, the vanes, the 

intake port, discharge port, and the shaft. The design parameters of the parts are listed in 

Table 2.10. 

 

Table 2.9 Requirements and constraints of the compressor 

Requirements  Dimensional constraints 

Pressure ratio 2.87  Width  60  mm 

Discharge pressure 2.87      bar   Length 60  mm 

Volume flow rate 8.95x10
-5   

m
3
/s  Height  40  mm 

 

Table 2.10 Design parameters of the parts of the compressor 

Parts Design parameters Parts Design parameters 

Cylinder 
Inner diameter 

Height 

Intake & 

Discharge port 

Intake finish angle 

Discharge start angle 

Rotor 

Diameter 

Eccentricity  

Height 

Depth of the vane slit 

Number of vane slit 

Vane 

Thickness 

Height 

Length 

Shaft Diameter 
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Among the design parameters, the heights of the cylinder, the rotor, and the vanes 

which are the same values and the inner diameter of the cylinder were decided 

considering the dimensional constraints of the overall compressor. The thickness of the 

vane is decided to the minimum size for attaching the spring. The diameters of the rotor 

and the shaft were determined considering the arrangement of the hole for the shaft and 

the vane slits. The length of the vane and the depth of the vane slit were selected not to 

disturb the rotation of the rotor. In other words, the vane should be inserted completely 

into the slit at the rotating angle of zero, and the vane should not be taken apart from the 

slit when the rotating angle of 180°. The intake end angle and the discharge start angle 

depend on the number of the vane slits, or the vanes. By applying the design parameter 

obtained from the procedures mentioned above, the intake end angle and the discharge 

start angle were obtain for various number of the vanes as in Table 2.11. The intake 

volume and the discharge volume were calculated from the equation 2.9. The larger 

discharge angle means that the discharge port is closer to the base line, which means the 

possibility of the internal leakage from the discharge port to the intake port become 

larger. As shown in the table, the discharge angle is inversely proportion to the number 

of vanes. Also the period of discharge which is related to the fluctuation is shorter for 

the larger number of vanes, which means that the fluctuation decreases as the number of 

vanes increases. Therefore the number of vanes was selected as many as possible under 

the space constraints of the rotor. The dimensions of the parts obtained above are listed 

in Table 2.12.  
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Table 2.11 Design parameters of the compressor due to the number of vanes 

Number 

of vanes 

Intake 

end angle  

Intake volume 

(1 chamber) 

Intake volume 

(1 cycle) 

Required discharge 

volume (1 chamber) 

Discharge 

start angle  

3 120° 5009 mm
3
 15027 mm

3
 1933 mm

3
 342° 

4 135° 3826 mm
3
 15304 mm

3
 1445 mm

3
 323° 

5 144° 3036 mm
3
 15180 mm

3
 1179 mm

3
 311° 

6 150° 2482 mm
3
 14892 mm

3
 939 mm

3
 305° 

 

 

Table 2.12 Dimensions of the parts of the compressor 

Parts Dimensions 

Cylinder 
Inner diameter 40 mm  

Height 15 mm  

Rotor 

Diameter 40 mm  

Eccentricity 4 mm  

Height 15 mm  

Depth of the vane slit 15 mm  

Number of vane slit 5   

Intake & 

discharge port 

Intake end angle 144 °  

Discharge start angle 311 °  

Vane 

Thickness 

Height 

Length 

4 

15 

11 

mm  

mm  

mm  

Shaft Diameter 4 mm  

 

Selecting the materials 

 

The meso-scale compressor developed in this research does not use the lubricant 



 

 

 

 

 

 

 46 

oil because of the limited space. To use the lubricant oil, the oil separator which 

prevents the oil flow into the other parts such as the condenser and the evaporator 

should be installed. However, the oil separator relatively takes too much space in the 

meso-scale system. Without the lubricant oil, the parts of the compressor should be 

made of the materials with low coefficient of friction. The parts should also have high 

hardness because the parts contact with each other at high rotating speed. Several 

materials were selected and tested to find suitable material for the compressor. The 

materials are listed in Table 2.13 and the combinations of the materials for the test are 

listed in Table 2.14. 

 

Table 2.13 Hardness and coefficient of friction of several materials 

Material Hardness (Hv) 
Coefficient 

of friction 

Basic 

material 

Graphite - 0.1 

Teflon 6 0.1 

Steel (heat treatment) 500  

Stainless steel 130  

Stainless steel (Kolsterising) 1000  

Coating 

Hard chromium plating (Cr) 700-800 0.12-0.13 

Electroless nickel plating (Ni) 500 0.3 

Electroless nickel-tungsten plating (Ni-W) 1300 0.3 

WS2 coating 300 0.07 

DLC (diamond like carbon) coating 2000-5000 0.1 
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Table 2.14 Tested combinations of the materials 

 Cylinder Rotor Vane Housing 

Set 1 SS SS + Graphite Graphite SS 

Set 2 SS SS + PTFE PTFE SS 

Set 3 
SS 

+Ni-W coating 

SS 

+Ni-W coating 

SS 

+Ni-W coating 

SS 

+Ni-W coating 

Set 4 
Steel 

+ Ni-W coating 

Steel 

+ Ni-W coating 

Steel 

+ Ni-W coating 

Steel 

+ Ni-W coating 

Set 5 
SS(Kolsterising) 

+ DLC coating 

SS(Kolsterising) 

+ DLC coating 

SS(Kolsterising) 

+ DLC coating 

SS(Kolsterising) 

+ DLC coating 

 

Among the combinations, only set 5 were suitable for the compressor. The set 4 

also operates for the air; however, the steel parts were rusted for the refrigerant. 

Therefore the set 5 were selected as the materials of the parts of the compressor. The 

picture of the selected parts is depicted in Fig. 2.24. 
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Fig. 2.24 Manufactured parts of the compressor(SS with Kolsterising + DLC coating) 

 

Calculating the spring constant 

 

The spring constant of springs that press the spring to the wall of the cylinder can 

be derived from the vane dynamics explained before. The normal forces that the single 

vane exerted on the wall of the cylinder for the various rotating speed without spring is 

depicted in the Fig. 2.25. As shown in the graph, the normal forces go to minus for 

certain rotor angle without spring. The spring constant should be decided to make the 

normal force greater than zero for all rotor angles. The normal forces due to various 

spring constant at the constant rotating speed are represented in Fig. 2.26. At the spring 

constant of 300 N/m, the normal force always greater than zero. Considering the safety 

factor, two springs with the spring constant of 290 N/m were used.  
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Fig. 2.25 Force acting on the vane (without spring) 

 

 

Fig. 2.26 Force acting on the vane (with spring) 
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Selecting the motor 

To select the motor, the required torque and the rotating speed should be calculated. 

The required torque can be obtained from the force acting on the vane by the pressure 

and the friction force, and the required rotating speed can be obtained from the intake 

volume and the volumetric efficiency of the compressor. The force acting on the vane 

and the friction force can be calculated from the vane dynamics explained in equation 

2.10 to 2.13. The required torques according to the rotating speed is depicted in Fig. 

2.27. As shown in the figure, the required torque of the motor should be higher than 0.3 

N/m. The minimum rotating speed of the motor can be obtained by dividing the required 

volume flow rate by the theoretical intake volume listed in Table 2.9 and 2.11 

respectively, which is 354 rpm. Assuming the volumetric efficiency as 0.3, the required 

rotating speed of the motor is 1180 rpm 

 

 

Fig. 2.27 Required torque according to the rotating speed 
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Deciding the clearance 

When the rotor rotates, each part in the compressor expands because of the rise of 

the temperature by the friction. Because the cylinder contacts with ambient air, the 

cylinder expands less than the rotor. The clearance between the rotor and the housing 

become smaller as the rotor rotates faster. Therefore a certain amount of clearance is 

needed for smooth operation of the compressor. However, the clearance between the 

rotor and the housing also should be minimized because it is an important path of 

internal leakage as explained before. The size of the clearance should be selected 

considering both the thermal expansion and the internal leakage. Because it is very 

difficult to measure the temperature of the rotor when the compressor operates, the size 

of clearance cannot be selected from the calculation. In this research, the PE sheets of 

which minimum thickness is 2 um were used to find the size of the clearance in trial-

and-error method.  

 

2.3.5 Performance test 

 

From the design parameters designed in the previous chapter, the meso-scale rotary 

vane compressor was manufactured and tested. Fig. 2.28 shows the discharge pressure 

of the discharge pressure of the compressor. 

.  
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Fig. 2.28 Discharge pressure of the compressor 

 

2.4  Development of an expansion device 

The expansion device can be divided into two categories: The active type and the 

passive type. An expansion valve which is an active type expansion device is widely 

adopted in conventional refrigeration system because it can control the state of the 

refrigerant accurately. However, the active expansion valve is difficult to miniaturized 

and because of its complex structure. The passive type expansion device has very 

simple structure such as a nozzle or a capillary tube. Though the accurate control of the 

refrigerant is impossible, the passive type can be adopted in small system which has 

little variation in the flow rate. In this study, the passive type expansion nozzle is chosen 

as an expansion device. To design the nozzle which shows most sable performance in 

the variation of the flow rate, the simulation and the experiment are conducted.  

Instead of measuring the vapor quality at the outlet of the nozzle which is difficult to 
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measure, the superheat at the outlet of the evaporator is selected as a performance index.  

 

2.4.1 Problem definition 

As we explained in introduction, the optimal design is performed in two steps: 

simulation to determine the most sensitive parameter and experiment to determine the 

final optimal value. This section explains the objective function, DP, and constraints for 

the optimal design. 

The objective of the optimal design is to determine DPs for a constant superheat of 

1 °C. We adopt a Normal-the Best Signal to Noise ratio (S/N ratio) [24] as the objective 

function as follows: 

𝑆/𝑁 = −10𝑙𝑜𝑔
|∑ 𝑦𝑖

2 − 𝑆𝑛
𝑖=1 |

𝑛 − 1
, 𝑆 =

(∑ 𝑦𝑖
𝑛
𝑖=1 )2

𝑛
 

 

(2.21) 

 

where 𝑦𝑖 is the difference between measured superheat and objective value of 1 °C, n 

is number of simulation or experiments. By introducing the S/N ratio as the objective 

function, we can find the most robust DPs that maintain the superheat near to the 1 °C. 

 

There are four design parameters to be optimized: diameter, aspect ratio, entrance 

angle, and roughness. Figure 2.29 shows the geometric meaning of each design 

parameter. Aspect ratio is the ratio of the orifice length of the orifice diameter.  
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Fig. 2.29 Section view of the orifice design 

 

There are two noise factors (NFs) to simulate the real operation of the active cooler: 

cooling load of the evaporator and flow rate. It is obvious that the active cooler can be 

used in both device of low heat generation and device of high heat generation. To find 

the robust solution, cooling loads of 60, 80, and 100 W are applied in the study. The 

flow rate can be changed during the operation due to the compressor power and heat 

dispersion rate. We used R-123 refrigerant whose flow rate is between 20 ml/min and 70 

ml/min. By applying these two NFs, we can find the robust solution while the user 

condition is changed. 

 Inlet condition of orifice upstream flow is fixed as liquid state of 3 Bar and 60 °C. 

Inner diameter of the pipe which is the part of blue arrow in Fig. 2.16 is fixed as 2 mm. 

2.4.2 Simulation 

As discussed in the previous section, four DPs are going to be optimized: the 

diameter, the aspect ratio, the entrance angle, and the roughness. In the simulation study, 

the objective is to find the most sensitive DP among the four DPs. The most sensitive 

DP are going to be analyzed in detail by experiment in the next section. 

The simulation to check the sensitivity is performed based on the Design Of 

Experiment (DOE) methodology [24]. The DOE is performed as following step: 1. 

Choose possible candidates of DPs in two or three levels; 2. Make the NF combination 
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of extreme user conditions; 3. Design the experiment via a orthogonal array; 4. 

Determine the optimal value from sensitivity analysis on each DP. In the simulation, we 

aim to find only the most sensitive DP among the four DPs.  

Table 2.15 shows the possible candidates of the DPs. Three levels of DPs are 

selected to check the sensitivities on each DP. Cooling load supplied to evaporator and 

flow rate of the refrigerant through the orifice are considered as NFs. NF combinations 

are designed as Table 2.16 to realize the extreme user conditions. 

Orthogonal array of L9(3
4
) is used in the simulation as shown in the left side of 

Table 2.17.  

Table 2.15 DPs and levels 

 Level 1 Level 2 Level 3 

A Diameter 300 µm 350 µm 400 µm 

B Aspect ratio 1.7 2 2.3 

C Entrance angle 40° 45° 50° 

D Roughness 6.3S 25S 100S 

 

Table 2.16 Three combinations of NFs 

 N1 N2 N3 

Cooling load 60 W 80 W 100 W 

Flow rate 30 ml/min 40 ml/min 50 ml/min 

 

Simulations are performed by using the ANSYS CFX to calculate the superheat at 

the evaporator outlet. Total nine simulations are performed as the L9(3
4
) orthogonal 

array, and the simulation result is presented in center of the Table 2.17. The result is 

going to be analyzed by the S/N ratio. 
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Fig. 2.30 Result of ANSYS simulation 

 

Sensitivity of each DP regardless of NFs is analyzed by using Nominal the Best 

S/N ratio as shown in equation 2.21. By maximizing the S/N ratio, we can get the most 

robust DP that maintains the constant superheat of 1 °C. The S/N ratio determines how 

system performs despite of the effects of noise by including the influence of NFs in the 

denominator [24]. The resulting S/N ratio is shown in the right side of Table 2.17. 

According to orthogonal array, S/N ratio for each level of DP can be calculated. For 

example, S/N ratio of level 2 of the B is the average of S/N ratio of simulation number 2, 

5, and 8.  

The result of the sensitivity analysis of each DP is shown in Fig. 2.28. It is 

important to note that the diameter (A) have high sensitivity which can be expressed by 

the variation between maximum and minimum value of the S/N ratio. On the contrary, 

the other three DPs do not have high sensitivity to the objective value. It is very efficient 

way to increase the objective function by varying the sensitive DP; diameter. In the 

manufacturing cost aspect, obviously it is efficient to reduce number of experiment. 

Therefore, we decided to perform the optimization experiment only on the diameter in 

the next section.  
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Table 2.17 Simulation results based on orthogonal array L9(3
4
) 

Simulation 

number 

Design parameters 

(levels) 

Noise Factors 
S/N 

ratio 
N1 N2 N3 

A B C D Superheat 

1 1 1 1 1 1.908 1.924 1.933 38.014 

2 1 2 2 2 1.797 1.813 1.801 41.788 

3 1 3 3 3 1.866 1.855 1.862 44.849 

4 2 1 2 3 1.884 1.901 1.896 40.860 

5 2 2 3 1 1.915 1.904 1.891 38.445 

6 2 3 1 2 1.925 1.909 1.939 36.367 

7 3 1 3 2 1.885 1.900 1.903 40.240 

8 3 2 1 3 1.941 1.935 1.907 34.849 

9 3 3 2 1 1.905 1.909 1.888 38.939 

 

 

Fig. 2.31 Sensitivity analyses for each design parameter 
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2.4.3 Experiment 

The experimental apparatus is shown schematically in Fig 2.32. Liquid volumetric 

pump (KPV-22-SF-S, Cheon-Sei Industry) draws up refrigerant R-123 from a liquid 

vessel. A float flow meter (Order made, KITS) for liquid R-123 measures volume flow 

rate. Heating tape regulates experimental orifice inlet conditions. Pressure sensor 

(Model 206, Setra System), differential pressure transducers (Model 230, Setra System), 

and type-K thermocouple have been used to measure the pressure and temperatures of 

the refrigerant at the inlet and the outlet of the orifice. Cartridge heaters are adhered 

under the evaporator to apply the cooling load. DC power supply supplies constant 

power to cartridge heaters to achieve various cooling load. Pressure transducer and 

thermocouple measure the pressure and temperature of the refrigerant at the outlet of the 

evaporator. Whole experimental equipments are insulated by expanded polystyrene 

tubes and PEEK housings. Fig. 2.33 (a) presents manufactured orifice samples. 

Entrance angle is 45° and aspect ratio is 2. Four orifice samples are manufactured of 

300, 350, 400, and 450 µm diameters. A micro evaporator with lateral gap shown in Fig. 

2.30 (b) is installed after orifice sample [36]. During the experiments, the inlet condition 

to the orifice is maintained in 3 Bar and 60 °C by the heating tape. Cartridge heaters 

under the evaporator supply cooling load of 60, 80, and 100 W. The volumetric pump 

controls the flow rate in the ranges of 20 – 70 ml/min for each orifice sample.  

Calculation procedure of the superheat at the evaporator outlet is as follows. 

Saturation temperature is derived from measured pressure at the evaporator outlet, and 

the superheat is determined by subtracting the saturation temperature from the measured 

temperature at the evaporator outlet. All data are measured in steady state condition. 

Some data of low flow rate and high cooling load give us unsteady data, thus we do not 
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consider the data at the analysis. 

 

Fig. 2.32 Schematic diagram of experimental apparatus 

 

Fig. 2.33 Picture of: a) Orifice samples, b) Micro evaporator 

 

2.4.4 Result 

 The superheat at the evaporator outlet and S/N ratio for each flow rate and 

cooling load are shown in Fig. 2.34. The 350 µm orifice has the largest S/N ratio of 18.2 

dB and the 450 µm orifice has the second largest S/N ratio of 18.1 dB. Note that there is 

no significant difference between the two diameters. However, in the Nominal-the-Best 

design problem, we should consider the error between the measured value and the 

objective value of 1 °C since the largest S/N ratio only guarantee the smallest variation. 

In other words, the S/N ratio guarantees the robustness of the DP and the error 
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guarantees the performance. In the error analysis, the 350 µm orifice shows error of 

0.19 °C and the 450 µm orifice shows error of 0.40 °C. Therefore, the 350 µm is 

determined as the optimal orifice diameter to guarantee both robustness and 

performance. 

There are two interesting discussion topics. First, the 300 µm orifice has higher 

S/N ratio than the S/N ratio of the 350 µm orifice in the simulation, but in the 

experiments, the 350 µm is determined as the final optimal DP. We expect there are 

some reasons that the simulation cannot realize such as flow resistance. Second, the 

superheat of the 400 µm orifice at 60 W gives us negative superheats in the experiment. 

It is very interesting since the 450 µm orifice gives us positive superheat. We estimate 

the reason of this phenomenon is from a correlation effect between the orifice diameter 

and the cooling load. The research on the correlation could be very interesting topic to 

be researched.  

 

Fig. 2.34 Superheat of refrigerant at the evaporator outlet and S/N ratio for each orifice 

diameter 
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2.5  Development of a condenser 

To design the condenser of the vapor compression refrigeration system, the type of 

condensation that occurs inside the condenser must be determined. The condensation 

can be divided into two types: the filmwise condensation and the dropwise condensation. 

Generally the heat transfer coefficient of the dropwise condensation is much higher than 

that of the filmwise condensation. [36] The dropwise condensation only occurs on the 

non-wetting surface, which is not realized in the conventional condenser. To make the 

non-wetting surface, many researches have been conducted by lowering the surface free 

energy or making a micro structure on the surface. [38-41] The fluids treated in those 

researches are the fluids with high surface free energy such as water of which surface 

free energy is 0.0719 J/m
2
 because the condensation mode depends on the difference of 

the surface free energy between the surface and the fluid as shown in Table 2.18. In 

contrast, the surface free energy of R-123 which is the refrigerant used in this research 

is 0.0111 J/m
2
. [41] According to Table 2.16, the filmwise condensation will occur if the 

surface free energy of the surface is higher than 0.0111 J/m
2
. However, the surface free 

energy of PTFE which has one of the lowest surface free energy is 0.02 J/m
2
. [42] 

Therefore the condenser was designed regarding that the condensation mode is a 

filmwise condensation.  

 

 

Table 2.18 Condensation mode criteria [43] 

Surface free energy difference criterion 

(∆γ = γ𝑙𝑖𝑞𝑢𝑖𝑑 − 𝛾𝑠𝑜𝑙𝑖𝑑 , 𝐽/𝑚
2) 

Contact angle  

method 

Condensation  

mode 

∆γ ≤ 0 - Filmwise 
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0 ≤ ∆γ ≤ 0.0333 0° ≤ 𝜃 ≤ 90° Mixed condensation 

∆γ ≥ 0.0333 𝜃 ≥ 90° Dropwise 

 

2.5.1 Convective heat transfer equation 

After assuming the condensation mode as a filmwise condensation, the thermal 

resistance between the refrigerant and the ambient air should be calculated to design the 

condenser. As mentioned in Sec. 2.1, the condenser consists of the refrigerant flow path, 

the heatpipe, and the cooling fan. The CAD model of the condenser is depicted in Fig. 

2.35.  

 

Fig. 2.35 CAD model of the condenser 

 

Therefore, the overall thermal resistance of the condenser can be represented as Fig. 

2.36. 
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Fig. 2.36 Thermal resistances of the condenser 

 

Among three thermal resistances, the thermal resistances of the heatpipe and the 

fan can be obtained from the specification from the manufacturer and the experiment, 

which will be presented in next chapter. The convective thermal resistance can be 

calculated via the equation of laminar film condensation [44]. The average Nusselt 

number is as follows.  

𝑁𝑢̅̅ ̅̅ 𝐿𝑤 = 2𝛸𝑅𝑒𝐿𝑙

1
2  

 

(2.22) 

𝛸 = 0.45 (1.2 +
𝑃𝑟𝐿
𝑅𝐻

)

1
3
 

 

(2.23) 

 

where 𝑅𝑒𝐿𝑙  is two-phase Reynolds number along the flow direction, 𝑃𝑟𝐿 is a Prandtl 

number of the condensate, 𝑅 is a 𝜌𝜇 ratio, and 𝐻 is a phase change number. The 

equations of each variable are listed below. 

𝑅𝑒𝐿𝑙 =
𝑈𝑉∞𝑙

𝜈𝐿
 

 

(2.24) 

𝑃𝑟𝐿 =
𝜇𝐿𝐶𝑝𝐿
𝜆𝐿

 

 

(2.25) 

𝑅 = (
𝜌𝐿𝜇𝐿
𝜌𝑉𝜇𝑉

)

1
2
 

 

(2.26) 
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𝐻 =
𝐶𝑃𝐿(𝑇𝑠 − 𝑇𝑤)

∆ℎ𝑉
 

 

(2.27) 

 

Also, the average Nusselt number is as follows,  

 

𝑁𝑢̅̅ ̅̅ 𝐿𝑤𝑙 =
�̅�𝑤𝑙

�̅�𝐿
 

 

(2.28) 

 

where �̅�𝑤 is the convective heat transfer coefficient, �̅�𝐿 is the thermal conductivity of 

the refrigerant, and 𝑙 is the length of the flow passage. By substituting the parameters 

into the equation, the average convective heat transfer coefficient, �̅�𝑤, can be written as 

a function of the length of the flow passage.  

α𝑤̅̅ ̅̅ =
2𝑋𝐵0.5

𝑙0.5
, 𝑤ℎ𝑒𝑟𝑒 𝐵 =

𝜆2𝜌𝐿𝑈∞
𝜇𝐿

 

 

(2.29) 

 

The thermal resistance is a reciprocal of product of the heat transfer coefficient and 

the surface area. Therefore the convective thermal resistance is  

𝑅𝑐𝑜𝑛𝑣 =
𝑙0.5

2𝑋𝐵0.5𝐴
=

1

2𝑋𝐵0.5𝑙0.5𝑤𝑓𝑝
 

 

(2.30) 

 

where 𝐴 is the contact area between the refrigerant and the surface, 𝑙 is the length of 

the flow passage, and 𝑤𝑓𝑝 is the width of the flow passage.  
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2.5.2 Design of the condenser 

To calculate the length of the flow passage from Eq. 2.30, the thermal resistances 

in Fig.2.33 should be obtained first. The required overall thermal resistance of the 

condenser can be derived as follows.  

𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 =
𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 − 𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡

𝑄𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟
 

 

(2.31) 

 

where 𝑄𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 is the cooling load mentioned above, 𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 is the temperature 

of the refrigerant in the condenser, 𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 is the temperature of the ambient air, and 

𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 is the overall thermal resistance. Also, 𝑄𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 is can be derived as 

follows. 

𝑄𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 = �̇�(ℎ2 − ℎ3)̇  

 

(2.32) 

 

where �̇� is the mass flow rate of the refrigerant, ℎ2 is the enthalpy of the refrigerant 

which enters to the condenser, and ℎ3 is the enthalpy of the refrigerant which comes 

out from the condenser. From the values in Table 2.19, 𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 can be derived. As 

mention in the previous chapter, 𝑅ℎ𝑒𝑎𝑡𝑝𝑖𝑝𝑒  and 𝑅𝑓𝑎𝑛  can be obtained from the 

manufacturer’s specification and by the experiment, respectively. The values of the 

thermal resistances are listed in Table 2.17. Then the maximum value of the convective 

thermal resistance should be less than 0.11 K/W. From the obtained value and Eq. 2.30, 

Eq. 2.33 can be derived. 

9.091 ≤ 2𝑋𝐵0.5𝑙0.5𝑤𝑓𝑝  
 

(2.33) 
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By inserting the values obtained in the previous chapter, the minimum length of the 

flow passage can be derived as follows. 

𝑙 ≥ (2𝑋𝐵0.5𝑤𝑓𝑝)
−2

= 2.54 (m)  

 

(2.34) 

 

According to the above result, the prototype of the condenser was manufactured as 

shown in Fig. 2.37. 

 

Table 2.19 Thermal resistances of the condenser 

 Thermal resistance  Values (K/W) 

 𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟  0.39 

 𝑅ℎ𝑒𝑎𝑡𝑝𝑖𝑝𝑒  2.5x10
-6

 

 𝑅𝑓𝑎𝑛  0.28 

 

 

 

Fig. 2.37 Prototype of the condenser 
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2.6  Performance test of mVCRS 

The parts presented in the previous chapter were integrated and tested. The 

performance of the integrated system is listed in Table 2.20. The overall size will larger 

including the motor. Because the system is the prototype, the size can be reduced in next 

version of the system. In the cooling capacity of 80W, the cooling system could 

maintain the temperature of the heater below 46℃. The average coefficient of 

performance (COP) was measured as 2.15 during the operation. 

 

Table 2.20 The performance of the integrated system 

Specifications   

Overall size 100×60×60 mm3  

Cooling capacity 80 W 

Minimum temperature of the heat source 46 ℃ 

COP 2.15  

 

 
 

Fig. 2.38 The developed refrigeration system 
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Fig. 2.39 The temperature of the heat source and the COP 
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3 System identification 

To control the developed meso-scale vapor compression refrigeration system, the 

modeling of the system should be established. Because the vapor compression 

refrigeration system is very old and proven system, the modeling of the conventional 

refrigeration system is well established. The modeling of the refrigeration system can be 

divided into two categories: the physical model and the black-box model.  

The physical model has the advantages of understanding the dynamics of the 

system and developing the model applicable to different systems, however, the model 

can be complicated and difficult to be made. The black-box model does not provide the 

physics inside the system and it is not applicable to the other system, however, it is easy 

to be made by the data from the experiments and relatively simple. 

The essence of making the physical model of the vapor compression refrigeration 

system is making models of the heat exchangers: the evaporator and the condenser. 

Among the main four parts of the refrigeration system, the compressor and the 

expansion valve respond much faster than the heat exchangers. So the dynamics of the 

system is dominated by the dynamics of the heat exchangers. Therefore, the researches 

for the physical model of the refrigeration system focus on the modeling of the heat 

exchangers.[45-49].  

These can be categorized into three approaches: the lumped parameter model, the 

distributed model, and the zone model. The lumped parameter model treats the entire 

heat exchanger in single phase, which is the simplest method but has large errors. The 

distributed model divides the heat exchanger into very small sections, which is the most 

accurate method but too complicated for the control-oriented model. The zone model 



 

 

 

 

 

 

 70 

called as a moving boundary model takes the mean of the two modes. It divides the heat 

exchanger into two or three sections by the phase of the refrigerant in the sections. In 

the zone model, the sizes of each section can be changed. 

 To simplify and linearize the model, two assumptions should be adopted in the 

physical models mentioned above. First, the cross section of the heat exchanger does 

not change in the longitudinal direction. Second, the length of the heat exchanger is 

much longer that the diameter. However, these assumptions cannot be applied in the 

heat exchanger developed in this research because of the complicated shape. Without 

the assumptions, the model of the heat exchanger will be a nonlinear form which is 

difficult to solve. For this reason, the black-box approach is adopted in modeling the 

developed meso-scale vapor compression refrigeration system. To use the linear time-

invariant black-box model, the model was established for the short ranges of the 

operating conditions and merged together. 

 

3.1  Overview of the black-box model structure 

A general linear time-invariant model can be represented as follows,[50] 

𝑦(𝑡) = 𝐺(𝑧)𝑢(𝑡) + 𝐻(𝑧)𝑒(𝑡) 

 

(3.1) 

 

where 𝑦(𝑡) is the model output, 𝑢(𝑡) is the model input, 𝑒(𝑡) is the probability 

density function of the disturbance, 𝐺(𝑧) and 𝐻(𝑧) are the discrete transfer functions. 

G and H can be represented as a rational function and can be parameterized by selecting 

the coefficients of the denominator and the numerator. The structure of the black-box 

model can be derived from the way of performing such parameterizations. The 
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parameterization of the transfer functions G and H can be divided into two main 

categories depending on the point that the disturbance interacts with.  

When the disturbance enters or generates at the input of the model, the input-output 

relation can be described as follows. 

𝐴(𝑧) = 1 + 𝑎1𝑧
−1 +⋯+ 𝑎𝑛𝑎𝑧

−𝑛𝑎 

 

(3.2) 

𝐵(𝑧) = 𝑏1𝑧
−1 +⋯+ 𝑏𝑛𝑏𝑧

−𝑛𝑏 (3.3) 

𝐴(𝑧)𝑦(𝑡) = 𝐵(𝑧)𝑢(𝑡) + 𝑒(𝑡) (3.4) 

 

In this case, the transfer function G and H is: 

𝐺(𝑧) = 𝐵(𝑧)/𝐴(𝑧) 

 

(3.5) 

𝐻(𝑧) = 1/𝐴(𝑧) (3.6) 

 

This model is called as an ARX model, where AR refers to the autoregressive part 

𝐴(𝑧)𝑦(𝑡) and X to the exogeneous term 𝐴(𝑧)𝑦(𝑡).  

To compensate the lack of freedom in describing the properties of the disturbance 

term in ARX model, the equation error can be described as a moving average of the 

disturbance. 

𝐴(𝑧)𝑦(𝑡) = 𝐵(𝑧)𝑢(𝑡) + 𝐶(𝑧)𝑒(𝑡) 

 

(3.7) 

 

where 

𝐶(𝑧) = 1 + 𝑐1𝑧
−1 +⋯+ 𝑐𝑛𝑐𝑧

−𝑛𝑐  
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(3.8) 

 

In this case, the transfer function G and H is: 

𝐺(𝑧) = 𝐵(𝑧)/𝐴(𝑧) 

 

(3.9) 

𝐻(𝑧) = 𝐶(𝑧)/𝐴(𝑧) (3.10) 

 

Because the moving average (MA) part is added, this model is called as an ARMAX 

model.  

If the disturbance enters or generates at the output of the model, the model can be 

described as follows. 

𝐹(𝑧)𝑤(𝑡) = 𝐵(𝑧)𝑢(𝑡) 

 

(3.11) 

𝑦(𝑡) = 𝑤(𝑡) + 𝑒(𝑡) (3.12) 

𝐹(𝑧) = 1 + 𝑓1𝑧
−1 +⋯+ 𝑓𝑛𝑓𝑧

−𝑛𝑓 
(3.13) 

 

𝑦(𝑡) = 𝐵(𝑧)/𝐹(𝑧)𝑢(𝑡) + 𝑒(𝑡) (3.14) 

 

This model is called as an OE (output error) model. By adding the moving average part 

of the disturbance to the OE model, the BJ (Box-Jenkins) model can be obtained as 

follows. 

𝑦(𝑡) = 𝐵(𝑧)/𝐹(𝑧)𝑢(𝑡) + 𝐶(𝑧)/𝐷(𝑧)𝑒(𝑡) 

 

(3.15) 

 

The signal flows of the models explained above are depicted in Fig. 3.1.  
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Fig. 3.1 Structure of the four black-box model: (a) ARX model (b) ARMAX model (c) 

OE model (d) BJ model 

 

3.2  Model structure 

To carry out the system identification of the system, the input and the output should 

be defined. The purpose of the meso-scale refrigeration system developed in this 

research is maintaining the temperature of the heat source regardless to the change of 

the cooling capacity. So, the output of the system will be the temperature of the heat 

source. The input which should be measurable and controllable can be selected from the 

variables affecting the output. To find the factors affecting the output, the cooling 

capacity of the system should be considered first. The cooling capacity is, 

𝑞0 = 𝑚𝑟(ℎ𝑒,𝑜𝑢𝑡 − ℎ𝑒,𝑖𝑛)  
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(3.14) 

 

where 𝑞0 is the cooling capacity, 𝑚𝑟 is the mass flow rate of the refrigerant, ℎ𝑒,𝑜𝑢𝑡 is 

the enthalpy of the refrigerant at the outlet of the evaporator, and ℎ𝑒,𝑖𝑛 is the enthalpy 

of the refrigerant at the inlet of the evaporator. The enthalpy ℎ𝑒,𝑜𝑢𝑡 and ℎ𝑒,𝑖𝑛 are 

function of the temperature and the pressure,  

ℎ𝑒,𝑖𝑛 = 𝑓(𝑃𝑒,𝑖𝑛, 𝑇𝑒,𝑖𝑛) 

 

(3.15) 

 

ℎ𝑒,𝑜𝑢𝑡 = 𝑓(𝑃𝑒,𝑜𝑢𝑡 , 𝑇𝑒,𝑜𝑢𝑡) 

 

(3.16) 

 

where 𝑃 and 𝑇 is the pressure and the temperature and the subscript 𝑒, 𝑖𝑛 and 𝑜𝑢𝑡 

denotes the evaporator, inlet and the outlet, respectively. The mass flow rate 𝑚𝑟 can be 

represented as follows, 

𝑚𝑟 = 𝜔 ∙ 𝑉𝑠𝑢𝑐 ∙ 𝑛 ∙ 𝜂 ∙ 𝜌 

 

(3.17) 

 

where w is the rotating speed of the compressor, 𝑉𝑠𝑢𝑐 is the volume of the suction 

chamber of the compressor, 𝑛  is the number of suctions in one cycle, 𝜂  is the 

volumetric efficiency of the compressor, 𝜌 is the density of the refrigerant at the inlet 

of the compressor. Because the variables except the rotating speed and the density are 

the fixed values, the mass flow rate is a function of 𝜔 and 𝜌. The density of the 

refrigerant is,  

𝜌 = 𝑓(𝑃𝑒,𝑜𝑢𝑡, 𝑇𝑒,𝑜𝑢𝑡)  
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(3.18) 

 

Because the condensing condition is fixed, the temperature and the pressure of the 

evaporator can be treated as fixed values. Then, 

𝑞0 = 𝑓(𝜔) 

 

(3.19) 

 

Also, 𝑞0 can be represented as a function of the temperature of the heater and the 

evaporator. 

𝑞0 = 𝑈𝐴(𝑇ℎ𝑒𝑎𝑡𝑒𝑟 − 𝑇𝑒,𝑎𝑣𝑔) 

 

(3.20) 

 

Therefore the temperature of the heater, 𝑇ℎ𝑒𝑎𝑡𝑒𝑟, is a function of the rotating speed of 

the compressor, 𝜔. And the rotating speed was selected as the input of the system.  

 

3.3  Model identification 

The experiments for the identification and verification were conducted. As 

explained in the previous chapter, the input is the rotating speed of the compressor and 

the output is the temperature of the heater and the operating condition is the cooling 

capacity, which is the heating power of the heater. Six heating power were selected from 

the ranges of 30W to 80W, which are 30W, 40W, 50W, 60W, 70W and 80W. At each 

heating power, the temperature of the heater was measured for different rotating speed 

of the compressor. Two sets of experiments were conducted for the identification and 

the validation, respectively. The results of the experiments were depicted in Fig. 3.2 and 
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Fig. 3.3. 

  

(a) 30W (b) 40W 

  

(c) 50W (d) 60W 

  

(e) 70W (f) 80W 

Fig. 3.2 Experimental results for the identification 
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(a) 30W (b) 40W 

  

(c) 50W (d) 60W 

  

(e) 70W (f) 80W 

Fig. 3.3 Experimental results for the validation 
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To compare the qualities of the models, the normalized root mean square errors 

between the measured temperature and the predicted temperature by each model were 

used as indices. The equation of the normalized root means square error (NRMSE) is as 

follows.  

𝑁𝑅𝑀𝑆𝐸 = 100(1 −
‖𝑦𝑜𝑏𝑠 − 𝑦𝑚𝑜𝑑𝑒𝑙‖

‖𝑦𝑜𝑏𝑠 − 𝑦𝑜𝑏𝑠̅̅ ̅̅ ̅̅ ‖
) 

 

(3.21) 

 

where, yobs is the temperature of the heater measured by the experiment, ymodel is 

the temperature of the heater predicted by the model, yobs̅̅ ̅̅ ̅̅  is the mean value of the 

temperature of the heater predicted by the model. To identify the model of the system, 

the structure of the model should be selected among the structure of the black-box 

model explained before. Because the order of the model is better to be less for designing 

the controller, the second order models were used to compare each structure for various 

time delays. The result of the comparison is depicted in Fig. 3.4. Each value in the graph 

is the highest value of the NRMSE for various time delays. As shown in the graph, the 

Box-Jenkins model was the best fitted model. Therefore the Box-Jenkins model was 

adopted in this research. By adjusting the order of disturbance and the time delay, the 

model represented in Table 3.1 was selected among the second order Box-Jenkins 

models. The normalized root mean square error for the selected model is listed in Table 

3.2.  
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Fig. 3.4 Comparison of the black-box model structure 

 

Table 3.1 Parameters of the models 

Cooling load Model parameter 

30W 

𝐵(𝑧) = −3.012 × 10−4𝑧− + 2.522 × 10−4𝑧−10  

𝐶(𝑧) = 1 − 1. 3 𝑧−1 + 0. 3  𝑧−2 

𝐷(𝑧) = 1 − 2.529𝑧−1 + 2.0 2𝑧−2 − 0.533 𝑧−3 

𝐹(𝑧) = 1 − 1.  42 𝑧−1 + 0.435𝑧−2 

40W 

𝐵(𝑧) = −1.31 × 10−4𝑧− + 1.293 × 10−4𝑧−10 

𝐶(𝑧) = 1 + 0.1293𝑧−1 − 0.  45𝑧−2 

𝐷(𝑧) = 1 − 0.53 1𝑧−1 − 0.9  2𝑧−2 + 0.5033𝑧−3 

𝐹(𝑧) = 1 − 1.  95 𝑧−1 + 0.95 2𝑧−2 

50W 

𝐵(𝑧) = −1. 31 × 10−4𝑧− + 1.122 × 10−4𝑧−10 

𝐶(𝑧) = 1 + 0.135 𝑧−1 − 0.  11𝑧−2 

𝐷(𝑧) = 1 − 0.4425𝑧−1 − 0.9 23𝑧−2 + 0.414 𝑧−3 

𝐹(𝑧) = 1 + 0.01235𝑧−1 − 0.9 01𝑧−2 

60W 

𝐵(𝑧) = −3.9 0 × 10−4𝑧− + 2.1 0 × 10−4𝑧−10 

𝐶(𝑧) = 1 + 0.0.9 1 𝑧−1 − 0. 2  𝑧−2 

𝐷(𝑧) = 1 − 0.5542𝑧−1 − 0.9 2 𝑧−2 + 0.52  𝑧−3 
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𝐹(𝑧) = 1 − 0.41  𝑧−1 − 0.5529𝑧−2 

70W 

𝐵(𝑧) = −1. 5 × 10−4𝑧− + 1. 45 × 10−4𝑧−10 

𝐶(𝑧) = 1 + 0.1 4 𝑧−1 − 0. 049𝑧−2 

𝐷(𝑧) = 1 − 0.5   𝑧−1 − 0.9   𝑧−2 + 0.5  4𝑧−3 

𝐹(𝑧) = 1 − 1.  9 4𝑧−1 + 0.9 44𝑧−2 

80W 

𝐵(𝑧) = −1.4  × 10−4𝑧− − 1.5  × 10−4𝑧−10 

𝐶(𝑧) = 1 − 1.59 𝑧−1 + 0. 015𝑧−2 

𝐷(𝑧) = 1 − 2.301𝑧−1 + 1. 13𝑧−2 − 0.311 𝑧−3 

𝐹(𝑧) = 1 − 0.00 39𝑧−1 − 0.933 𝑧−2 

 

 

Table 3.2 NRMSE of the selected model 

 30W 40W 50W 60W 70W 80W 

Identification 89.63 86.6 77.73 78.38 86.01 88.07 

Validation 88.13 74.94 59.35 73.3 91.37 82.62 
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4 Controller design 

4.1  Transfer function of the system 

To design the controller using the system model identified in the previous chapter, 

the continuous time transfer function of the system should be derived from the 

parameters of the model listed in Table 3.1 which are represented in discrete time form. 

As shown in Eq. 3.15, the discrete time transfer function of the system is as follows.  

𝐺(𝑧) = 𝐵(𝑧)/𝐹(𝑧) 

 

(4.1) 

 

To transform the discrete time transfer function to continuous time form, the bilinear 

transform, also known as Tustin’s approximation, was used. [52] 

z = 𝑒𝑠𝑇 ≈
1 + 𝑠𝑇𝑠 2⁄

1 − 𝑠𝑇𝑠 2⁄
 

 

(4.2) 

 

where 𝑇𝑠 is the sampling time, which is 1 second in this research. By applying the 

Tustin’s approximation, the continuous time transfer functions of the system were 

derived as shown in Table 3.3. To eliminate the delay term, the first order Pade 

approximation was applied to the transfer functions in Table 4.1.The equation of the 

first order Pade approximation with time delay  𝑇𝑑 is as follows. [51]  

𝑒−𝑇𝑑𝑠 ≅
1 − 𝑠𝑇𝑑 2⁄

1 + 𝑠𝑇𝑑 2⁄
 

 

(4.3) 

 

The final continuous time transfer functions are listed in Table 4.2. 
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Table 4.1 Continuous time transfer function of the system 

Cooling load Continuous time transfer function 

30W 𝐺30(𝑠) = 𝑒−8𝑠 ×
1.934 × 10−4𝑠2 − 3.52 × 10−4𝑠 −  . 49 × 10−5

𝑠2 + 0. 9𝑠 + 0.01249
 

40W 𝐺40(𝑠) = 𝑒−8𝑠 ×
 .  9 × 10−5𝑠2 − 1.322 × 10−4𝑠 − 2.323 × 10−6

𝑠2 + 0.044 𝑠 + 3.   × 10−4
 

50W 𝐺50(𝑠) = 𝑒−8𝑠 ×
2. 9 × 10−3𝑠2 + 0.0255𝑠 − 0.0 2 

𝑠2 + 44 . 𝑠 + 9. 22
 

60W 𝐺60(𝑠) = 𝑒−8𝑠 ×
 .091 × 10−4𝑠2 − 9.9  × 10−4𝑠 −  .40 × 10−4

𝑠2 +  .1 4𝑠 + 0.1305
 

70W 𝐺70(𝑠) = 𝑒−8𝑠 ×
 .405 × 10−5𝑠2 − 1.  5 × 10−4𝑠 − 1.21 × 10−6

𝑠2 + 0.03 23𝑠 + 2.5  × 10−4
 

80W 𝐺80(𝑠) = 𝑒−8𝑠 ×
−1.3 9 × 10−4𝑠2 +  .5 2 × 10−3𝑠 − 0.01 5 

𝑠2 + 104.9𝑠 + 3.19 
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Table 4.2 Transfer function of the system with Pade approximation 

Cooling 

load 
Transfer function 

30W 

𝐺30,𝑝(𝑠)

=
−1.934 × 10−4𝑠3 + 4.009 × 10−4𝑠2 − 1.9 5 × 10−5𝑠 − 1. 12 × 10−5

𝑠3 + 1.04𝑠2 + 0.21𝑠 + 0.003123
 

40W 

𝐺40,𝑝(𝑠)

=
− .  9 × 10−5𝑠3 + 1.4 9 × 10−4𝑠2 − 3.0 3 × 10−5𝑠 − 5. 09 × 10−7

𝑠3 + 0.294 𝑠2 + 0.01159𝑠 + 9.   × 10−5
 

50W 

𝐺50,𝑝(𝑠) 

=
−2. 9 × 10−3𝑠3 − 2.4 3 × 10−2𝑠2 +  .909 × 10−2𝑠 − 1.5  × 10−2

𝑠3 + 44 .9𝑠2 + 121. 𝑠 + 2.40 
 

60W 

𝐺60,𝑝(𝑠)

=
− .091 × 10−4𝑠3 + 1.1 5 × 10−4𝑠2 + 5.913 × 10−4𝑠 − 2.102 × 10−4

𝑠3 +  .424𝑠2 + 1.924𝑠 + 0.032 4
 

70W 

𝐺70,𝑝(𝑠)

=
− .405 × 10−5𝑠3 + 1.  5 × 10−4𝑠2 − 4.0  × 10−5𝑠 − 3.045 × 10−7

𝑠3 + 0.2  2𝑠2 + 9.314 × 10−3𝑠 +  .41 × 10−5
 

80W 

𝐺80,𝑝(𝑠)

=
1.3 9 × 10−5𝑠3 −  .59 × 10−3𝑠2 + 1.  1 × 10−2𝑠 − 4.143 × 10−3

𝑠3 + 105.2𝑠2 + 29.43𝑠 + 0.   995
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4.2  Controller synthesis 

In this chapter, the design of the controller for the models identified in previous 

chapter was conducted. As mentioned before, the system was identified as a linear 

model for different operating conditions. Therefore the adaptive control should be 

adopted. Two approaches of adaptive control were considered: the gain scheduling and 

the robust control. The gain scheduling is an approach to control of non-linear systems 

that uses a family of linear controllers. The robust control is a control method that 

allows inaccuracies in the model parameter. The advantage of the gain scheduling is that 

the structures of each controller are simple and easy to design. However, the additional 

measuring devices to observe the operating point should be needed. For the robust 

control, only the temperature of the heater and the rotating speed of the compressor 

which are respectively the output and the input of the system are needed. However the 

design of the controller is difficult and the structure of the controller is relatively 

complicated. In this research, both two approaches were conducted and compared. 

Firstly, the simple PI controllers were designed for the six linear models and tested. 

Secondly, the robust controller was designed regarding the changes of the model 

parameters among the linear models and tested. Finally the performance of each 

controller was compared. 

 

4.2.1 Gain scheduling  

Designing PI controller 

 

To design the PI controller for each model, the well-known Ziegler Nichols tuning 
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method was adopted. In the Ziegler-Nichols tuning method, the ultimate gain, Ku, which 

makes the system oscillation and Pu which is the period of the oscillation are used to 

find the optimal gains. The way to find each gain with the ultimate gain is listed in Table 

4.3.  

 

Table 4.3 Ziegler-Nichols tuning method[51] 

Type of the controller Optimum Gain 

Proportional 𝑘𝑝 = 0.5𝐾𝑢 

PI 

{

𝑘𝑝 = 0.45𝐾𝑢

𝑇𝐼 =
1

2
𝑃𝑢

 

PID 

{
 
 

 
 
𝑘𝑝 = 0. 𝐾𝑢

𝑇𝐼 =
1

2
𝑃𝑢

𝑇𝐷 =
1

 
𝑃𝑢

 

 

 

Based on the gains obtained by the Ziegler –Nichols method, the gains were 

modified to have desired stability margins. The design criteria of stability margins were 

10 dB and 20° for the gain margin and the phase margin, respectively. In Table 4.4, the 

gains obtained by the Ziegler-Nichols method and the gains modified to satisfy the 

stability criteria are listed.  
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Table 4.4 Gains of the PI controllers 

Cooling 

load 
Method 

Controller gain Stability margin 

𝐾𝑃 𝐾𝐼 
Gain 

margin(dB) 

Phase 

 margin (˚) 

30W 
Z-N method -832.3 -69.36 7.1 34.3 

Modified -588 -49 10 35.9 

40W 
Z-N method -727.2 -36.36 6.08 30.8 

Modified -460 -23 10.2 42.2 

50W 
Z-N method -689.7 -34.49 5.98 28.1 

Modified -420 -21 10.4 38.8 

60W 
Z-N method -1062 -75.88 5.46 19.5 

Modified -616 -44 10.1 28.6 

70W 
Z-N method -582.4 -29.12 6.09 31.4 

Modified -360 -18 10.3 44.1 

80W 
Z-N method -620 -31 6.11 32.1 

Modified -390 -19.5 10.2 44.8 

 

Gain scheduling 

 

The gain scheduling is needed to apply the controller to proper operating condition. 

The block diagram of the gain scheduling is depicted in Fig. 4.1.  
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Fig. 4.1 Block diagram of gain scheduling 

 

To schedule the gain properly, the operating point, the cooling capacity, should be 

measured. However, it is difficult to measure the cooling capacity directly in the actual 

system. Even for the indirect measuring, additional measuring devices cause the need of 

extra space and cost. Therefore, the necessity of gain scheduling should be determined 

before applying the gain scheduling. To check the necessity of the gain scheduling, the 

PI controllers designed for each cooling capacity model were applied to the other 

models. The settling time, the overshoot and the stability margins were compared as in 

Table 4.5. As shown in the table, the PI controller designed for the cooling capacity of 

40W shows similar of even better performance to the controllers designed for each 

cooling capacity. Therefore it was concluded that the gain scheduling was meaningless 

in this research.  
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Table 4.5 Result of applying each PI controller to the other cooling capacity model 

Controller Plant Settling time Overshoot Gain margin(dB) Phase margin(˚) 

C30W P30W 102.6 37.6 10 35.9 

P40W 160.8 72.4 5.82 19.3 

P50W 204.6 82.4 5.08 15.5 

P60W 141.7 59.5 9.83 24 

P70W 182.2 85.6 3.92 14.7 

P80W 165.4 79 4.53 17 

C40W P30W 100.6 20.5 12.6 50.9 

P40W 72.3 28.8 10.2 42.2 

P50W 95.4 36.2 9.61 37.3 

P60W 112.5 10.7 13.6 42.7 

P70W 77.9 33.7 8.22 38.4 

P80W 73.8 30 8.79 40.9 

C50W P30W 106.4 20.4 13.4 50.9 

P40W 79.5 26.4 11 43.8 

P50W 103.6 33.4 10.4 38.8 

P60W 122.2 27.2 14.4 43.5 

P70W 84 29.7 9.01 40.6 

P80W 62.8 26.3 9.58 43.1 

C60W P30W 105.1 31.6 9.82 40.3 

P40W 126.1 63.1 6.33 23.9 

P50W 149.7 72.7 5.67 19.9 

P60W 112.6 51.3 10.1 28.6 
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P70W 148.9 76.2 4.4 18.7 

P80W 132.5 69.8 4.99 21.2 

C70W P30W 163.3 20.3 14.7 50.9 

P40W 92.2 23.2 12.3 46.3 

P50W 118.3 29.6 11.7 41.1 

P60W 138.8 25.7 15.7 44.6 

P70W 96.1 24.1 10.3 44.1 

P80W 73.2 21.4 10.9 46.4 

C80W P30W 150.8 20.4 14.1 50.9 

P40W 85.6 24.7 11.6 45 

P50W 110.5 31.4 11 39.9 

P60W 130.2 26.4 15.1 44 

P70W 89.5 26.8 9.65 42.4 

 

4.2.2 Robust control 

In order to design a controller with good robustness against the change of the 

model parameter, the  H∞ robust method was adopted.[53] The structure of the H∞ 

robust controller is shown in Fig. 4.2. The weighting functions 𝑊1,𝑊2 and 𝑊3 are 

designed to ensure the desired closed loop performances and the robustness of the 

compressor. Fig 4.2 can also be represented as the augmented form shown in Fig. 4.3. In 

Fig. 4.3, the system P is augmented by the weighting functions 𝑊1, 𝑊1 and 𝑊1. The 

input and output of the controller are Y and U, respectively. The input and the output 

of the system 𝑃 are 𝑅 and 𝑍, respectively. 
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Fig. 4.2 Block diagram of the H∞ robust controller 

 

 

Fig. 4.3 Augmented form of the H∞ robust controller 

 

The system P can be represented by: 

[
Z
Y
] = [

P11 P12
P21 P22

] × [
R
U
] 

 

(4.4) 

 

where P11, P12, P21 and P22 are the elements of the system P. From Fig. 4.2 and 4.3, Z 

can be represented as follows. 

Z = [
Z1
Z2
Z3

] = [

W1 −W1G
0 W2

0 W3G
] × [

R
U
] 

 

(4.5) 

 

Assuming that: U = Cϵ. H can be defined as the transfer function between the reference 

data R and the output Z as shown below.  
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H = [
W1S
W2CS
W3T

] 

 

(4.6) 

 

where S is the sensitivity function which represents the transfer function between the 

reference data R and the error ϵ. T is the complementary sensitivity function which 

represents the transfer function between the reference data R and the output X. S and 

R can be represented as follows. 

S =
ϵ

R
=

1

1 + CG
 

 

(4.7) 

 

T =
X

R
= 1 − S 

 

(4.8) 

 

The goal of the H∞ robust method is to define controller C that makes closed 

loop stable in spite of the change of the model parameters and ensure the desired 

performances defined by the weighting functions. This can be achieved if the relation 

below is true. 

‖𝐻‖∞ ≤ 𝛾 

 

(4.9) 

 

With 𝛾 = 1 and where the H∞ norm of a function is defined as follows. 

‖𝐻‖∞ = sup �̅�(𝐻(𝑗𝜔)) 

 

(4.9) 

 

From equation 4.6, H∞ norm can be represented as: 
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‖𝐻‖∞ = ‖

𝑊1𝑆
𝑊2𝐶𝑆
𝑊3𝑇

‖

∞

 

 

(4.9) 

 

The three weighting functions can be designed from this equation for the desired 

control performance and ensuring the stability of the closed loop. The first weighting 

function 𝑊1  which is used to define the tracking performance by weighting the 

sensitivity is as follows. 

|𝑊1(𝑗𝜔)| ≤
𝛾

|𝑆(𝑗𝜔)|
 

 

(4.10) 

 

The second weighting function 𝑊2 which limits the control signal 𝑈 depending on the 

reference 𝑅 is represented as: 

|𝑊2(𝑗𝜔)| ≤
𝛾

|𝐶(𝑗𝜔)𝑆(𝑗𝜔)|
 

 

(4.11) 

 

The third weighting function 𝑊3 is skipped in this research. In this research, the 

weighting functions 𝑊1 and 𝑊2 were set as below. 

𝑊1 = 5 ×
𝑠 1. ⁄ + 0.0 

𝑠 +  × 10−5
 

 

(4.12) 

 

𝑊2 =
1

200
 

 

(4.13) 

 

With these weighting functions, the robust controller was designed as follows. 
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𝐶 =
−23.09𝑠3 − 3.  4 × 105𝑠2 − 1.0 × 105𝑠 − 2 43

𝑠3 + 32 . 𝑠2 + 223. 𝑠 + 0.015  
 

 

(4.14) 

 

Finally, the comparison on the performance between the PI controller and the robust 

controller is shown in Table 4.7. As shown in the table, the overshoot of the closed loop 

system is drastically decreased when using the robust controller.  

 

 

Table 4.6 Comparison between the PI controller and the robust controller 

Cooling 

capacity 

PI controller (40W) Robust controller 

Settling time(s) Overshoot(%) Settling time(s) Overshoot(%) 

30W 100.6 20.5 137.87 5.63 

40W 72.3 28.8 94.14 2.30 

50W 95.4 36.2 79.76 3.88 

60W 112.5 10.7 106.46 5.41 

70W 77.9 33.7 42.24 0 

80W 73.8 30 51.22 0 
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5 Performance evaluation 

The controllers designed in previous chapter were applied to the cooling system and 

tested. To check the validity of using single PI controller instead of the gain scheduling, 

the PI controller designed for the cooling capacity of 40W was compared to the 

controller designed for each cooling capacity. For each cooling capacity, the temperature 

of the heater was measured for the temperature difference of 3℃, 4℃ and 5℃. The 

measured data are depicted in Fig 5.1. As shown in the graph, there are little difference 

between the controller designed for the cooling capacity of 40W and the controller 

designed for the each cooling capacity. The PI controller and the robust controller are 

compared in Fig. 5.2 and Table 5.1. As shown in the figure and the table, the 

performances of the PI controller are better than that of the robust controller. The 

reasons of this phenomenon are deduced as follow: 1. The robust design method used in 

this research are not suitable for improving the performance of the controller at low 

frequency region. 2. The saturation function to limit the rotating speed of the 

compressor prevents the improvement of the performance. 3. The characteristic of the 

system that cannot operate backward is the limit to improve the performance. 
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(a) Cooling load of 30W (b) Cooling load of 40W 

  

(c) Cooling load of 50W (d) Cooling load of 60W 

  

(e) Cooling load of 70W (f) Cooling load of 80W 

Fig. 5.1 Setpoint tracking data of the PI controllers 
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Table 5.1 Comparison of the setpoint tracking data between the PI controller and the 

robust controller 

Cooling capacity Controller RMS error 

30W 
PI 0.596 

Robust 0.550 

40W 
PI 0.990 

Robust 1.230 

50W 
PI 0.633 

Robust 0.966 

60W 
PI 0.723 

Robust 0.996 

70W 
PI 0.816 

Robust 1.159 

80W 
PI 0.971 

Robust 1.599 
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(a) Cooling load of 30W (b) Cooling load of 40W 

  

(c) Cooling load of 50W (d) Cooling load of 60W 

  

(e) Cooling load of 70W (f) Cooling load of 80W 

Fig. 5.2 Setpoint tracking data of the PI and robust controller 
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6 Conclusion 

The meso-scale cooling system using vapor compression refrigeration cycle was 

developed and controlled. According to the design requirement of the system, the 

compressor, the condenser, the evaporator, and the expansion device was designed and 

manufactured. The compressor was design as a rotary sliding vane type compressor and 

accomplished the discharge pressure of 3.07 bar. The condenser was designed to 

dissipate the heat of 90W to ambient temperature by using the laminar film 

condensation. The evaporator was designed as a 2 dimensional micro channel type 

evaporator. The design parameters of the evaporator were selected to maximize the heat 

transfer coefficient for the change of the operating condition by using the Taguchi 

methodology. The expansion device was selected as a single orifice of which diameter 

was designed to have minimum change in the superheat of the evaporator for the change 

of the cooling load and the flow rate. The developed refrigeration system has a 

minimum heat source temperature of 46℃ at the cooling load of 80W. The COP was 

2.15 at this condition. The system identification with black box approach was conducted 

to control the system. Based on the identified model, gain scheduling of PI controllers 

and robust controller were planned to be designed. However, it was proved that the gain 

scheduling is unnecessary. Through the experiments, the PI controller designed for the 

cooling capacity of 40W was proved to be the best performing controller. Further 

research can be conducted to improve the performance of the robust controller in the 

system with large time delay. 
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Abstract in Korean 

 

본 논문은 메조 스케일 증기 압축 냉동 시스템의 개발과 제어에 대해 다룬다. 메

조 스케일 냉동 방식으로 증기 압축 냉동 방식은 다른 방식에 비해 효율이 높으

나 메조 스케일 압축기를 개발하는 것이 어렵다. 본 연구에서는 압축비 3과 흡

입유량 8 lpm 을 가지는 메조 스케일 로터리 베인 압축기를 개발하여 메조 스케

일 증기 압축 냉동 시스템에 적용하였다. 또한 마이크로 채널 증발기를 실험계획

법을 이용한 설계 변수 최적화를 통해 설계하고 제작하였다. 팽창 노즐 또한 실

험 계획법을 이용하여 증발기 출구 과열도를 일정하게 유지하도록 노즐 직경을 

설계하였고, 층류 막 응축식을 통해 목표 열 방출량을 가지는 응축기를 설계하였

다. 각각의 부품을 결합하여 증기 압축 냉동 시스템을 제작하고 실험하여, 냉각 

부하 80W에 대해 열원의 온도를 46℃이내로 유지하며, 2.15의 성적계수를 가지

는 냉동 시스템을 개발하였다. 개발된 냉동 시스템의 제어를 위해 블랙 박스 모

델을 이용하여 동작 조건에 따라 시스템의 모델을 식별을 수행하였다. 식별된 모

델에 대해 PI 제어기와 강인제어기를 설계하여 실험으로 검증하였다. 실험 결과 

단순한 구조를 가진 PI 제어기의 성능이 가장 좋은 것으로 확인되었다. 

 

 

주요어 : 메조스케일, 증기압축냉동, 성적계수, 시스템 식별, 강인제어기 
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