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Abstract

Numerical Study of Flow Characteristics

on Combustion and Knock Phenomena in SI Engines

Cheonghwan Kim

Department of Mechanical and Aerospace Engineering

The Graduate School

Seoul National University

Recently, global warming issue and air pollution problems have become 

significant and the emission regulation for the exhaust gas of light-duty vehicles

is being reinforced gradually. Because the amount of CO2 emission turns on the

chemical energy input to an engine, the improvement of the thermal efficiency is 

a key factor to cope with the future the CO2 emission regulation. In the spark-

ignited engine, the compression ratio has a direct relationship with the engine 

thermal efficiency due to the intrinsic characteristics of ideal Otto cycle. 

However, if the engine compression ratio is high, the autoignition may occur in 

the unburned gas region. 

To prevent knocking behavior which can lead to the enhancement in engine 

thermal efficiency by increasing the compression ratio, fast combustion is 

required. Many studies have investigated the relationship between the tumble 

ratio and the flame propagation speed via changing the intake port design or 

installing the tumble inducer. However, the in-cylinder flow motion is 

complicated because the flow motion can be affected by not only the intake port 

design but also other design features of the engine.
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In this study, the effects of various engine shapes on flow characteristics in 

the cylinder were investigated. In addition, the effects of flow on the combustion 

and knock phenomenon were studied by 3D CFD simulation. Three intake port

designs and three piston shapes were examined for changing the in-cylinder flow 

motion during the simulation. The tumble ratio and the movement of the tumble 

vortex center were investigated according to the variation of design, and the 

relationship between flow characteristics and the turbulent kinetic energy was 

explored in detail. Lastly, the effects of low on the combustion and knock 

phenomenon were examined. 

As a result, enhancing the tumble ratio did not promise enhancing the 

turbulent kinetic energy near the spark position. Instead, it was revealed that

dissipating the bulk tumbling motion effectively was important for enhancing

the in-cylinder turbulent kinetic energy. In addition, there was a linear 

correlation between the change of the tumble ratio and the turbulent kinetic 

energy. Despite the higher turbulent kinetic energy was achieved inside the 

cylinder, the burning rate was decreased by the counterflow for the flame 

propagation. Knocking behavior was not always avoided by increasing the flame 

speed by enhancing the in-cylinder turbulence.

Keywords: SI engine, Computational Fluid Dynamics, Turbulence, Tumble 

inducer, Tumble vortex center, Combustion duration

Student Number: 2017-20997
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Chapter 1. Introduction

1.1 Backgrounds and Motivations

A global warming issue and air pollution problems become significant, 

the regulation on the ��� (carbon dioxide) gas emission is being reinforced 

gradually. From 2014, EURO6 regulations came into force, and the restriction 

on gasoline vehicles operated by GDI (gasoline direct injection) type engines. 

According to the International Council on Clean Transportation (ICCT) report, 

the European Union discussed to reduce the amount of ��� to 95 g/km until 

2021 [1]. In the United States, the WLTC (worldwide harmonized light 

vehicles test cycles) was applied to all types of vehicles since September 2017. 

Furthermore, the RDE (real driving emission) regulation was also introduced. 

In South Korea, the ��� emission for passenger cars must be reduced to 97

g/km by 2020. Other governments also try to reinforce the emission

regulations due to the environmental problem. This movement becomes the 

biggest challenge for the automakers.

The IC (internal combustion) engine converts the chemical energy of the 

hydrocarbon into the heat by the combustion and finally into the mechanical 

energy by piston reciprocation [2]. As the amount of ��� emission indicates

the chemical energy input, increasing engine thermal efficiency is one of the 

most important things to reduce ��� emission.

To improve the engine thermal efficiency, various attempts were made in 

SI (spark-ignited) engines field. For minimizing the heat loss during the 

combustion process, the optimization of combustion chamber layout has been 

widely conducted [3]. In addition, studies on optimum B/S (bore-to-stroke)
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ratio were also examined [4]. Application of VVA (variable valve actuation)

system [5] became typical for utilization of the optimized valve timing for a 

certain operating condition. LIVC (late intake valve closing) or EIVC (early

intake valve closing) provides benefits on the reduction of pumping loss at the

low-load condition. The EGR (exhaust gas recirculation) system also has an 

advantage for reducing pumping loss and heat loss by decreasing the maximum 

temperature of the in-cylinder mixture during the combustion process. 

A basic but powerful method for enhancing the engine thermal efficiency 

is increasing the compression ratio. It is well known that the compression ratio 

has a direct relationship with the thermal efficiency [2]. An operation of SI 

engine can be represented by the Otto cycle. The thermal efficiency of the Otto 

cycle increases as the compression ratio increases.

��� = 1 −
�

��
�   (1.1)

Where, �� : engine compression ratio

       k : polytropic coefficient

However, increasing the compression ratio is difficult in practice. During 

the combustion, there are two regions in the cylinder: the burned gas region 

and the unburned gas region. As the combustion proceeds, the unburned gas is 

compressed by the burned gas. When the condition of the unburned gas 

reaches the autoignition criterion, the unburned gas can be ignited

spontaneously at multiple points if there is considerably large amount of 

mixture [6]. If the compression ratio is too high, this autoignition can occur

rapidly in the unburned gas region. A violent explosion will occur in the 

unburned gas region, causing pressure waves to oscillate in the cylinder with a

pinging sound. This phenomenon is called as the engine knock. 
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The engine knock is a result of the autoignition in the unburned gas region

before the flame reaches [7]. It causes spontaneous heat release at the unburned 

gas region. If the amount of heat release is significantly large, the erosion or 

engine damage such as piston crown melting, head gasket leakage and bore 

scuffing can occur [8, 9, 10]. For this reason, the engine knock is a major 

problem limiting further improvement of the thermal efficiency. Therefore, the

engine knock must be avoided during the operation. An example of pressure 

traces of knocking and non-knocking cycle is shown in figure 1.2.

Enhancing the in-cylinder turbulence is a key point for improving the 

thermal efficiency with respect to the knock mitigation. To suppress engine

knock and consequently, improve the engine thermal efficiency by increasing

the engine compression ratio, it is important to realize fast combustion. The

flame front initiated from the spark plug can be highly affected by the in-

cylinder turbulence. Because the turbulent flow wrinkles the flame front, the 

effective area of the chemical reaction zone can be increased. As a result, the 

burning rate of the fuel can be increased as a ratio of the wrinkled flame 

surface area to the cross-sectional area. If the burning rate of the in-cylinder 

charge is fast, the flame can pass the unburned gas region before the

autoignition occurs, and the violent explosion in the unburned gas region can 

be suppressed. 

Enhancing the in-cylinder turbulence can be achieved by changing the

engine geometry. Especially, many researchers have changed the intake port

design because the in-cylinder charge motion is affected by the intake port

design considerably, and many advances on the intake port design have been

made. The major interest of developing the intake port is inducing a tumble

motion of in-cylinder charge. Recently, other engine geometries have been also 

modified as well as the changes in intake port design [11]. It was shown that 
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the generated tumble motion of the fluid can be also affected significantly by

the piston shape or combustion chamber layout during the compression stroke.

Therefore, a comprehensive investigation of the effect of engine 

geometry is required. In this study, not only the effect of intake port design, but 

also the effect of piston shape is explored. Because the in-cylinder flow can 

affect every phenomenon which occurs in the cylinder, a sophisticated 

understanding of the in-cylinder flow is needed for the further improvement of 

the engine. 
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Figure 1.1 Engine damages caused by the engine knock [8]
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Figure 1.2 Typical knocking and non-knocking cycle [6]
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Table 1.1 The overview of regulations for passenger cars [1]

Country or Region Target

Year
Regulated metric Fleet Target Form of target curve

Japan 2020 Fuel economy 20.3 km/L Weight-class based

corporate average

China 2020 Fuel consumption 0.05 L/km
Weight-class based

corporate average

EU 2021 ��� 95 g/km
Weight-based

corporate average

South Korea 2020 Fuel economy / GHG
24 km/L or

97 g/km

Weight-based

corporate average

U.S. 2025 Fuel economy / GHG
55.2 mpg and

147 g/mile

Footprint-based

corporate average
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1.2 Literature Review

To achieve fast combustion, many studies were carried out focused on 

enhancing the in-cylinder turbulence. Nishiyama et al. [12] measured the 

velocity near the spark location using mini LDV (laser doppler velocimetry)

optics because the in-cylinder turbulence is one of the most important factors 

that determine the flame propagation. In their research, the mini LDV probe 

was applied to the single cylinder engine and investigated the flow velocity 

under the motoring and the firing condition. They revealed that the local 

maximum value of turbulent energy during the end of compression stroke 

increased with the engine speed for both conditions because of the strong 

intake flow and piston speed. Nadarajah et al. [13] and Auriemma et al. [14] 

also investigated the in-cylinder flow using the LDA (laser doppler 

anemometer). According to their reports, the flow structure during the intake 

stroke was quite affected by the intake valve lift. 

Bozza et al. [15] investigated the change of the in-cylinder flow according 

to various engine operating conditions and geometries using 3D CFD 

(computational fluid dynamics) simulation. In their study, the effects of 

variable valve strategy, the engine speed, the port angle, the compression ratio 

and the B/S ratio on the in-cylinder flow were examined. For the LIVC 

operation, the backflows of intake led to considerable tumble destruction 

during the compression stroke. As a result, the maximum turbulence level near 

the TDC (top dead center) became lower when the EIVC or the LIVC strategy 

was adopted. They also revealed that flow levels including the mean flow and 

the turbulence increased proportionally as the engine speed uplifted. When the

intake port angle increased so that the intake port lay down, the higher 
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turbulence peak was obtained near the end of the compression stroke.

Furthermore, a bigger B/S ratio showed a negative impact on the turbulence, 

and the compression ratio affected the degree of interaction between the flow 

motion and the piston near the TDC. 

In other studies, the variations of the combustion duration, the flow 

characteristics and the turbulent intensity according to the tumble ratio were 

investigated [16, 17]. They measured in-cylinder flow characteristics using the 

LDV and conducted 3D CFD simulation using STAR-CD which is a 

commercial CFD solver, simultaneously.

Takahashi et al. [16] investigated the effect of the high tumble on the

combustion and the EGR dilution limit. In this study, the relationship between 

the turbulent intensity at the combustion chamber and the turbulent intensity at 

spark plug were confirmed. They also revealed that the turbulent intensity 

affected the main combustion. Most of all, there was a strong correlation 

between the turbulent intensity and the bore diameter divided by 10-90% 

combustion duration. As shown in figure 1.3, when the turbulent intensity 

increased, bore diameter divided by 10-90% combustion duration also 

increased linearly.

Omura et al. [17] changed the tumble ratio using two valve rift strategies 

and the intake adaptor. The flow velocity and turbulent intensity were 

measured depending on the tumble ratio. As a result, they revealed that the 

flow velocity at the spark position reversed from the exhaust side to the intake 

side near the TDC. This was attributed to the movement of the tumble vortex 

center. When the tumble vortex center moved over the spark position, the 

flame propagated from the spark plug to the intake side mainly. Furthermore, 

they also showed that the combustion duration became shorter as the tumble 
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ratio increased. Taking all these, Matsuo et al. [18] achieved the maximum 

thermal efficiency of 40%.

Wang et al. [19] investigated the flow field near the spark plug using the 

PIV (particle image velocimetry). In this study, the tumble plank was used for 

changing the tumble ratio. In addition, the spark arc stretching image and the 

movement of flame kernel were also captured via the high-speed imaging 

under the high and the low tumble conditions. They reported that the transition 

of flow direction from toward the exhaust side to toward the intake side led to 

variability of the convection of the initial flame kernel. However, the flow 

direction could maintain well until the end of the compression stroke under the 

high tumble condition. In other words, the high tumble flow was necessary for 

maintaining the flow direction near the spark position so that flame kernels 

were more stretched. As shown in figure 1.4, this trend was helpful to flame 

propagation. 

Apart from the above, many studies have examined the relationship

between flow characteristics and the combustion in terms of the tumble ratio

[20, 21, 22]. However, previous studies changed only the intake port via 

installing the addon named as tumble adaptor or tumble plank. There is an 

insufficient study on the other geometrical effects on in-cylinder flow 

characteristics. The in-cylinder flow motion is complicated because it is

affected by not only the intake port design but also other geometrical features 

of the engine. Enough knowledge of the relationship between the in-cylinder 

flow and the design of the engine is essential for optimizing the engine design 

and consequently, enhancing the engine performance. Also, it is important to 

reveal how the flow characteristics changed the combustion and knock 

phenomenon.
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Figure 1.3 The effect of turbulent intensity on combustion duration [16]

Figure 1.4 2D probability density function of the flame propagation in low 
and high tumble case [19]
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1.3 Research objective

The aim of this work is to investigate flow characteristics in the cylinder 

and analyze the effect of flow characteristics on the combustion and knock 

phenomenon numerically in the SI engine. To change in-cylinder flow 

characteristics, three intake ports (base, high tumble and low tumble) and three 

pistons (two bowl-shaped pistons and flat piston) are designed. The more

information of geometries is described in chapter 3. The main objectives of this 

study are as follows:

1. Motored simulations are conducted in all cases for the flow analysis. 

In this part, the tumble ratio and the tumble vortex center position are

investigated as flow characteristics. Trends of flow characteristics are 

analyzed according to the engine geometry.

2. The effects of the transition of the tumble ratio and the movement of 

the tumble vortex center are studied. The RMS (root-mean-square)

velocity which represents the turbulent kinetic energy near the spark 

position is measured.

3. The effects of the flow characteristics on the combustion and knock 

phenomenon are examined by the combustion and the knock 

simulations. The burn duration of each case is obtained, and the flow 

effects on the combustion are investigated. After that, the relationship

between the knock occurrence and previous results is discussed.
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Chapter 2. Model Description

2.1 Description of Flow Field

The fluid motion can be described by a system of partial differential 

equations which expresses mathematical statements of the conservation of the 

mass, the momentum, and the energy [23]. The mass conservation equation 

and the Navier-Stokes equation can be written as

���

��
= 0 (2.1)

���

��
+

�

���
������ = −

�

�

��

���
+ �

����

������
      (2.2)

Where, �� : Cartesian coordinate (�=1, 2, 3)

       �� : fluid velocity component in direction

       � : pressure

       � : density of fluid

       � : kinematic viscosity

in the case of incompressible Newtonian fluid [24].

The RANS (Reynolds averaged Navier-Stokes) simulation method solves

the equation by a statistical approach. The turbulence is averaged out, and a 

system of equations of the fluid motion is solved for the averaged flow motion. 

The RANS equation can be obtained by applying the Reynolds decomposition 

on the mass conservation equation and the Navier-Stokes equation.
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������

��
= 0       (2.3)

������

��
+

�

���
���� ��� � = −

�

�

��̅

���
+ �

�������

������
−

�

���
���   (2.4)

The ��� is known as Reynolds stress tensor. Because the Reynolds stress 

tensor is the 2nd rank and the symmetric tensor, there are 10 unknowns (three 

mean velocity components, pressure, and six Reynolds stress tensor 

components) but only 4 equations. In other words, the system of equations is 

not closed, thus an additional modeling is required for solving the RANS 

equation. This is called as turbulence modeling.

In this study, the RNG (re-normalization group) �-� model was used as a 

turbulence model. The RNG � -� model renormalizes the Navier-Stokes 

equation to account for the effects of the small eddy motion [25, 26]. This 

model uses additional equations for the turbulent kinetic energy and the 

turbulent dissipation rate, based on the Boussinesq eddy-viscosity 

approximation [27]. Governing equations are given as follows [28].
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Turbulent kinetic energy:

�

��
(��) +

�

���
����� − �� +

��

��
�

��

���
� =

��(� + ��) − �� −
�

�
���

���

���
+ ���

���

���
(2.5)

Turbulent dissipation rate:

�

��
(��) +

�

���
����� − �� +

��

��
�

��

���
� =

  ���
�

�
���� −

�

�
���

���

���
+ ���

���

���
�

  +���
�

�
���� − ����

��

�

+�����
���

���
−

����(��
�

��
)

�����

���

�
(2.6)
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Table 2.1 Coefficients of the RNG k-ε Turbulence model

�� �� �� �� �� ��� ���

0.085 0.719 0.719 0.9 0.9 1.42 1.68

��� ��� � � �� �

0.0 or 1.42* -0.387 0.4 9.0 4.38 0.012

*��� = 1.42 for �� > 0 and is zero otherwise
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2.2 Gasoline Combustion Model by G-equation

2.2.1 G-equation model

If a rate of some chemical reactions is fast enough, it is assumed that the 

chemical reaction takes place within a thin layer compared to the length scale 

of the flow [29]. Then the chemical source term in the equations for reacting 

scalars could be expressed by the delta function rather than a smooth function 

in the fluid. Because modeling series of the delta function is difficult, so it is 

helpful to use the field equation which does not contain the chemical source 

term. 

Such an equation could be derived from the flow velocity, the burning 

velocity normal to the flame front and the resulting propagation velocity of the 

front [28].

��

��
= � + ��� (2.7)

� = −
��

|��|
       (2.8)

Where, � : flow velocity

       �� : burning velocity normal to the flame front

       
��

��
: propagation velocity of the front

Considering an arbitrary iso-scalar surface,
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�(�, �) = ��        (2.9)

then this surface divides the flow field into the burned and the unburned region 

by comparing the value of the scalar. This method is known as level-set 

approach. A kinematic G-equation could be obtained by differentiating the 

equation (2.9) with respect to � and introducing the equation (2.7).

��

��
+ � ⋅ �� = ��|��|     (2.10)

This equation contains the variation, the convective term and the Eikonal term 

multiplied by the burning velocity, but no diffusion term.

In the G-equation combustion model, an iso-scalar surface G separates the 

fluid into the burned and the unburned region. Normally this surface is defined 

as the � = 0 surface, and the scalar G is a signed distance function [28]. To 

describe a flame structure in turbulent flows, the variance of G should be 

required, which means the turbulent flame brush thickness [30].

The following transport equations are solved for the G and the variance of 

G, ���.

�

��
�� +

�

���
���� = ���|��|   (2.11)

      
�

��
���� +

�

���
������ − ���

����⋅��

|��|
=

2
��

��
�

��

���

��

���
� − ���

�

�
���      (2.12)

The value of �� is known as 2 [31], and �� is the turbulent burning velocity.
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Figure 2.1 A schematic representation of the flame front as an iso-scalar surface of G [29]
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2.2.2 Burning velocity model

In this study, the laminar burning velocity model based on Golovitchev’s 

semi-detailed chemical mechanism (120 species with 677 reactions) [32] was

used. For an efficient calculation, the laminar burning velocity was converted 

to a fitting equation, and this fitting equation was used for the actual 

calculation. The turbulent burning velocity was modeled by Peters [33], and 

specific equations are following.

Laminar burning velocity:

�� = � ∙ �(�����������) ∙ �
�

��
�

�

�
�

��
�

�

(2.13)

��� = −0.111|� − ��|� (2.14)

��� = −���.���(����) (2.15)

��� = −2.687(� − ��) (2.16)

� = �� + ��� + ���� + ����

+���� + ���� + ���� (2.17)

� = �� + ��� + ���� + ����

+���� + ���� (2.18)
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Where, � : equivalence ratio

       � : local temperature

       � : local pressure

Table 2.2 Coefficients of the laminar burning velocity model

a �� �� �� α� α�

1.76 1.097 500 500000 5.652 13.032

α� α� α� α� α� β
�

-63.62 85.631 -51.946 14.93 -1.657 -8.536

β
�

β
�

β
�

β
�

β
�

29.217 -40.126 26.461 -8.3848 1.0288

Turbulent burning velocity:

�� = ��(1 + ��� ) (2.19)

��� = −
�.��

�

�

��
+ ��

�.��

�

�

��
�

�

+ 0.78
���

����
�

� �⁄

    (2.20)

Where, � = 0.37���/� : integral length scale

       �� = �(2 3⁄ )�

       � : turbulent kinetic energy

       �� : flame thickness
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2.3 Chemical Reactions

2.3.1 Gasoline surrogate fuel

The real gasoline fuel is a mixture of hundreds of hydrocarbons. It is 

impossible to reveal all of the composition of the gasoline fuel and its 

proportion. Even if the exact composition of the gasoline were known, it is 

hard to construct and simulate chemical reactions of the gasoline fuel in a 

computer simulation due to a limit of computing power. Instead, it is useful to 

modeling the surrogate fuel which represents characteristics of the real 

gasoline fuel well. This surrogate fuel should be composed of a reasonable 

number of chemical reactions and species.

First, a single component surrogate fuel, iso-octane, was used for 

modeling the gasoline fuel [34, 35]. However, the real gasoline is easier to 

self-ignite than the iso-octane, thus a fuel blend of n-heptane and iso-octane 

was used for the typical gasoline surrogate fuel. This fuel blend is called as 

PRF (primary reference fuel) and used to define the fuel ON (octane number)

[36]. Recently, a ternary surrogate fuel which consists of iso-octane, n-heptane

and toluene is widely used for the gasoline surrogate fuel. This surrogate fuel 

is called as TRF (toluene reference fuel). By adding toluene on the PRF, the 

fuel sensitivity [37] can be controlled. Gauthier et al. [38] showed in their 

work that there was a good agreement on ignition delay times between the TRF 

and the real gasoline. Iso-octane, n-heptane and toluene normally represent iso-

paraffins, n-paraffins and aromatics, respectively [39]. 

In this study, the TRF was used as the gasoline surrogate fuel for engine 

simulation. Lee et al. [39] tested several surrogate fuels, targeting the 
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characteristic of Korean domestic gasoline fuel. According to their study, the 

gasoline surrogate fuel, which consists of 54% iso-octane, 22% n-heptane and 

24% toluene by liquid volume percentage, showed the good agreement with

Korean domestic gasoline fuel. Further discussion for the reaction mechanism 

of surrogate fuel will be given at the section 2.3.2.

Table 2.3 The composition of the gasoline surrogate fuel

Iso-octane n-heptane toluene

Volume fraction 0.54 0.22 0.24

Mass fraction 0.5103 0.2047 0.285

Molecular Weight 114 100 92

Density [�/���] 0.69 0.6795 0.867



25

2.3.2 Reduced chemical mechanism for knock prediction

A detailed chemical mechanism of the single component fuel (iso-octane) 

and the PRF were developed at Lawrence Livermore National Laboratory 

(LLNL), and these mechanisms were widely used for the combustion 

simulation [40, 41]. But these mechanisms had a shortcoming for modeling the 

gasoline ignition ability [42]. 

In the meantime, there were attempts to model the gasoline fuel with more 

complex mixtures. Ogink et al. [43] suggested a mechanism with 506 reactions 

and 109 species for the gasoline combustion, and Naik et al. [44] developed a 

detailed chemical mechanism with 5835 reactions and 1328 species for the

gasoline surrogate fuel which consists of five hydrocarbon components. This 

detailed mechanism of the gasoline combustion has an advantage on accuracy, 

but enormous computing times are required for simulation. To overcome this 

limitation, reduced mechanisms for the gasoline surrogate fuel which allow the 

efficient simulation were also developed.

In this study, the reduced chemical reaction mechanism of Lee et al. [39] 

was adopted for simulating an autoignition of the gasoline fuel. Lee et al.

suggested the gasoline surrogate fuel and the reduced chemical mechanism, 

targeting Korean domestic reference fuel. This mechanism consists of 67 

reactions and 48 species which is composed of 12 reactions for iso-octane, 12 

reactions for n-heptane, 11 reactions for toluene and other common reactions.

This mechanism shows a reliable result of an ignition delay time, with a 

relatively low computational load.
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Figure 2.2 (a) Comparison of ignition delay from a RCM (rapid compression machine) experiment and (b) RCM 
simulation result of the reduced chemical mechanism



27

Table 2.4 The reduced mechanism for the gasoline surrogate fuel [39]

No. Reactions A n E

1 IC8H18+H=CC8H17+H2 1.26E+14 0.00 7300

2 IC8H18+OH=CC8H17+H2O 8.00E+12 0.00 440

3 IC8H18+O2=CC8H17+HO2 4.00E+12 0.00 46000

4 IC8H18+HO2=CC8H17+H2O2 3.50E+13 0.00 14400

5 CC8H17=C4H8+IC4H9 5.50E+13 0.00 30700

6 CC8H17+O2=C8H17OO 2.50E+19 -2.50 0

7 C8H17OO=C8H16OOH 1.10E+12 0.00 28500

8 C8H16OOH+O2=C8H16OOHOO 2.20E+17 -2.50 0

9 C8H16OOHOO=OH+C7H14CHO(OOH) 2.00E+08 0.00 7500

10 C7H14CHO(OOH)=C6H13CO+CH2O+OH 3.05E+18 0.00 41400

11 C6H13CO=CO+IC6H13 3.00E+15 0.00 58600

12 IC6H13=C2H5+2C2H4 2.51E+09 0.00 28800

13 C7H16+O2=C7H15-2+HO2 2.80E+14 0.00 47180

14 C7H16+H=C7H15-2+H2 4.38E+07 2.00 4750

15 C7H16+OH=C7H15-2+H2O 4.80E+09 1.30 690.5

16 C7H16+HO2=C7H15-2+H2O2 1.10E+14 0.00 16950

17 C7H15-2=IC4H9+C3H6 1.90E+14 0.00 29600

18 C7H15-2+O2=C7H15O2 2.00E+12 0.00 0

19 C7H15O2=C7H14O2H 6.00E+11 0.00 20380

20 C7H14O2H+O2=C7H14O2HO2 2.38E+11 0.00 0

21 C7H14O2HO2=C7KET21+OH 2.97E+13 0.00 26700

22 C7KET21=C5H11CO+CH2O+OH 1.00E+16 0.00 42400

23 C5H11CO=C5H11+CO 1.00E+11 0.00 9600

24 C5H11=C4H8+CH3 5.00E+09 0.00 26000

25 C7H8+O2=C7H7+HO2 1.00E+14 0.00 39080

26 C7H8+OH=C7H7+H2O 5.26E+10 0.00 2583

27 C7H8+H=C7H7+H2 3.98E+02 3.44 3120

28 C7H7+O=C6H5CHO+H 2.50E+14 0.00 0

29 C7H7+O=C6H5+CH2O 8.00E+14 0.00 0

30 C7H7+HO2=C6H5CHO+H+OH 2.50E+14 0.00 0

31 C6H5CHO+OH=C6H5CO+H2O 1.71E+09 1.18 -447

32 C6H5CO=C6H5+CO 3.98E+14 0.00 29400

(Continued on next page)
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No. Reactions A n E

33 C6H5+O2=2CO+C2H2+C2H3 7.50E+10 0.00 15002

34 C2H3+O=CO+CH3 5.00E+13 0.00 0

35 C2H2+OH=CH3+CO 4.83E-04 4.00 -2000

36 O+OH=O2+H 6.40E+14 -0.50 0

37 H2+O=H+OH 1.82E+10 1.00 8900

38 OH+OH=O+H2O 6.00E+08 1.30 0

39 H2O+H=H2+OH 9.55E+13 0.00 20300

40 H2O2+OH=H2O+HO2 1.00E+13 0.00 1800

41 H2O+M=H+OH+M 2.19E+16 0.00 105000

42 H+O2+M=HO2+M 3.61E+17 -0.70 0

43 HO2+OH=H2O+O2 5.01E+13 0.00 1000

44 H2O2+O2=HO2+HO2 3.98E+13 0.00 42640

45 H2O2(+M) = OH+OH(+M) 1.00E+14 0.00 48500

46 H2+M=H+H+M 2.19E+14 0.00 96000

47 CO+OH=CO2+H 6.32E+06 1.50 -497

48 CO+HO2=CO2+OH 1.51E+14 0.00 23650

49 CO+O+M=CO2+M 6.17E+14 3000.00 0

50 HCO+O2=CO+HO2 3.98E+12 0.00 0

51 IC4H9=C2H5+C2H4 2.50E+13 0.00 28810

52 C4H8+O=IC3H7+HCO 7.24E+05 2.30 -1050

53 IC3H7=CH3+C2H4 2.00E+10 0.00 29500

54 C3H6+OH=C2H5+CH2O 1.00E+12 0.00 0

55 C3H6+OH=CH3+CH3CHO 1.00E+12 0.00 0

56 C2H5+O2=C2H4+HO2 1.00E+12 0.00 5000

57 C2H4+OH=CH3+CH2O 2.00E+12 0.00 960

58 C2H4+HO2=CH3CHO+OH 2.20E+13 0.00 17200

59 CH3+HO2=CH3O+OH 1.64E+13 0.00 0

60 CH3CHO+HO2=CH2CHO+H2O2 3.00E+13 0.00 15000

61 CH3O+M=CH2O+H+M 5.01E+13 0.00 21000

62 O2+CH2CHOóOH+2HCO 2.35E+10 0.00 0

63 CH2O+OH=HCO+H2OOH 3.59E+11 0.00 170

64 CH2O+O=HCO+OH 3.80E+13 0.00 3540

65 CH3+HCO=CH2O+CH2 3.00E+13 0.00 0

(Continued on next page)



29

No. Reactions A n E

66 CH3+O=CH2O+H 8.00E+13 0.00 0

67 CH2+O2=CO2+H+H 1.60E+12 0.00 1000

Note: A [���� ∙ �� ∙ ��� ∙ �], E [��� ����⁄ ]
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Chapter 3. Description of the Simulation

3.1 Engine Specification and Numerical Setup

In this study, a SI engine was used for the simulation. An air-fuel mixture 

was generated at inlet of intake port stoichiometrically (no injection). The 

engine bore and stroke are 79mm and 112mm, respectively. The compression 

ratio was adjusted to 12. The EVO (exhaust valve opening) and the EVC 

(exhaust valve closing) timing were 123 and 369 CA (crank angle), 

respectively, and the IVO (intake valve opening) and the IVC (intake valve 

closing) timing were 372 and 638 CA, respectively. The firing TDC is 720 CA. 

In order to simulate the motion of a fluid, the RNG �-� turbulence model was 

used with the Angelberger wall treatment which calculates the wall effect to 

the flow and the heat transfer. The G-equation model was used for the 

combustion simulation. The fuel used in the simulation was the TRF which 

consists of 54% iso-octane, 22% n-heptane and 24% toluene by liquid volume 

percentage. An equivalence ratio was 1, and the engine spark timing was 702 

CA. 

In this study, a commercial CFD software STAR-CD v4.24 was used for 

the simulation and the ES-ICE toolkit facilitated generating an engine mesh as 

shown in Fig. 3.1. The engine mesh consisted of 1,200,000 grid meshes 

approximately at the position of BDC (bottom dead center). The average cell 

size was about 1mm through the whole engine domain. Also, a prism layer was 

wrapped on the entire computational domain due to the near-wall flow and the 

thermal physics behavior adjacent to the wall. A dimensionless wall distance, 

��, was adjusted by controlling the thickness of prism layer so that �� of all 

computational domain was within the recommended range [45, 46, 47]. 
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Additional cells were attached to the intake port inlet and the exhaust port 

outlet surface to allow the fully-developed flow profile. The intake port and the 

exhaust port were excluded after the IVC and the EVC timing, respectively, to 

reduce the computational cost. 

Table 3.1 Engine Specifications

Parameter Specifications

Engine type Spark Ignition

Fuel system premixed

Bore × Stroke 79 mm × 112 mm

Connecting rod 156 mm

Compression ratio 12

RPM 2000

Spark Timing 702 CA

Exhaust Valve Open (EVO) / Close (EVC) 123 CA / 369 CA

Intake Valve Open (IVO) / Close (IVC) 372 CA / 638 CA

Table 3.2 Model Specifications

Model Specifications

Turbulence model RNG �-� model

Wall function Angelberger wall treatment

Combustion model G-equation model

Fuel TRF

Equivalence ratio 1
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Figure 3.1 The computational mesh of the engine generated by the ES-ICE toolkit
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Figure 3.2 The dimensionless wall distance value, (a) cylinder head, (b) 
piston, (c) liner
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3.2 Geometries for Changing Flow Characteristics

In this study, nine sets of engine geometries were used to change the in-

cylinder charge motion. Generally, a tumble motion of the fluid which enters

in the cylinder can be enhanced if the flow is concentrated to the upper side of 

the intake valve. Thus, the high tumble flow can be induced by adding the 

tumble inducer on the bottom side of the intake port [16, 17, 48]. In addition, 

changing the intake port angle can also make the difference of the in-cylinder 

flow characteristics [49, 50]. With this in view, three intake port designs which

have different tumble characteristic each were generated by changing the 

intake port angle or adding the tumble inducer at the bottom side of the intake 

port. As shown in figure 3.3 and table 3.3, low tumble port was designed by 

rotating the intake port through 5° counter-clockwise, and high tumble port 

had the tumble inducer, so the in-cylinder tumble motion was enhanced.

Three piston shape designs were also used to change in-cylinder flow 

characteristics. The in-cylinder structure can affect the in-cylinder fluid motion 

considerably. Especially, when the piston moves more to the TDC position, the 

piston area covers a larger proportion of the cylinder surface total area. Thus, 

in-cylinder flow characteristics can be largely influenced by the piston 

geometry [51]. In this study, three piston shapes were used to investigate the 

change of flow characteristics. As shown in figure 3.4 and table 3.4, piston 1 

and 2 were a bowl-shaped piston, but the piston 2 had the deeper but the 

smaller bowl than the piston 1. The piston 3 was a flat-shaped piston. The case 

index of geometry set was named as shown in table 3.5. 
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Figure 3.3 Intake ports for changing in-cylinder flow characteristics
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Figure 3.4 Piston shapes for changing in-cylinder flow characteristics
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Table 3.3 The geometrical specification of intake ports

Specification Base (B) Low tumble (L) High tumble (H)

Port angle - +5° -

Tumble inducer × × Ο

Table 3.4 The geometrical specification of piston shapes

Specification Piston 1 Piston 2 Piston 3

A 8 mm 17 mm 39.5 mm

B 2.2 mm 4 mm -

� 9° 23° -

Table 3.5 The case index of geometry sets

Case Base Low tumble High tumble

Piston 1 B1 L1 H1

Piston 2 B2 L2 H2

Piston 3 B3 L3 H3



38

3.3 Engine Operating Condition

In this study, the engine motoring simulations were progressed first. 

Afterward, the combustion and knock simulations were conducted with the 

same operating condition to figure out the effect of the flow on the combustion 

and knock phenomenon. The engine speed was 2000 RPM (revolutions per 

minute) in all cases, and boundary conditions for the simulation were obtained 

from the experimental data of a similar engine (compression ratio 12, 

2000RPM and WOT; wide open throttle). The mass flow rate of the inlet was 

obtained by the motored simulation under the intake pressure 1 bar 

(environment) condition at the B1 geometry case to maintain the in-cylinder 

trapped mass in every case. 

Table 3.6 Boundary conditions for engine simulation

Cylinder Condition Intake Condition Exhaust Condition

Dome 396.4 K Valve stem 348.2 K Valve stem 708.2 K

Piston 453.2 K Valve face 348.2 K Valve face 708.2 K

Liner 396.9 K Port wall 348.2 K Port wall 708.2 K

Spark plug 496.4 K Intake Mass flow inlet Exhaust 0.98 bar

Figure 3.5 The mass flow rate on the inlet boundary condition
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Chapter 4. Result and discussion

4.1 Geometrical Effects on Tumble Ratio

To analyze the change of the in-cylinder flow, the change of tumble ratio 

was investigated according to the engine geometry. The tumble ratio is defined 

as a ratio of the angular momentum to the mass moment of inertia. Generally, 

the tumble ratio is a representative parameter for assessment of the engine 

performance [52, 53]. STAR-CD offers the specific equation for calculating 

the tumble ratio in the cylinder domain [28]. 

�� =
��

��

=
∑ ����[(�����)���(�����)��]�����

��
�

��
∑ ����[(�����)��(�����)�]�����

(4.1)

Where, �� , �� : Centroid coordinate component of cell [m]

�� , �� : Component of Centre of mass of the cylinder [m]

�� , �� : Velocity component at cell [m/s]

� : Rotational speed [RPM]

�� : Angular momentum about the y-axis [�� ∙ ��/�]

�� : Mass moment of inertia about the y-axis [�� ∙ ��/�]
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Figure 4.1 The cylinder domain of the engine mesh and the coordinate 
system
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4.1.1 Effect of the intake port design on tumble ratio

First, the effect of the intake port design on the in-cylinder tumble ratio 

was investigated. Figure 4.2 shows the tumble ratio with the different intake 

port design in the same piston, respectively. This shows that the tumble ratio 

during the whole of the intake and the early of the compression stroke varied 

according to the intake port design. High tumble port cases (H1, H2 and H3) 

had the highest tumble ratio during the whole process, irrespective of the 

piston shape.

Figure 4.3 shows how the intake port affected the tumble ratio. Depending 

on the intake port design, the flow velocity above the intake valve varied. The 

low tumble port made the fluid went into the cylinder through the lower side of 

the intake valve easier than other ports. Thus, the flow velocity at the upper 

side of the intake valve was lower than that in other ports. In high tumble port 

cases, the tumble inducer which was added on the bottom of the intake port, 

prevented the fluid from entering the cylinder through the lower side of the 

intake valve. Thus, the flow was concentrated to the upper side of the piston. 

This promoted the tumbling motion of the fluid.

In case of the high tumble port, intake air collided with the exhaust side of 

cylinder liner intensively because of the faster flow through the upper side of 

intake valve. This could lead to the increase of heat transfer with the liner. In 

phase of intake stroke, the temperature of the charge entering the cylinder was 

lower than that of liner wall, inevitably. Thus, the in-cylinder charge could 

become hotter when the higher tumble intake port was used. Figure 4.4 shows 

the wall heat transfer at liner during the intake stroke in the case of B1, L1 and 

H1. As mentioned above, as the higher tumble port was used, the amount of 

heat transfer at cylinder liner became larger. This could lead to the increase of 
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the temperature of unburned gas region during the combustion, and in respect 

of the knock mitigating, this could be disadvantageous. 

Figure 4.2 The tumble ratio according to the intake port design, with the (a) 
piston 1, (b) piston 2 and (c) piston 3
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Figure 4.3 The velocity field of L1, B1 and H1 cases at 480 CA (plane normal to -y direction)
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Figure 4.4 The heat transfer at liner during the intake stroke in B1, L1 and 
H1 cases
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4.1.2 Effect of the piston shape on tumble ratio

The effect of the piston shape on the tumble ratio was also investigated. 

Figure 4.5 shows the tumble ratio in the case of different piston shape in each 

intake port design, respectively. This shows that during the whole of the intake 

stroke and the early of the compression stroke, the tumble ratio had little 

change in the value according to the piston shape.

However, near the TDC position, the tumble ratio suddenly changed 

according to the piston shape. A remarkable point was that the tumble ratio 

near the TDC position had little relationship to the intake port design. Figure 

4.6 shows the arrangement of the cases according to the size of the tumble ratio 

as the compression process proceeded. This result implies that not only the

tumble ratio of the intake port but also the piston shape is important at the 

engine design phase.

Especially, it was revealed that the tumble ratio during the end of 

compression stroke could be changed by changing the piston design only. This 

method is more cost-effective than changing the intake port design. In addition, 

changing the piston shape did not affect the amount of wall heat transfer at 

cylinder liner. Figure 4.7 shows the amount of wall heat transfer at cylinder 

liner divided by the area of cylinder liner in the case of B1, B2 and B3. 

According to this, there was little difference in the quantities of liner heat 

transfer per area. Thus, the tumble ratio could be enhanced without an increase 

of the temperature of the in-cylinder charge. This could be advantageous to 

knock mitigating.
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Figure 4.5 The tumble ratio according to the piston shape, with the (a) base, 
(b) low tumble and (c) high tumble port
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Table 4.1 The tumble ratio at specific crank angles

CA B1 B2 B3 L1 L2 L3 H1 H2 H3

638 1.640 1.617 1.537 1.437 1.453 1.407 1.841 1.834 1.765

663 2.015 1.994 1.868 1.760 1.779 1.698 2.235 2.227 2.117

702 0.856 0.915 0.693 0.794 0.814 0.676 0.982 0.968 0.766

720 0.394 0.491 0.298 0.412 0.441 0.290 0.488 0.511 0.354

638 CA: intake valve closing

663 CA: max tumble ratio during compression stroke

702 CA: spark timing

720 CA: firing TDC
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Figure 4.6 The arrangement according to the tumble ratio as the compression process proceeded
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Figure 4.7 The heat transfer at liner during the intake stroke in B1, B2 and 
B3 cases
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4.2 Geometrical Effects on Tumble Vortex Center

The movement of the tumble vortex center was also investigated as the

flow characteristic. The tumble vortex center exists as a hoop-shaped 3-

dimensional structure in the cylinder. For convenience, the tumble vortex 

center position was calculated on the plane normal to the y-axis, which 

contains the spark position, using a vortex center identifier scalar �(�). The 

vortex center identifier scalar was introduced by Stansfield et al. [54], who 

conducted PIV measurement on an optical engine and acquired the tumble 

vortex center via the vortex center identifier scalar. 

�(�) =
�

��
∑ �

����⃗ �,�×���⃗ ��∙�̂

����⃗ �,������⃗ ��
�

��
������⃗ �,��

�
�

�

�� (4.2)

�� = ���(|�(�)|) (4.3)

Where, �(�) : Vortex center identifier scalar

       �� : number of data points

       ���⃗ �,� : displacement vector from point i to point k

       ���⃗ � : velocity vector at point k

       � :̂ unit vector normal to the section plane

       � : weight factor
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Figure 4.8 A section cut for the calculation of the tumble vortex center 
identifier
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The tumble vortex center was calculated on the plane normal to the y-axis 

which contains the spark position in every case. Figure 4.9 shows the trace of 

the tumble vortex center with the different intake port design in the same 

piston shape as the compression stroke proceeded. According to this result, the 

tumble vortex center moved clockwise as the compression stroke went along. 

Also, when the tumbling motion of the fluid became stronger, the tumble 

vortex center moved to the interior of the cylinder. This trend was maintained 

regardless of the piston shape. 

The salient point was that when the piston 3 was used, the movement of 

the tumble vortex center was changed massively according to the intake port 

design, as showed in figure 4.9 (c). In other words, when the flat piston was 

used, the flow field could be changed easily even if there was only a small 

change of intake flow. Especially, in actual engine, the in-cylinder charge 

motion can be changed as the engine cycle progresses because the flow motion 

of the previous cycle affects the present motion of in-cylinder charge. In this 

respect, flat piston could be vulnerable to the cyclic variation of flow. 

Figure 4.10 shows the trace of the tumble vortex center according to the 

piston shape with each intake port design as the compression stroke proceeded. 

When the piston 2 which had a deeper bowl than the piston 1 was used, the 

tumble vortex center moved to the inside of the cylinder, effectively. On the 

other hand, when the piston 3 which is flat shaped was used, the trace of the 

tumble vortex center had a different tendency.

These tendencies stemmed from the fact that the geometrical effect of the 

piston on the fluid motion became stronger as the piston goes to the TDC 

position. The bowl-shaped pistons preserved the tumbling motion of the fluid 

at the bowl, so the tumble vortex center could easily move to the spark position. 

However, the flat-shaped piston compressed only the tumbling flow. This trend 
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was shown in figure 4.11. In the case of B2, the tumble vortex center moved to 

the spark position, but in the case of B3, the tumble vortex center moved 

upward until it arrived at the head surface and finally dissipated.

As mentioned previously, the tumble vortex center moved clockwise as 

the compression stroke progressed. And finally, the tumble vortex center 

moved to the upper side of the spark position. This movement of the tumble 

vortex center affected the flow direction at the spark position. Figure 4.12 

shows the flow field near the spark position at the end of the compression 

stroke. When the tumble vortex center reached the height of the spark position, 

the new vortex was generated in the vicinity of the spark position. Because of 

the effect of the new vortex, the mean velocity magnitude near the spark 

position decreased, and the flow velocity at the spark position became reversed.
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Figure 4.9 The trace of the tumble vortex center according to the intake port, 
with the (a) piston 1, (b) piston 2 and (c) piston 3
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Figure 4.10 The trace of the tumble vortex center according to the piston 
shape, with the (a) base, (b) low tumble, (c) high tumble port
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Figure 4.11 The velocity field and the tumble vortex center movement in B2 and B3 cases
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Figure 4.12 the flow field near the spark position at the end of the 
compression stroke (case B1)
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4.3 Flow Effects on the Turbulent Kinetic Energy

By this time, the tumble ratio and the movement of the tumble vortex 

center according to the intake port design and the piston shape were analyzed 

as the flow characteristics. However, the important thing is the turbulent 

kinetic energy of the in-cylinder charge because the combustion is mainly 

affected the turbulent kinetic energy [16]. Thus, it is important to identify how 

the flow characteristics affect the change of the turbulent kinetic energy. In this 

study, the RMS velocity is examined as the extent of the turbulent kinetic 

energy. The averaged RMS velocity near the spark position (a 2 �� ×

2 �� × 2 �� hexahedron region) was investigated in all cases.

To reveal the relationship between the flow characteristics and the 

turbulent kinetic energy, the change of the tumble ratio was examined. This 

was based on the idea of the energy of the in-cylinder charge. The energy of 

the bulk motion of the in-cylinder charge is related to the tumble ratio. If the 

energy of the bulk flow is converted to the turbulent kinetic energy, the tumble 

ratio may decrease, and the RMS velocity can be expected to increase.

Figure 4.13 shows the relationship between the change of the tumble ratio 

during the compression stroke (from 663 CA to 702 CA) and the RMS velocity 

at the spark position at 702 CA. 663 CA was the time of the maximum tumble 

ratio during the compression stroke, and 702 CA was the spark timing. As 

shown in Figure 4.13, the change of the tumble ratio during compression 

stroke and the RMS velocity at the spark timing had a linear relationship. 

When the high tumble port was used, the change of the tumble ratio during the 

compression could be enlarged, and in consequence of this, the RMS velocity 

at spark timing increased. However, when the piston 3 was used, the RMS 

velocity was relatively low for the extent of the tumble ratio change. In this 
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sense, the piston shape significantly affected the conversion rate from the 

tumble ratio to the turbulent kinetic energy.

This result implies that just enhancing the tumble ratio by utilizing the 

high tumble port could not enhance the turbulent kinetic energy effectively. 

Instead, optimizing the piston shape is also important to enhancing the 

turbulent kinetic energy. The high tumble port makes the potential of the 

turbulent energy increased, and the piston should utilize this potential.

Figure 4.13 The relationship between the change of the tumble ratio during 
the compression stroke and the RMS velocity at the spark timing
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4.4 Flow effects on Combustion and Knock Phenomena

In previous sections, the flow characteristics according to the change of 

the intake port and the piston shape was investigated and the relationship 

between the flow characteristics and the turbulent kinetic energy near the spark 

position was examined via the motored simulation. To examine the flow 

effects on the combustion and knock phenomenon, the combustion simulation 

was progressed. As discussed in chapter 3, every condition for the combustion 

simulation was same as the conditions for motored simulation. The spark 

timing was 702 CA.

In general, the combustion rate of fuel is derived as the HRR (heat 

released rate) which can be obtained by post-processing the acquired in-

cylinder pressure data. The following equation from Heywood [2] is used for 

the calculation of HRR. 
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Where, � : specific heat ratio

       �� : specific heat at constant pressure

       � : gas constant

However, this method cannot filter the effect of the heat transfer during 

the whole process. A commercial CFD software STAR-CD offers the CHR 

(chemical heat release) data which is defined as the thermal energy released 

from the fuel. The CHR does not contain the effect of the heat transfer, so the 

exact heat release only from the fuel can be obtained. For this reason, the MFB 
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(mass fraction burned) curve was calculated by accumulating the CHR during 

the combustion.

The calculated MFB curve of each case is shown in figure 4.14. The 

combustion rate of each case was all different despite of the same operating 

condition. Thus, this difference could be originated from the difference of the 

flow characteristics. the 0-2%, 2-50% and 50-90% burn duration were obtained 

as shown in figure 4.15. 

The relationship between the 0-90% burn duration and the RMS velocity

near the spark position at 702 CA (spark timing) was examined as shown in 

figure 4.16. The figure 4.16 shows that in the case of the piston 1 and piston 3, 

the 0-90% burn duration and the RMS velocity near the spark position at spark 

timing had a linear relationship. However, the slope of each linear relationship 

was different. This implied that the effectiveness of the change of the turbulent 

kinetic energy near the spark position at the spark timing was better in the 

piston 1 case than the piston 3.

On the other hand, the linear relationship was not observed when the 

piston 2 was used. The 0-90% burn duration of the L2 case was relatively slow 

for the extent of the RMS velocity. This was attributed to the mean flow 

direction near the spark position. Figure 4.17 shows the flame position and the 

mean flow field near the spark position in the L2 case at 706 CA. As shown in 

figure 4.17, the flame propagation to the right side was disturbed by the mean 

flow toward the left side. For this reason, the initial flame area of the L2 case 

was smaller than other cases so the overall burn duration was prolonged.
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Figure 4.14 The MFB curve of each case (spark at 702 CA)

Figure 4.15 The 0-2%, 2-50% and 50-90% burn duration of each case (spark 
at 702 CA)
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Figure 4.16 The relationship between the RMS velocity near the spark 
position at spark timing and the 0-90% burn duration
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Figure 4.17 The section plots of the L2 case at 706 CA, (a) the burned & the 
unburned region and (b) the flow field
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Next, to examine the effect of previous results on knock phenomenon, the 

combustion simulation with the knock prediction was conducted in the H1 case 

which showed the fastest combustion and the L2 case which was the opposite 

case. For the appropriate comparison, the spark timing was adjusted to 710 CA 

because most of the fuel was already burned before the TDC when the spark 

timing was 702 CA. 

Figure 4.18 shows the MFB curve resulted from the combustion 

simulation with the knock prediction of the L2 and the H1 case. As shown in 

figure 4.18, the autoignition occurred at both cases. In the L2 case, the 

autoignition occurred at 730.3 CA, when 65.5% of the fuel was burned. In the 

H1 case, however, the autoignition occurred at 726.35 CA, when 61% of the 

fuel was burned. In both cases, the autoignition of unburned mixture were 

expected to be developed to intense knock because the amount of remaining 

fuel was above 20% [55]. In addition, as shown in figure 4.19, the peak value 

of the CHR in the case of H1 was also higher than that of the L2 case because 

of the difference in the amount of remaining fuel. The maximum CHR in the 

H1 and the L2 case were 9.19 J and 8.2 J, respectively. This result implied that 

the H1 case had more possibility to be damaged by a violent explosion of 

unburned gas than the L2 case. In other words, in the condition of same spark 

timing, the fast combustion can show a negative effect on knock suppression.
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Figure 4.18 The MFB curve of the L2 and the H1 case (spark at 710 CA)

Figure 4.19 The CHR of the L2 and the H1 case (spark at 710 CA)
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Chapter 5. Conclusion

In this study, various geometry sets of SI engine were used to revealing 

the relationship between the flow characteristics and the combustion and knock 

phenomenon via 3D CFD simulation. Three intake ports and three piston 

shapes were designed to change the flow characteristics. The change of the

tumble ratio and the tumble vortex center movement according to the selection 

of the engine geometry was investigated, and the correlation between the 

change of the tumble ratio and the turbulent kinetic energy was examined. 

After that, the combustion simulation and knock prediction were carried out, 

and the effect of flow characteristics on the combustion and knock 

phenomenon was examined. As a result, following conclusions were offered:

1. The tumble ratio during the intake stroke and the early of the 

compression stroke was changed according to the intake port design. 

This was attributed to the change of the amount of fluid passed 

through the upper side of the intake valve according to the intake port 

design. Boosting the tumble ratio by changing the intake port design 

had negative effect in terms of the heat transfer at cylinder liner. 

However, near the TDC, the tumble ratio could be changed according 

to the piston shape. Enhancing the tumble ratio by changing the piston 

shape did not affect the amount of the heat transfer at cylinder liner.

2. The tumble vortex center was obtained on the plane normal to the y-

axis, which contained the spark position. As a result, the tumble 

vortex center moved clockwise as the compression stroke went along. 

In addition, the tumble vortex center moved to the interior of the 

cylinder as the higher tumble port was used. In the case of the bowl-

shaped piston, the tumbling motion of the flow was preserved 
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constrainedly. However, when the flat-shaped piston was used, the in-

cylinder charge was just compressed, so the tumble vortex center 

moved upward and finally dissipated. In addition, the movement of 

the tumble vortex center was considerably changed according to the 

intake port design. This implied that the flat-shaped piston could be 

vulnerable to the cyclic variation of the flow. When the tumble vortex 

center reached the height of the spark position, a new vortex was 

generated near the spark position and the direction of the mean flow 

became reversed.

3. The correlation between flow characteristics and RMS velocity

which represents the turbulent kinetic energy near the spark position 

was examined. As a result, the RMS velocity near the spark position 

at the spark timing had linear relationship with the change of the 

tumble ratio during the compression. This implies that just enhancing 

the tumble ratio cannot make the turbulent kinetic energy stronger.

But, dissipating the tumble ratio effectively during the compression is

important. Furthermore, when the flat-shaped piston was used, the 

resulting RMS velocity was relatively low for the extent of the change 

of the tumble ratio. This implies that optimizing the piston shape is 

also important to enhancing the turbulent kinetic energy.

4. The effect of the flow characteristics on the combustion and knock 

phenomenon was examined. As a result, in the case of the piston 1 

and the piston 3, the 0-90% burn duration and the RMS velocity near 

the spark position at spark timing had a linear correlation. However, 

the effectiveness of the change of the RMS velocity near the spark 

position was better in the piston 1 case. On the other hand, the 0-90% 

burn duration of the L2 case was relatively slow for the extent of the 
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RMS velocity. This was attributed to the mean flow direction which 

was opposite to the flame propagation direction. Next, the knock 

prediction was conducted in the H1 and the L2 case. For the 

appropriate comparison, the spark timing was adjusted to 710 CA. As 

a result, the autoignition occurred at both cases and was expected to 

be developed to intense knock because the amount of the unburned 

mixture was above 20%. Furthermore, In the H1 case, the amount of 

the unburned mixture was larger than that of the L2 case and the peak 

value of the CHR was also higher than that of the L2 case despite 

faster combustion. This result implies that of the spark timing was 

same, then the fast combustion had possibility to be harmful to the 

engine. In other words, knocking behavior was not always avoided by 

the fast combustion by enhancing the in-cylinder turbulence.
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국 문 초 록

최근, 지구 온난화 및 대기 오염 문제가 범세계적인 문제로

떠오르면서 배출 가스에 대한 규제가 점점 강화되고 있다.

이산화탄소의 배출량은 화석 연료의 사용량과 관계가 있기 때문에

점차 강화되는 배출 가스 규제를 만족시키기 위해서는 엔진 열

효율을 개선하는 것이 중요하다. 가솔린 엔진의 경우 압축비를

올리는 것이 곧 열 효율의 향상으로 직결된다. 그러나 압축비의

과도한 상승은 연소 기간 중 미연 가스의 온도와 압력을 상승시켜

혼합기의 자발화를 유발시킬 수 있다. 이는 노킹 현상이라고

불리우며, 엔진에 심각한 손상을 야기할 수 있기 때문에 이를

저감하는 것이 필요하다.

노킹 현상을 저감하고 더 나아가 엔진 열 효율을 개선하기

위해선 화염 전파 속도를 높이는 것이 중요하다. 이와 관련되어 흡기

포트의 설계를 변경하거나 텀블 조작 장치를 도입하는 등의

방법으로 엔진 실린더 내부로 들어가는 유동의 텀블 비를 바꾸어

엔진 실린더 내부의 난류 강도와 화염 전파 속도의 상관 관계에

대한 연구들이 진행되어왔다. 그러나 실린더 내부의 유동은 흡기

포트뿐 아니라 다른 형상으로부터 또한 영향을 받을 수 있는 복잡한

현상이다.

본 연구에서는 3 차원 전산유체역학을 이용하여 다양한 엔진

형상에 따른 실린더 내부 유동 특성의 변화와 이것이 연소와 노킹

현상에 미치는 영향을 확인하였다. 유동 특성을 변경하기 위하여

3 개의 흡기 포트 형상과 3 개의 피스톤 형상을 설계하였다. 엔진

형상 별로 유동 해석을 진행하여 텀블 비의 변화 및 텀블 와류

중심의 이동 경향을 분석하였고 이러한 유동 특성 변화와 난류
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에너지 변화 사이의 관계를 확인하였다. 이후 연소 및 노킹 해석을

진행하였고, 유동이 이들 결과에 어떠한 영향을 미치는지 확인하였다.

그 결과, 단순히 텀블 비를 높이는 것이 실린더 내의 난류

에너지를 강하게 만들 수 없고, 오히려 실린더 내부의 텀블 유동이

효과적으로 소산되는 것이 중요함을 보였다. 압축 행정 동안의 텀블

비의 변화량과 실린더 내 점화 지점 주위의 난류 에너지는 선형적인

비례 관계가 있고, 비례하는 정도는 피스톤의 형상에 따라 다르게

나타났다. 그리고, 점화 지점 주위의 난류 에너지와 연소 기간

사이에도 선형적인 관계가 있는 것으로 나타났다. 그러나 난류

에너지가 크다고 해도 화염 전파 방향과 반대되는 유동에 의해 연소

속도가 느려질 수 있음을 확인하였다. 동일한 점화 시기를 가질 때

미연 가스 영역에서 자발화가 발생하는 경우, 높은 난류 에너지로

인해 연소 속도가 빨라졌을 때 오히려 강한 노킹이 엔진 내부에서

발생할 수 있다.

주요어: 전기 점화 엔진, 전산유체역학, 난류, 텀블 유도 장치, 텀블

와류 중심, 노킹, 연소 기간

학  번: 2017-20997
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