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Compression ignition of the high-pressure fuel spray has been widely 

accepted as a highly-efficient combustion process for an internal combustion 

engine, such as in diesel engine. However, non-premixed nature of the 

combustion process results in complex pollutant formation behaviors, which 

require ever-higher injection pressure and sophisticated after-treatment 

systems.  

In that reason, Natural gas (NG) has been considered as a promising 

alternative fuel for internal combustion engine application owing to its lower 

carbon content per chemical energy and possibly cleaner product gas from a 

simpler molecular structure than gasoline or diesel. In addition, these natural 
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gas fuels are rich in reserves and production because of the recent excavation 

of shale gas. Since the auto-ignition temperature of natural gas is relatively 

high compared to that of gasoline, it is prevalently used in the spark-ignition 

(SI) engine, and high octane number have made it possible to achieve high 

efficiency compared to gasoline fuel. However, the conventional natural gas SI 

engine had a low volume efficiency compared to the conventional gasoline 

because the density of low density of the fuel, and there was also a problem 

that the operation is limited in the high speed region due to the low flame 

propagation speed compared with other fuels. Accordingly, a method of 

applying the natural gas fuel to the compression ignition type engine has been 

proposed in order to improve the above problems and take advantage of the 

additional efficiency increase specific to the compression ignition system, and 

there has been on-going research such as dual-fuel compression ignition engine 

experiments or natural gas compression ignition with other assist heat source; 

however, no breakthrough in the existing technology has been reported yet. 

Therefore, in this study, the applicability of high-pressure direct-injected 

methane jet for a pure compression-ignition engine was evaluated based on the 

results with using constant volume combustion chamber and compression 

ignition engine. Evaluation was carried out in terms of fuel injection issue, 

physical behavior, combustion characteristics, and limitations that can occur in 

the driving conditions of conventional diesel engines. 

In the constant volume combustion chamber section, physical behavior of 

the high pressure methane jet ( ~ 90 bar) and ignition characteristics was 

evaluated with single-hole GDI injector from Bosch. To visualize the shape of 
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jet and combustion, shadowgraph/schlieren photography and natural 

luminosity imaging were carried out. From the experimental results, the 

penetration distance of 15~25 mm is achieved in ~1.5 msec and the first 

apparent ignition of methane jet occurs around 1.3 to 5.5 msec after start-of-

injection, as background temperature decreases from 1300 K to 1150 K in the 

background pressure of 50±5 bar. However, due to the temperature limit of the 

pre-combustion type constant volume combustion chamber and the absence of 

a high-pressure single-hole injector dedicated to gaseous fuel over 100 bar, a 

gas jet penetration and ignition model for CVCC condition was developed. 

In the modeling, jet penetration model based on Abramovich 

concentration and velocity gradient profile was adapted for overall penetration 

calculation, while the species transfer model and GRI 3.0 mechanism were 

adapted for calculating the chemical reaction kinetics in the developing fuel jet 

and validated against the experimental result. The model was used to study the 

effects of fuel and background conditions (pressure, temperature and 

composition) on ignition characteristic of high pressure methane jet for 

compression ignition engine application. 

As a result, the ignition delay was not significantly affected by fuel 

injection pressures from 90 bar to 400 bar, but the pressure required to achieve 

proper fuel injection quantity was approximately 400 bar. In addition, not only 

does the ignition delay decrease with increasing of ambient temperature and 

pressure, but about 8% of the ethane in the methane fuel reduces ignition delay 

in half, so internal EGR, supercharging and proper fuel composition are stable 

engine operation have proven to be useful for stable engine operation. 
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After CVCC studies, experiments with single-cylinder CI engine of 

compression ratio 15.5 were carried out to check whether ignition of methane 

fuel was possible under the actual engine conditions. A multi-hole GDI injector 

capable of operating at a pressure of 400 bar was used for fuel injection and 

intake temperature was heated to 400 ° C to achieve the auto ignition 

temperature of the methane after compression. Experiments were carried out 

under various load, injection timing, and injection pressure conditions, and a 

2-zone model was developed to analyze the results. 

As a results, CI operation was possible, but ignition occurred after fuel 

injection in all engine operation conditions. Thus, the combustion would have 

taken in the form of partially premixed flame rather than diffusion flame. With 

multi-hole GDI injector in this study, a sufficient injection amount of 0.8 

equivalent ratios was achieved during the fuel injection duration of 1.6 msec, 

and the GMEP value varied from 2 bar to 5.5 bar according to the equivalence 

ratio. However, at the point of equivalence ratio 0.7 or higher, the combustion 

efficiency decreased drastically due to the limit of the volume fraction of the 

piston bowl at TDC and the narrow nozzle distribution of the GDI injector.  

In the case of emission characteristics, the total mass of the particulate 

matter was about 15 % of the diesel since the average particle size of methane 

was about one third smaller than that of diesel because of the low content of 

PAH. However, the high post-compression temperature for auto-ignition of me 

resulted in a high peak temperature about 2500 K ~ 2900 K, which resulted in 

NOx production of about 2000 ppm at all conditions.  

The results of the parametric study showed that, as the injection timing 
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retarded, the ignition timing was almost equally retarded, thus the combustion 

was still observed in the form of a diffusion flame. As the injection pressure 

increased, the ignition delay became shorter and the emission of PM could be 

further reduced, but the NOx emission increased. 

In terms of efficiency, the gross work benchmark efficiency was achieved 

to be about 40%, but this did not take into account the compression energy for 

fuel direct injection and the energy required for intake air heating. The fuel 

compression energy was only about 1.7 % of the LHV of the fuel when 

compressed from 7 bar to 300 bar, but the intake heating consumed 20 % to 

45 % of LHV of the fuel according to the equivalence ratio. Therefore, main 

loss occurred due to intake heating, resulting in net efficiency up to 20 %, and 

even negative values at the most lean condition. 
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Chapter 1. Introduction 

1.1 Research background [1] 

In a conventional internal combustion (IC) engine vehicle, two types of 

combustion strategies have been widely used: homogeneous charge spark 

ignition (HCSI) and stratified charge compression ignition (SCCI) [2, 3]. In an 

HCSI engine, homogeneous mixture of fuel and air is compressed after intake 

process and ignition occurred by spark at the end of the compression process 

near the top dead center (TDC), while in an SCCI engine, the air is only 

compressed and the fuel injected into the high temperature air near the TDC 

lead to the ignition as shown in figure 1.1.  

Among the two combustion strategies, SCCI engine with diesel fuel has 

been widely used in heavy duty transportation section because the high torque 

can be generated due to high pressure rise during combustion process from 

explosive diffusion flame. Also, SCCI engine with diesel fuel has been 

achieved a significant progress both in the perspective of fuel economy and 

pollutant emissions. Fuel economy benefit comes mainly from high efficiency 

of the engine operation with high geometric compression ratio, which is 

enabled by the stratified mixing and non-premixed combustion of diesel fuel 

and air. However, the non-premixed combustion intrinsically assumes 

complicated pollutant formation behavior, especially leading to trade-off 

between nitrogen oxides and soot formations as shown in figure 1.2. [4]  
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Figure 1. 1 Concepts of HCSI engine and SCCI engine [2] 
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Figure 1. 2 Soot and NOx emission map with conventional diesel combustion 

and other combustion strategies [4] 
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Nowadays, state-of-the-art diesel engine is equipped with extremely-

high-pressure fuel injection system (over 2000 bar) and delicate after-treatment 

systems to deal with those pollutants both inside and outside the cylinder. This 

may reduce the power output of the engine and increase the total production 

cost. Despite the adoption of this equipment and after-treatment systems, it is 

still difficult to meet the constantly stringent regulations for greenhouse gas 

emissions and pollutant, such as the euro emission standards and EPA emission 

standards [5] as shown in the figure 1.3, thus requiring a completely new 

breakthrough. 

In order to overcome the problems of gasoline and diesel fuel which was 

widely used in the engine in the past, natural gas (NG) has been suggested as a 

promising alternative fuel for internal combustion engine application owing to 

its lower carbon content per chemical energy and possibly cleaner product gas 

from a simpler molecular structure than gasoline or diesel, and these 

characteristics are depicted in figure 1.4.[6]. From the figure 1.5 and figure 1.6, 

natural gas has a richer reserves and production capacity compared to petroleum, 

and the amount of these reserves is expected to increase further due to the recent 

excavation of shale gas [7]. Since the auto-ignition temperature of natural gas is 

relatively high compared to that of gasoline, it is prevalently used in the spark-

ignition (SI) engine. With its high-octane number rating (120), the NG-dedicated 

SI engine can run on a higher compression ratio than the gasoline-fueled SI 

engine, which may lead to a higher overall thermodynamic efficiency. [8, 9]  

However, one major disadvantage of the NG SI engine is the issue of low 

charging efficiency since the amount of intake air displaced by the port-injected 
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natural gas is much larger than in the gasoline port fuel injection (PFI) engine as 

shown in the figure 1.7 and figure 1.8 [10]. Another disadvantage of the natural 

gas fuel in an SI engine is the relatively slower flame speed than that of gasoline 

in an equivalent condition as shown in the figure 1.9. [11]. 

This may in turn reduce the cycle efficiency with prolonged burning 

period and decrease the applicability of the fuel in high-speed operation. [12] 

Nowadays, there are on-going research and developments to apply the direct-

fuel-injection technique in the compressed natural gas (CNG) SI engine, [13-17]; 

With the direct injection of the CNG, the problem of low volumetric efficiency 

of the engine has been improved and fuel-lean operating limit has been extended. 

However, there has been an issue of relatively short life time of spark plug due 

to the higher energy release rate for the ignition of direct injected natural gas [18]. 

Also, the efficiency improvement through the natural gas direct injection was not 

significant when considering the compression works of the fuel, and the problem 

due to the low flame propagation speed still existed. Up to now, no breakthrough 

in the existing technology has been reported yet. 
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Figure 1. 3 Euro and EPA emission regulations for particulate matter  

and NOx [5] 
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Figure 1. 4 Characteristics of natural gas fueled engine compared to the conventional engine [6] 
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Figure 1. 5 U.S oil and natural gas proved reserves [7] 
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Figure 1. 6 US energy production map [7] 
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Figure 1. 7 The energy density of the fuel  

(a) per unit mass and (b) per unit volume [10] 
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Figure 1. 8 (a) Air displacement and (b) LHV of stoichiometric mixture  

of methane and octane  
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Figure 1. 9 Flame propagation speed at Φ =1.0 P=0.6 Mpa [11] 
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1.2 Compression ignition application of natural gas [1] 

To overcome the disadvantages of natural gas SI engine, high-pressure 

direct injection of the natural gas in a compression ignition engine has been 

proposed, and there have been several attempts to understand the compression 

ignition behavior of pure natural gas. In the study of the compression ignition 

phenomena of natural gas, various equipment can be applied, such as shock 

tube, rapid compression machine, and constant volume combustion chamber. 

Among them, the constant volume combustion chamber has the advantage that 

both the shape of the fuel jet and the combustion characteristics can be 

observed using the optical visualization technique. Fraser et al. [19] and Naber 

et al. [20] used fuel injection pressure of up to ~200 bar in a constant volume 

combustion chamber setup and reported that CNG could self-ignite within 2–

3 ms at a background temperature above 1150 K as shown in the figure 1.10. 

In addition to observing the combustion characteristics, Ouellette et al. [21] 

visualized the behavior of high-pressure transient gas jets with the Schlieren 

photography. Planar laser induced fluorescence (PLIF) [13, 22] and planar 

laser sheet Mie scattering (PLMS) [23, 24] were also applied for the same 

purpose. 

However, the conditions of these experiments were very limited due to 

the absence of an injector for high-pressure gaseous fuel and error from non-

uniform temperature distribution and flow inside the combustion chamber. To 

overcome these limitations and further investigate the possibility of a wider 

operating range for natural gas, gas jet ignition models with a kinetic 
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mechanism has been developed and validated using experimental results. 

Naber et al. [20] and Agarwal et al. [25] investigated the effect of gas 

composition on ignition delays through a detailed chemical kinetic model 

assuming a homogeneous mixture. To consider the effect of turbulent mixing 

and spatial difference, conditional moment closure [26], representative 

interactive flamelet models [27], and conditional source term estimation [28] 

were also applied to a CFD-based flow model for reacting calculation, and the 

results were in good agreement with experimental data from Fraser et al. [19], 

Naber et al. [20], and Ishiyama et al. [29]. Although these models predict the 

ignition delay of gas jet considering spatial variations, CFD-based flow 

calculations still require excessive computing time and have limited tuning 

parameters to match with the real gas jet affected by injector characteristics.  

After this constant volume combustion chamber experiments results, 

actual engine studies with pure natural gas compression ignition were also 

performed. Initially, in order to circumvent the high auto-ignition temperature 

of natural gas, many researchers suggested and developed dual-fuel direct 

injection engine, where natural gas is direct-injected after the ignition through 

the pilot injection of diesel fuel [30, 31]. From these studies, it was shown that 

the overall efficiency of the engine could be increased with the reduced 

pollutant emissions. However, these methods required an expensive fuel 

injection system for both fuels and did not take full advantage of the high 

efficiency and low emission potential of natural gas when it is used as a sole 

fuel for compression ignition engine. Therefore, studies on the natural gas 

HCCI were also carried out for compression ignition of pure natural gas fuel. 
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In the HCCI engine, homogeneous mixture of air and fuel is drawn into the 

cylinder during the intake process in well mixed state, and the combustion start 

with an auto-ignition of the homogeneous mixture near the TDC. Christensen 

et al. [32] compared the characteristics of natural gas fueled HCCI engine to 

the natural gas fueled SI operation using a 1.6 liter single cylinder engine, and 

showed that the more efficient driving can be possible with HCCI operation. 

Morteza et al. [33] using the CFR engine to be operated in HCCI combustion 

mode fueled by natural gas to investigate the effect of exhaust gas recirculation 

fractions, and showed that the EGR can retard start of combustion and 

prolonged burn duration with reducing the NOx emissions. In the Christensen 

et al. [34] exhaust gas recirculation and pilot injection of isooctane fuel were 

adopted together to extend the upper load limit of natural gas HCCI. Through 

the application of HCCI to natural gas fuels, the net efficiency of the engine 

increase compared to the natural gas fueled SI engine, but there has been an 

issue of the difficulty in control of the ignition timing because the combustion 

was controlled by the spontaneous ignition of the homogeneous mixture. Also, 

low volumetric efficiency, which was a problem of the natural gas fueled SI 

engines, still existed because a mixture of fuel and air were fed together during 

the intake process. 

In that reason, studies about the direct injection and compression 

ignition of the pure natural gas fuel were conducted. For the pure natural gas 

compression ignition, additional heating source such as a glow plug or intake 

heating was applied, since the temperature after compression process should 

be about ~1200 K or more which is difficult to attain with the conventional 
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compression ratio of the engine. Aesoy et al. [35] performed the compression 

ignition of natural gas with assisted glow plug and showed that the ignition 

qualities of natural gas were significantly improved with small fractions of 

ethane and propane. Nathaniel et al. [36] successfully driven the compression 

ignition engine of pure natural gas fuel through the heating of the intake air 

about 250 °C and achieved combustion efficiency over 96 % up to 

stoichiometric fuel loadings, and the results can be seen in the figure 1.11. 

However, since the fuel was injected into the cylinder using the solenoid type 

diesel injector, the amount of the fuel flowing through the return line was much 

larger than the injected fuel.  
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Figure 1. 10 Ignition delay of CNG [20]
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Figure 1. 11 Combustion efficiency and soot emission from  

CI engine experiments with intake heating [36] 
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1.3 Objectives of study 

In this study, the applicability of high-pressure direct-injected natural 

gas jet for a pure compression-ignition engine was evaluated based on the 

results with using constant volume combustion chamber in the figure 1.12 and 

compression ignition engine in the figure 1.13. Methane was used as a basic 

surrogate fuel for natural gas in all experiments. Evaluation was carried out in 

terms of fuel injection issue, physical behavior, combustion characteristics, and 

limitations that can occur in the driving conditions of conventional diesel 

engines.  

Firstly, from the viewpoint of fuel injection, it is necessary to injection 

gaseous state fuel at a pressure of about 300 bar or more for methane 

compression ignition. At such high pressure conditions, it is unknown whether 

the injector is capable of continuous operation to drive the engine, and whether 

sufficient mass can be injected during short injection duration despite the low 

fuel density. There have been some studies using diesel solenoid injector [36] 

or self-developed specialty high-pressure gaseous injector [15-17], but the 

leakage amount was excessive or the limit pressure was too low to inject the 

sufficient mass. In that reason, the selection of the injectors that can be applied 

to the real engines without the limits of the existing injectors among the 

commercial injectors was prioritized.  

After the selection of the injector, the physical behavior was carried to 

confirm whether sufficient penetration and mixing with the air were possible 

in the engine cylinder during the short injection duration in order to apply the 
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actual compression ignition system. The reason for confirming the physical 

behavior is that the local lean or rich point caused by the low mixing ratio in 

the CI engine is the main cause of generating emissions such as soot or NOx.  

Therefore, the high pressure methane fuel is directly injected into the constant 

volume combustion chamber under ambient temperature and pressure 

conditions to derive physical behavior such as penetration length and the cone 

angle. 

Another important aspect of CI is combustion characteristics such as 

ignition delay or exhaust emissions. Since the auto-ignition temperature of the 

methane is much higher than other hydro carbon fuels such as gasoline or diesel, 

very high background temperature conditions are required to achieve CI 

operation, which can lead to excessive NOx emissions. On the other hand, 

methane was expected to have very low soot emissions due to low carbon 

contents, but long ignition delay may cause an increase in the amount of soot 

produced. Especially there is a possibility to generate more soot of small 

particles which is considered to be more harmful to the human body. In that 

reason, ignitability and specific emission characteristics have been derived 

through experiments and modeling in high temperature constant volume 

combustion chamber conditions and direct injection compression ignition 

engine conditions. Combustion in a stoichiometric fuel loading condition was 

also considered to enable the application of three way catalyst which is a cost-

effective emission reduction way. 

Finally, based on the results obtained from these various studies, the 

possibility of applying compression ignition engine of methane fuel is 
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evaluated. In addition, the limitations of conventional type CI engine elements 

have been confirmed when pure methane fuels are applied, and the suggestions 

for overcoming that limitations have been presented.  

 

 

Figure 1. 12 Constant volume combustion chamber in this study  
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Figure 1. 13 Single-cylinder engine in this study  
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Figure 1. 14 Main issue of methane compression ignition engine
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Chapter 2. Constant volume combustion chamber 

   - Experiments [1] 

2.1 Introduction to CVCC study 

In a constant volume combustion chamber section, jet behavior and 

ignition characteristics of high-pressure methane were simultaneously 

investigated through experiments and modeling. In the experiments, the gas jet 

behavior at room temperature was observed using the Schlieren/shadowgraph 

method, and the ignition phenomena of the methane jet were observed using 

direct imaging under high temperature and pressure background conditions 

achieved by pre-combustion. In the modeling, the gas jet model based on the 

Abramovich concentration and velocity gradient profile [37] were developed 

to calculate the overall penetration and mass transfer, while the reaction rate of 

each cell was calculated using GRI 3.0 mechanism. The modeling results were 

validated using experimental results with an in-house constant volume 

combustion chamber. The spray behavior and ignition delay were evaluated at 

various ambient and fuel injection conditions using the developed model.  
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2.2 Experimental apparatus 

In the experimental study, a constant volume combustion chamber with 

a single hole GDI injector was used to investigate the physical and 

ignition/combustion behavior of the high-pressure methane jet. Figure 2.1 

shows the overall experimental setup for gas jet combustion and visualization. 

The basic design of the chamber is a cube with the top side for the injector 

mount, the back side for the magnetic fan for mixing in the chamber and the 

other four sides for quarts windows that allow the optical access into the 

combustion chamber. The maximum working pressure and temperature are 150 

bar and 2000 K, respectively, and thus the post-compression environment of 

the engine over 30:1 compression ratio can be tested. Detailed specifications 

are listed in table 2.1.  
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Table 2. 1 Specifications of the constant volume combustion chamber 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Item Specification 

Max. Pressure 150 bar 

Max. Temperature 2000 K 

Dimension (mm3) 220 x 220 x 220 

Optical Windows 4 ea.(Quartz) 

Spark Plug 2 ea. High-thread spark coil 

Injector 
Single-hole GDI injector 

(Bosch HDEV series) 

Rail Pressure ~90 bar 

Pressure measurement Kistler 6061 

Fan Type Magnetic drive 
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Figure 2. 1 Overall experimental setup of  

constant volume combustion chamber 
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2.2.1 Selection of injector 

In order to select the proper injector required for the methane jet 

injection, various injector types such as CNG MPI injector, GDI injector, 

solenoid type diesel injector and piezo type diesel injector have been tested. 

However, there were various issues that made each injector unsuitable for 

injecting high pressure methane fuel. First, the CNG MPI injector has a low 

limit pressure of about 7 bar, and even when the background pressure exceeds 

20 bar, the injector opened in reverse. Next, diesel solenoid injector and piezo 

injector, which are easy to apply to existing diesel engines because of its long 

shape, were tested. In the case of a diesel injector, due to the high fuel pressure 

up to about 2000 bar, the injector needle lifted not by the current signal directly, 

but lifted by the pressure difference between the top and bottom region inside 

the injector, and the current signal only control the ball valve of the top region 

as shown in the figure 2.2. However, since the gaseous fuel is more 

compressible than the liquid state fuel, the pressure difference between the top 

and bottom does not occur quickly even after the ball valve is opened, which 

makes it impossible to inject the fuel at a suitable timing. To overcome this 

problem, attempts were made to lower the spring stiffness at the front of the 

needle or to increase the hole size of the ball valve which can increase the outlet 

flowrate of the top region, but the motion delay is still too long to reach 5 msec. 

Also, there was a problem that the amount of fuel flowing out to the return line 

through the ball valve is much larger than the amount actually injected into the 

cylinder, which was a problem also in the previous research [36]. 
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Figure 2. 2 Driving method of the solenoid injector 
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In that reason, GDI injector was selected for the constant volume 

combustion chamber, so the Bosch HDEV 1 model specially made for the 

research purpose with single-centered hole was used, which is proper to 

analyze the gas jet characteristics. The detailed specifications of injector are 

listed in table 2.2, and the geometry of the injector can be seen in the figure 2.3. 

 

Table 2. 2 Specifications of the single-hole GDI injector  

 

  

Parameter Specification 

Model Bosch HDEV1 

Max. Pressure 100 bar 

Hole number Single-hole 

Hole size 650 um 

Objective Research 



31 

 

 

 

Figure 2. 3 Bosch HDEV1 Single-hole injector for CVCC study 
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2.2.2 Pre-combustion process 

In the compression ignition engine, a high temperature of about 1300 

K is required after the compression process to induce auto-ignition of the direct 

injected methane fuel. To realize the post-compression environment inside the 

chamber as in the engine, a lean mixture of acetylene, hydrogen, oxygen, and 

nitrogen molecules is fed into the chamber, and two diagonally-located spark 

plugs trigger flame propagation inside the chamber. By designing the initial 

thermodynamic state of this lean mixture, one can achieve the desired 

condition after this pre-combustion process when the fuel injection is triggered 

to examine the physical and combustion behavior of the fuel spray. 

An example of the chamber pressure and temperature profile is 

depicted in Figure 2.4. The composition of the mixture inside chamber before 

and after pre-combustion of the example case is shown in table 2.3 and 2.4. 

There is a cool-down period right after the steep pressure and temperature rise 

with the pre-combustion. The pressure before pre-combustion is 14 bar while 

the maximum pressure and temperature is about 65 bar and 1500 K after 

burning. After combustion, the pressure and temperature reaches 50 bar and 

1200 K by cool down process, which is similar to the post compression 

condition of a engine with a compression ratio of 25. The average temperature 

drop rate is approximately 200 K/s; therefore, nearly constant temperature and 

pressure condition can be assumed for less than 10 ms of gas jet experiments. 
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Figure 2. 4 Example of pressure and temperature profile in the chamber 
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Table 2. 3 State of the mixture before pre-combustion. 

 

Table 2. 4 State of the mixture after pre-combustion. 

Composition & State Specification 

Mixture pressure 14 bar 

Temperature 300 K 

Vol. (%) C2H2 2.93 % 

Vol. (%) H2 1 % 

Vol. (%) O2 22.54 % 

Vol. (%) N2 73.53 % 

Composition & State Specification 

Peak pressure 65 bar 

Peak temperature 1500 K 

Vol. (%) CO2 6 % 

Vol. (%) H2O 4 % 

Vol. (%) O2 15 % 

Vol. (%) N2 75 % 
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2.2.3 Gas jet and combustion visualization 

In the non-reacting condition experiments, atmospheric gas 

temperature and composition conditions were adapted to the gas jet injection 

experiments and used for the validation of gas jet modeling results. The 

physical behavior of gas jet was investigated using the shadowgraph/Schlieren 

photography method, which uses the phenomenon that light is refracted 

according to the density gradient inside the region. To derive the quantified 

value from the image, image processing technique was developed in this study, 

which will be introduced subsequently.  

To observe the ignition and combustion characteristics of the gas jet, 

fuel was injected into high-temperature and pressure ambient conditions which 

is containing 15 % oxygen, so called reacting conditions.  Direct flame 

imaging was used to visualize the combustion phenomena and to measure the 

initial ignition time. The images from the Schlieren method and direct flame 

imaging are shown in figure 2.5. 
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Figure 2. 5 Image of (a) Schlieren photography in non-reacting condition and 

(b) Direct imaging (natural luminosity photography) in reacting condition 
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2.2.4 Gas injection amount measurement 

In a previous study, the amount of injected gaseous fuel was measured 

using the combustion chamber pressure difference before and after gas 

injection [38]. However, the volume of the CVCC in this study is large 

compared to the amount of injected fuel, such that gas injection makes an 

insignificant change in the pressure. Therefore, in this study, the amount of fuel 

injection could be measured at a given injection and ambient pressure condition 

using a small-sized chamber equipped with a pressure controllable relief valve. 

Figure 2.6 depicts the experimental setup for fuel injection mass measurement. 

The ambient pressure was created by the high pressure compressed air (up to 

~70 bar) and was regulated by the set value of the relief valve. As the fuel was 

injected, the additional volume flows out through the relief valve and was 

measured by a wet gas flow meter. To increase the measurement accuracy, the 

fuel injection amount was calculated by averaging the values after 30 times of 

fuel injection with a duration of 5 ms. 
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Figure 2. 6 Experimental set up for injection mass measuring  
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2.2.5 Image Processing method 

Figure 2.7 depicts the processing method for the Schlieren image 

obtained by gas jet injection. In the case of gas fuel injection, a pressure wave 

was generated and propagated from the injector nozzle due to high 

compressibility compared to liquid fuel.  To distinguish this pressure wave 

from the gas jet of injected fuel, the radial intensity of the signal was detected 

by converting the image into a radial coordinate around the nozzle, and the 

pressure wave part determined by the ratio of the white point to the points 

distributed to the given diameter value was subtracted as shown in Figure 2.8. 

Through this process, images of pure gas jets were obtained and represented 

by a solid line. 
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Figure 2. 7 Processing method for Schlieren image of gas jet.  

(a) Original image, (b) Black and white image of frame-to-frame variation, 

(c) Wave detection image using local peak in the radial direction,  

(d) Gas jet image excluding wave, and (e) Final processed gas jet image 
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Figure 2. 8 Ratio of the white point of each radial distance from nozzle. 
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2.3 Experimental results 

2.3.1 Experimental conditions 

In the gas injection experiments at low temperature and pressurized 

conditions, the physical behaviors of the gas jet, such as penetration, cone angle, 

and injection quantity were measured. The natural gas fuel was simply 

simulated with CH4 in the experiments, and the influence of the gas 

composition was observed in the modeling section. The testing conditions in 

various injection pressure and ambient pressure are listed in Table 2.5.  

 

Table 2. 5 Experimental conditions for gas jet injection. 

No 
Fuel 

Pressure 

Ambient 

Pressure 
Fuel condition Ambient Condition 

1 50 bar 20 bar 

CH4 100 % 

300 K 

O2 21 % 

N2 79 % 

300 K 

2 50 bar 30 bar 

3 70 bar 30 bar 

4 70 bar 45 bar 

5 90 bar 55 bar 
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2.3.2 Physical behavior of gas jet 

The processed image of each condition at 1.5 ms is shown in Figure 2.9. 

Through the processed gas jet image, the penetrations were calculated by the 

pixel number between the initial nozzle point and the end point of the image 

obtained from the average of 5 times experimental results, and the cone angles 

were derived from averaging the ratio of the radial distance/axial distance 

across the overall gas jet.   

In the penetration results in Figure 2.10, it was found that the pressure 

ratio of fuel and ambient (see Table 2.2) was an important factor for the 

penetration, and the value was approximately 15–25 mm in 1.5 ms, which may 

be suitable to be used in a passenger-vehicle size of the engine. The cone angle 

of the gas jet slightly decreased as the pressure ratio increased, and this 

tendency was also reported in [24].  

The results from the injection mass measurements are presented in Table 

2.6. The injection mass of gaseous fuel is predominantly influenced by the 

injection pressure and is slightly influenced by the ratio of the injection and the 

ambient pressure ratio. However, in the overall conditions, the fuel injection 

amount was insufficient compared with the value applied to a passenger 

vehicle size engine, which was approximately 20 mg/cycle to achieve full load 

condition at 6 bar of BMEP [30]. 
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Table 2. 6 Pressure ratio of ambient pressure and injection pressure,  

and injected fuel mass in experiments during 1.5 ms injection duration. 

 

Injection pressure Ambient pressure Pinj/Pamb 
Fuel injection mass 

(experiments) 

50 bar 20 bar 2.5 1.76 mg 

50 bar 30 bar 1.67 1.58 mg 

70 bar 30 bar 2.33 2.75 mg 

70 bar 45 bar 1.56 2.16 mg 

90 bar 55 bar 1.64 2.99 mg 
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Figure 2. 9 Processed gas jet image at 1.5 ms after initial injection for each condition. Injection pressure and 

ambient pressure of each condition are (a) [50, 20], (b) [50, 30], (c) [70, 30] (d) [70, 45], and (e) [90, 55] (bar)  
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2.3.3 Reacting conditions 

In the experiments in reacting conditions, the ignition and combustion 

were observed by natural luminosity imaging. The reacting conditions for the 

experiments are listed in Table 2.7. In the case of the internal temperature of 

the combustion chamber, there was a temperature gradient of approximately 

50 deg near the wall and in the center due to heat transfer and flow, and the 

temperature indicated in Table 2.7 is the temperature at the center. 
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Table 2. 7 Experimental conditions for gas jet combustion and ignition delay. 

 

  

 Condition 1 Condition 2 Condition 3 

Temperature at center 

of chamber 
1300 K 1200 K 1150 K 

Ambient pressure 53 bar 50 bar 48 bar 

Ignition delay 1.3 ~ 2.3 ms 3.5 ~ 4.8 ms 5.5 ~ 6.2 ms 

Injection pressure 90 bar 

Injection duration 5 ms 

Ambient mixture 

CO2 6 %  

H2O 4 % 

O2 15 % 

N2 75 % 
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2.3.4 Reacting condition result 

Figure 2.10 shows the natural luminosity image at 3 ms after ignition 

for each condition. Despite the long exposure time and the widely opened 

aperture, the natural luminosity intensities were very weak compared to other 

liquid fuels because methane is slightly prone to soot. Table 4 also presents the 

measured ignition delay value based on the first occurrence of the natural 

luminosity. At the tested background conditions, the ignition delays were 

varied from 1.3 ms to 5.5 ms as the background temperature decreases from 

1300 K to 1150 K. However, the ignition delay has a large error range in the 

same condition due to the temperature gradient and flow inside the chamber, 

and this ignition delay time difference is significant when compared to the time 

scale in an engine operation (~10 CAD/ms at 1800 rpm). For this reason, 

additional studies are needed around these conditions through modeling. 
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Figure 2. 10 Natural luminosity image at 3 ms after ignition of ambient temperature  

(a) 1300 K, (b) 1200 K, and (c) 1150 K 
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Chapter 3. Constant volume combustion chamber 

   - Modeling [1] 

3.1 Introduction to gas jet modeling 

To further understand the physical behavior and ignition characteristics of 

gas jet under various conditions, a combined jet penetration and combustion 

model was developed using MathWorks MATLAB and Cantera Chemical 

Kinetics Toolbox. For the overall jet penetration calculation, the Abramovich 

concentration and velocity gradient equation were adapted for the overall 

penetration calculation with mass and momentum conservation equation. The 

Abramovich formula was previously used in the diesel fuel spray study by 

Musculus et al. [39], and some of the assumptions were applied in the same 

way for this study. The turbulent viscous forces acting on each control volume 

were neglected, and only the axial convection was considered in the transient 

momentum transport equation. Furthermore, the jet spreading angle was 

considered a constant in the overall penetrating duration. However, in this study, 

the density of fuel and the ambient of each cell varies with the entrainment rate 

and in-chamber pressure, while the density of the fuel and ambient was 

assumed to be constant in previous studies. These differences in assumptions 

make the model adapted in this study more accurate in predicting gas jet 

behavior. 
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3.2 Description of modeling 

3.2.1 Gas jet penetration model 

The concepts of the gas jet are shown in Figure 3.1. The radial profile of 

the axial velocity 𝑢(𝑟) and the fuel concentration 𝑋𝑓(𝑟)  ratios to the 

centerline velocity 𝑢𝑐and the centerline fuel concentration 𝑋𝑓,𝑐, respectively 

are given in Eq. (3.1).  

 

𝑢(𝑟)

𝑢𝑐
=

𝑋𝑓(𝑟)

𝑋𝑓,𝑐
= [1 − (

𝑟

𝑅
)

𝛼
]

2

        (3.1) 

 

The ratios of the velocity and concentration decrease followed by the ratio 

of the radial coordinate r to the jet width R, and α is an adjustable parameter 

for the profile shape that varies depending on the position from ∞ at the nozzle 

to 1.5 at a fully developed distance. When α is 1.5, the calculated centerline 

velocity based on Eq. (3.1) becomes below the initial injection velocity. Before 

the gas is fully developed, the velocity profile in the radial direction would be 

more uniform, which corresponds to α greater than 1.5.  

With these velocity and fuel concentration profiles, the transient transport 

equations in the axial direction for the fuel mass flux m ̇_f and the total jet 

momentum flux �̇� can be given as follows: 
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�̇�𝑓 =  ∫ 𝜌𝑌𝑓𝑢𝑑𝐴   (3.2) 

�̇� =  ∫ 𝜌𝑢2𝑑𝐴    (3.3) 

 

In Eqs. (3.2) and (3.3), ρ is the density of the mixture of gaseous fuel and 

ambient air, and 𝑌𝑓 is the mass fraction of the fuel component of each cell. 

These values were calculated from the initial fuel and ambient condition and 

the mole fractions of the gas mixture in a cell, and these transport values, which 

vary in the radial direction, are integrated over the cross-sectional area A, or 

up to the jet boundary. The discretized forms of Eqs. (3.2) and (3.33) for the i-

th cell (see Figure 3.1) in the axial direction can be written as follows: 

 

𝑚𝑓,𝑖
𝑡+1 = 𝑚𝑓,𝑖

𝑡  + [(∫ 𝜌𝑌𝑓𝑢𝑑𝐴)
𝑖−1

𝑡
− (∫ 𝜌𝑌𝑓𝑢𝑑𝐴)

𝑖

𝑡
] ∆𝑡 (3.4) 

 

𝑀𝑖
𝑡+1 = 𝑀𝑖

𝑡 + [(∫ 𝜌𝑢2𝑑𝐴)𝑖−1
𝑡 − (∫ 𝜌𝑢2𝑑𝐴)𝑖

𝑡]∆𝑡  (3.5) 

 

The initial mass flux �̇�𝑓,0 and the momentum flux value at the nozzle are 

given as functions of the initial fuel density 𝜌𝑓,0and initial injection velocity 

𝑢𝑛𝑜𝑧𝑧𝑙𝑒. 
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�̇�𝑓,0 =  = 𝜌𝑓,0𝑢𝑛𝑜𝑧𝑧𝑙𝑒   (3.6) 

�̇�0 =  = 𝜌𝑓,0𝑢𝑛𝑜𝑧𝑧𝑙𝑒
2    (3.7) 

 

In the numerical gas jet solution, the fuel mass, entrained ambient mass, 

and momentum are tracked in each axial cell from the initial conditions of Eqs. 

(3.6) and (3.7). These values were readily available in the study of Musculus 

et al. [39] because the assumption that the density of fuel was constant ensured 

that the mass and momentum flux can be expressed directly by the formula for 

α. However, in this study, the density of gas mixture in each cell should be 

calculated through the thermodynamic states calculation; therefore, the 

calculation becomes a little more complicated. Nonetheless, the computation 

time to calculate the gas jet penetration was approximately 300 s with a single 

core of a personal computer for a typical injection condition investigated in this 

study, which is significantly shorter than the CFD-based flow computation time. 
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Figure 3. 1 Concepts of the gas jet model with Abramovich velocity and concentration equation.  

100 cells in the axial direction and 10 cells in the radial direction were applied.
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3.2.2 Species transfer and reaction model 

Unlike the homogeneous mixture combustion, the fuel gas gradually reacts 

with the increasing amount of entrained air along the axial direction. In the first 

stage, fuel is cracked into CO, H2, and other small HC (hydrocarbons) by high 

temperature ambient conditions, and ignition occurs after the fuel is mixed and 

rapidly reacted with sufficient oxygen. In this reason, the penetration of gas 

according to the injection and ambient conditions influence the ignition delay 

and ignition position. For the calculation of these reaction phenomena, GRI 3.0 

mechanism was applied for the chemical reaction rates in each cell, and the 

species transfer between cells was considered in the axial direction. These 

concepts are depicted in Figure 3.2.  

In Eqs. (3.8) and (3.9), N and 𝑁𝑓 are the total mole number and fuel mole 

number of each cell, and 𝑁𝑡𝑟𝑎𝑛𝑠 and 𝑁𝑒𝑛𝑡 are the transferred mole number 

by convection and ambient entrainment mole number of each cell. These four 

parameters can be calculated from the result of the gas jet penetration equation 

given above.  

 

𝑁𝑖
𝑡+1 − 𝑁𝑖

𝑡 = 𝑁𝑡𝑟𝑎𝑛𝑠𝑖−1
𝑡 − 𝑁𝑡𝑟𝑎𝑛𝑠𝑖

𝑡 +  𝑁𝑒𝑛𝑡𝑖
𝑡       (3.8) 

𝑁𝑓,𝑖
𝑡+1 − 𝑁𝑓,𝑖

𝑡 = 𝑁𝑡𝑟𝑎𝑛𝑠𝑓,𝑖−1
𝑡 − 𝑁𝑡𝑟𝑎𝑛𝑠𝑓,𝑖

𝑡   (3.9) 

 

Furthermore, the mole number of the components remaining in each cell 
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𝑁𝑟𝑒𝑚 should be considered as follows: 

 

𝑁𝑟𝑒𝑚𝑖
𝑡 = 𝑁𝑖

𝑡 − 𝑁𝑡𝑟𝑎𝑛𝑠𝑖

𝑡
.  (3.10) 

 

Through the above equations, the enthalpy h and the mole fraction of 

component k, 𝑥(𝑘) (53 species for GRI 3.0 mechanism) required to calculate 

the chemical reaction can be written as 

 

ℎ𝑖
𝑡+1 =

𝑁𝑟𝑒𝑚𝑖
𝑡ℎ𝑖

𝑡 + 𝑁𝑡𝑟𝑎𝑛𝑠𝑖−1
𝑡 ℎ𝑖−1

𝑡  + 𝑁𝑒𝑛𝑡𝑖
𝑡ℎ𝑎𝑚𝑏

𝑁𝑖
𝑡+1   (3.11) 

𝑥(𝑘)𝑖
𝑡+1 =

𝑁𝑟𝑒𝑚𝑖
𝑡𝑥𝑖

𝑡(𝑘) + 𝑁𝑡𝑟𝑎𝑛𝑠𝑖−1
𝑡 𝑥𝑖−1

𝑡 (𝑘) + 𝑁𝑒𝑛𝑡𝑖
𝑡𝑥𝑎𝑚𝑏(𝑘)

𝑁𝑖
𝑡+1   (3.12) 

 

Finally, the reaction rate of each cell was calculated from the enthalpy, 

mole fractions, and pressure inside the chamber through the ODE solver during 

a given time step. 
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Figure 3. 2 Concepts of species transfer in gas jet.  

The composition of the mixture was calculated from the transferred and entrained species. 
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3.2.3 Validation of gas jet model 

In order to validate the accuracy of the modeling and determine variables 

such as injection velocity and cone angle, the model and experimental results 

are compared in this section. To determine the injection velocity 𝑢𝑖𝑛𝑗  as a 

function of pressure and temperature, equations for convergent nozzle in [40] 

were used similar to those in Pires et al.[38]. The injection velocity is given by 

specific heat ratio γ, gas constant 𝑅 , fuel temperature 𝑇𝑓𝑢𝑒𝑙 , and ratio of 

injection and ambient pressure 𝑃𝑖𝑛𝑗 /𝑃𝑎𝑚𝑏 . If the ratio of the injection and 

background pressure is greater than the critical ratio (1.837 for methane), then 

the sonic velocity was applied (429.5 m/s for methane). 

𝑢𝑖𝑛𝑗 =  √
2𝛾

𝛾−1
𝑅𝑇𝑓𝑢𝑒𝑙 [1 − (

𝑃𝑎𝑚𝑏

𝑃𝑖𝑛𝑗
)

𝛾−1

𝛾
]   (3.13) 

However, with this velocity equation, the penetration length and injection 

mass calculated through the modeling of all conditions were too large 

compared to the experimental results. These results can be attributed to the 

narrower orifice inside the injector before the single-hole injector nozzle of 

size 650 μm as well as the empirically determined discharge coefficient; hence, 

we used a single calibration value of an appropriate division factor. When the 

division factor was 3.8, penetration length and injection mass of the model 

showed the best match with experimental results. The results are shown figure 

3.3 and table 3.1. 
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Figure 3. 3 Comparison of penetration length over time 

 in experiments and modeling. 
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Table 3. 1 Fuel injection mass of experiments and modeling  

during 1.5 ms injection duration. 

 

  

Injection 

pressure 

Ambient 

pressure 

Injection mass 

(Experiments) 

Injection mass 

(Model) 
Error 

50 bar 20 bar 1.76 mg 1.83 mg 4.0% 

50 bar 30 bar 1.58 mg 1.65 mg 4.4% 

70 bar 30 bar 2.75 mg 2.57 mg 6.5% 

70 bar 45 bar 2.16 mg 2.16 mg 0.1% 

90 bar 55 bar 2.99 mg 2.92 mg 2.3% 
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From the above experimental results, the cone angle of the jet was mainly 

determined by the density ratio of the compressed fuel and background 

𝜌𝑎𝑚𝑏 /𝜌𝑓𝑢𝑒𝑙 . This concept was presented earlier in Reits and Bracco [41] and 

Delacourt et al. [42], and the cone angle is expressed as Eq. (3.14). Reits and 

Bracco obtained these values with B = 0.4275, m = 0.5, while Delacourt 

obtained these values with B = 0.31, m =0.2. 

 

𝜃(°) =  
360

𝜋
tan−1(𝐵 (

𝜌𝑎𝑚𝑏

𝜌𝑓𝑢𝑒𝑙
)

𝑚

)     (3.14) 

 

In this study, values of B = 0.46, m = 0.4 were applied. The cone angles 

derived from this equation are depicted in figure 3.4, and the results showed 

good agreement with experimental results. 
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Figure 3. 4 Cone angle of gas jet from the experiments and modeling. 
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3.2.4 Validation of combustion model 

In the modeling results, the ignition delays were determined as the time at 

which 2000 K was exceeded by the reaction in any cell. The results are shown 

in figure 3.5 along with the experimental results. In order to compare the 

experimental and modeling results, the average temperature in the areas where 

the spray swept was applied instead of the center temperature of the 

combustion chamber, as shown in table 2.7. 

The ignition delay trends from the modeling results were very similar to 

the experimental results, but there were slightly shorter than the experimental 

results in all conditions. This is because the natural luminosity intensity from 

NG combustion is weak, and thus the ignition delay detected by the luminosity 

might have some delay compared to actual ignition. This will require further 

work on the diagnostics technique to improve the detection of ignition timing. 

For further validation, we also compared our modeling results with the 

experimental results by Fraser et al.[19], and the tendency of ignition delay 

was reasonably predicted. 
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Figure 3. 5 Ignition delay of modeling ((Pamb = 40, 50 bar),  

experiments (Pamb = 50 bar), Fraser et al. (Pamb = 40 bar). 
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3.3 Modeling results 

3.3.1 Effect of injection pressure 

Figure 3.6 shows the ignition delay values at various fuel injection 

pressures. The ambient pressure and composition were set to the same values 

as in the experimental combustion test, but ambient temperature and injection 

pressure varied, as shown in table 3.2. 

Table 3. 2 Modeling condition at various fuel injection pressures 

 

Parameter Specifications 

Fuel CH4 100% 

Injection pressure 90–400 bar 

Ambient pressure 50 bar ~90 bar 

Ambient temperature 1100–1350 K 

Ambient mixture 

CO2 6%  

H2O 4% 

O2 15% 

N2 75% 
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It can be seen that there is very little difference in ignition delay according 

to fuel injection pressure. In figure 3.7, the concentration distributions of each 

injection pressure condition at ignition timing were almost similar when the 

axial distance was normalized based on the penetration length, and the 

normalized ignition point was also located at a similar position where the 

equivalence ratio is approximately 0.5. Therefore, the fuel injection pressure 

does not affect the ignition delay significantly, but will still affect fuel injection 

quantity and ignition position.  

Figure 3.8 shows the fuel injection quantity according to the fuel injection 

pressure. As mentioned above, the fuel injection rate should be approximately 

10 mg/ms to achieve 20 mg/cycle during the 2 ms injection duration in the 

passenger vehicle-size engine running at full load of naturally-aspirated 

operation [30]. The figure shows that the fuel injection pressure with the single-

hole GDI injector in this study should be approximately 400 bar in order to 

achieve that value. 

Figure 3.9 shows the distance between the injection nozzle and ignition 

point according to the fuel injection pressure. When considering the amount of 

injected fuel, pressure of approximately 400 bar is recommended for fuel 

injection, but the ignition distance was over 50 mm below 1300 K, which is 

very large considering the bore size of the passenger vehicle engine. Therefore, 

an attempt has been made in the next section to shorten the ignition delay and 

distance to resolve the issue. 
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Figure 3. 6 Ignition delay at various fuel injection pressures  

from 90 bar to 400 bar. 
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Figure 3. 7 Distributions of equivalence ratio according to normalized axial 

distance based on penetration at ignition timing and Tamb = 1300 K. 
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Figure 3. 8 Calculated injection mass by injection pressure from modeling. 
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Figure 3. 9 Distance between injector nozzle and ignition point  

at injection pressure conditions from 90 bar to 400 bar.  
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3.3.2 Effect of ambient temperature and pressure 

Figure 3.10 shows the ignition delay as a function of ambient temperature 

and pressure. All the other conditions were same as in table 3.2, while the 

injection pressure was fixed at 400 bar as discussed in the previous section; the 

ambient pressures were varied for four conditions from 50 bar to 110 bar. 

The modeling results clearly demonstrate that the ignition delay decreased 

as ambient temperature and pressure increased. The ignition delay decreased 

to half as the ambient pressure increased from 50 bar to 110 bar, and the 

ignition delay was greatly reduced as temperature increased.  

The change in ignition distance with ambient pressure change can also be 

seen in figure 3.11. The ignition distance was reduced not only by the reduction 

of ignition delay but also by the decrease in fuel penetration length owing to 

the increase in ambient pressure. These results mean that supercharging or 

internal exhaust gas recirculation, which can increase internal pressure and 

temperature, can be used to improve the above problems in order to realize the 

compression ignition of a high-pressure NG jet. 
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Figure 3. 10 Ignition delay at ambient pressure conditions  

from 50 bar to 110 bar. 
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Figure 3. 11 Distance between injector nozzle and ignition point  

at ambient pressure conditions from 50 bar to 110 bar. 
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3.3.3 Effect of fuel composition 

Typical NG does not consist of pure methane but contains 0.5–13 mole % 

of ethane and other gases in small amounts [43]; these ethane components can 

significantly reduce the ignition delay and distance of the gas fuel jet. Modeling 

results of various ethane contents were carried out under the conditions shown 

in table 3.3, and the results are depicted in figure 3.12.  

 

Table 3. 3 Modeling condition at various ethane concentrations. 

Parameter Specifications 

Fuel CH4 + C2H6 0–15 mole %  

Injection pressure 400 bar 

Ambient pressure 50 bar ~ 90 bar 

Ambient mixture 

CO2 6%  

H2O 4% 

O2 15% 

N2 75% 
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The results show that ignition delay was reduced with increasing ethane 

content; ignition delay was reduced to approximately half with the addition of 

approximately 8% ethane. However, the reduction effect on ignition delay 

became weaker as ethane content further increased.  

In figure 3.13, the pyrolyzed ratio of ethane and methane at each ethane 

content condition are shown at ignition timing and Tamb = 1300 K. The 

pyrolysis of ethane preceded the pyrolysis of methane in the overall ethane 

content conditions, and the pyrolysis reaction rate increased as ethane 

concentration increased. However, the pyrolysis reaction rate was no longer 

accelerated when ethane content was more than approximately 8%, and this 

point can be viewed as the limit of reducing ignition delay only by ethane 

concentrations. 
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Figure 3. 12 Ignition delay according to the ethane content conditions  

from 0–15%. 
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Figure 3. 13 Pyrolyzed ratio of (a) ethane and  

(b) methane at ignition timing and Tａｍｂ = 1300 K 
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Chapter 4. Engine study - Experiments 

4.1 Introduction to engine study 

After CVCC studies, direct injection compression ignition engine 

experiments were carried out under operating conditions derived from constant 

volume combustion chamber results. For the engine experiments, single-

cylinder diesel engine was used with a head machined to accommodate the 

GDI injector, which enabled the methane fuel injection. From the combustion 

chamber study, fuel injection pressure should be about 400 bar for sufficient 

amount of the fuel, so the additional injector test was carried out in this section. 

In addition, the background temperature should reach about 1250 K for the 

auto-ignition of the methane jet from the combustion chamber study, and the 

intake air temperature was required to be 300 °C at the compression ratio of 

15.5 as a result of the simple 0-D model. However, these intake temperature 

value was too high to be applied to the common engine, it is necessary to utilize 

internal exhaust gas recirculation or a higher compression ratio than the 

conventional diesel engine. For that reason, a 2-zone model that can implement 

the ignition delay of the direct injected methane was developed to test the new 

operating conditions, and the model was validated based on the experimental 

results.  
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4.2 Experimental apparatus 

4.2.1 Engine specifications   

The engine experiments were conducted with a single cylinder engine 

based on a HMC D 2.0 diesel engine model. Detailed engine specifications are 

provided in the table 4.1 and the overall experimental setup are depicted in the 

figure 4.1. The main features of the engine is that the stroke is longer than the 

bore, a so-called “under-square engine,” and the valve overlap approximates 

zero. The geometry of GDI injector for high pressure injection of methane was 

different from the conventional diesel injector so that the GDI injector could 

be mounted through additional machining of the engine head. In addition, 

because the length of the injector was shorter than that of the conventional 

injector, the injector was operated by the fuel and power supply line, which 

were separately fed into the head, completely immersed in the engine oil inside 

the head body. The difference in the specific geometry between the 

conventional diesel solenoid injector and GDI injector can be seen in the figure 

4.2, and the shape of the machined engine head is shown in figure 4.3.  
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Figure 4. 1 Overall engine experimental apparatus
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Table 4. 1 Specification of the single-cylinder engine. 

Parameter Specification 

Engine Type 4 stroke DI 

Displacement 497 cc 

Compression ratio 15.5 

Bore x Stroke  83 x 92 mm 

Pressure measurement Kistler 6055 BSP 

Valve timing 

IVO :  7° bTDC 

IVC : 43° aBDC 

EVO : 52° bBDC 

EVC : 6° aTDC 
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Figure 4. 2 Comparison of diesel solenoid injector (left) and GDI injector (right) geometry  



83 

 

 

Figure 4. 3 Machined head shape and embedded GDI injector 
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4.2.2 Engine system equipments   

Motor - For driving the engine, 15kW motor and inverter from yaskawa 

was used, and additional braking resistor was equipped to handle the excessive 

engine output under high load conditions.(Figure 4.4) The specifications of 

motor and inverter are listed in table 4.2. 

Table 4. 2 Specification of the motor and inverter. 

  Parameter Specification 

Power 15 kW  

Max. Torque 95.4 Nm 

Max. RPM 1500 RPM 

Power input 78 A, 200V AC 

Encoder 20-bit incremental type 
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Figure 4. 4 Single cylinder engine connected to motor with coupler 
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Fuel Compressor (Figure 4.5)- For a sufficient amount of injection of 

the methane fuel during a short duration of about 2 msec near the TDC, it was 

necessary to raise the pressure of the fuel up to about 400 bar. In the constant 

volume combustion chamber experiments, the gas fuel compression system 

based on the DLE 75 – 1 model of the maximator was applied, but the 

compression capacity was insufficient for the fuel injection to be applied to the 

engine for every cycle continuously. Therefore, the DLE 75-2 NN model, 

which has higher capacity and maximum limit pressure than previous model 

through two compression cylinders was applied. The detailed specifications of 

these two compressor are listed in the table 4.3. 

 

Heater (Figure 4.6) - Because of the very high auto-ignition 

temperature of methane, the background temperature near the top dead center 

(TDC) should reach approximately ~1300 K to enable the CI engine operation. 

In order to achieve such temperature, there is a method of increasing the intake 

temperature or increasing the compression ratio by modifying the internal 

geometry. In this study, the intake temperature was raised by the 15 kW 

capacity vessel immersion type heater. 
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Table 4. 3 Comparison of the gas booster for fuel compression in  

CVCC study ( DLE 75-1) and in Engine study ( DLE 75-2 NN). 

 

  

Model DLE 75-1 DLE 75-2 NN 

Max. air drive pressure 10 bar 10 bar 

Pressure ratio 1:75 1:150 

Compression ratio 1:20 1:20 

Maximum outlet pressure 750 bar 1500 bar 

Maximum flow 3250 cm3 / min 5000 cm3 / min 
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Figure 4. 5 Fuel compression system with DLE 75-2 NN model 
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Figure 4. 6 Vessel emersion type heater 
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Injector Driver - The injector driver system with using DS 1664 

module of the Dspace Rapidpro unit was applied to control the fuel injector. 

For the control of the injector, the most commonly used peak & hold type is 

applied, and each peak and hold current value and duration can be adjusted in 

the relevant module. The specifications of injector driver are listed in the table 

4.4, and the example waveform of the current from the driver is shown in figure 

4.7. 

Table 4. 4 Specification of the injector driver module. 

 

Parameter Specification 

Max. boost voltage 90 V 

Peak current 9 A 

Peak duration 0.1 msec 

Hold current 2 A 

Max. timeout hold 200 msec 
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Figure 4. 7 Dspace injector driver module and example waveform  

from the injector driver 
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Exhaust gas analyzer (Figure 4.8) - Exhaust gas collection for exhaust 

gas analysis and soot measurement takes place in the exhaust manifold, and 

collected gas is supplied to each equipment through a heating probe. For 

exhaust gas analysis, ecom’s MK 9000 model was applied, specifically for 

measuring the O2, CO2, H2, CO, NOx and CH4 components(Table 4.5). The 

DMS 500 of combustion was used for soot measurement.  
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Table 4. 5 Specification of the exhaust gas analyzer. 

 

 

Parameter Range Resolution Principle 

O2 0 – 25 vol.% 0.01 vol. % Electrochemical 

CO 0-30,000 ppm 1 ppm Electrochemical 

NO 0-5000 ppm 1 ppm Electrochemical 

NO2 0-2000 ppm 1 ppm Electrochemical 

CO2 0-100 vol.% 0.01 vol.% NDIR 

H2 0-20,000 ppm 1 ppm Electrochemical 

CH4 0 – 5.00 vol.% 0.01 vol.% Electrochemical 



94 

 

 

 

 

Figure 4. 8 Exhaust gas analyzer MK 9000 model 
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4.2.3 Selection of injector 

Prior to performing the engine test, there was an issue of the injector 

for application to the engine. In the case of the Bosch HDEV1 model used in 

the constant volume combustion chamber experiments, the limit pressure was 

as low as 90 bar, which resulted in insufficient fuel injection quantity. In 

addition, single-holed structure was disadvantageous to induce rapid mixing of 

fuel and air near the TDC, and short length of the injector body made it 

impossible to install in a deep head of the diesel engine. In that reason, long 

version of the Bosch HDEV-5 model was used in the engine experiments. This 

injector is capable of applying an injection pressure up to 500 bar, which is 

sufficient to achieve a suitable fuel injection quantity for a CI engine. The six-

hole configuration of this injector facilitates the rapid mixing of fuel and air, 

which can lead to increased combustion efficiency and reduced exhaust 

emissions. The detailed specifications of these two injector are listed in the 

table 4.6. 
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Table 4. 6 Comparison of the single-hole injector ( HDEV 1)  

and multi-hole injector ( HDEV 5) 

  

Image 

 

 

Model Bosch HDEV1 Bosch HDEV5 

Max. Pressure 100 bar 500 bar 

Hole number Single-hole 6 

Hole size 650 um 200 um 

Objective Research 

Commercial 

(BMW GDI engine) 
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In order to compare the injection characteristics of the HDEV-5 model 

with the HDEV-1 research model, the injection and visualization experiments 

was also conducted in the constant volume chamber condition as shown in the 

figure 4.9 and figure 4.10. As a result, the penetration length is much longer 

due to the higher injection pressure, and the overall cone angle is larger due to 

the multi-hole injection. After 6-hole experiments, the experiments with 3-hole 

also was carried out to confirm the injection characteristics of the single hole. 

As shown in figure 4.9, when the experiment is performed by aligning the three 

holes at 120-degree intervals, the change of the injection amount (6-hole to 3-

hole) is small compared to the case of only one hole (6-hole to 1-hole), but the 

characteristics of the single hole also can be confirmed. There was a concern 

about the decrease of the cone angle which affects the mixing of the air and the 

fuel as the pressure difference between fuel and ambient increase. However, 

unlike the liquid fuel, the pressure difference of the gaseous fuel increases the 

expansion rate in the radial direction, so that the cone angle of single jet from 

the HDEV-5 model was similar to that of the HDEV-1 model as shown in the 

figure 4.11.  

Figure 4.12 shows a gas jet visualization image at various injection 

pressure conditions using a multi-hole injector. In all conditions, the ratio of 

injection pressure to ambient pressure is greater than the critical ratio of 1.837, 

which corresponds to the chocking condition. Even though the injection 

velocity from the injector is the same in chocking conditions, the penetration 

length increases due to the increased fuel density as the injection pressure 

increases.  
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Figure 4. 9 Schlieren experiments results of HDEV 5 model with  

(a) 6 hole and (b) 3 hole 
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Figure 4. 10 Comparison of the penetration characteristics of  

multi-hole (HDEV 5 model) and single hole (HDEV 1 model)  
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Figure 4. 11 Comparison of the cone angle of multi-hole  

(HDEV 5 model) and single hole (HDEV 1 model) 
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Figure 4. 12 Gas jet image with various injection pressure  

at 1.5 msec after start of injection 
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After the injection characteristics was confirmed, the injection amount 

of the multi-hole injector was checked through the injection quantity 

measuring device applied to the HDEV 1 in the constant volume combustion 

chamber study, and it was measured to be 11.5 mg/msec enough to be applied 

to the actual engine with injection pressure of 400 bar. (Table 4.7) 

 

Table 4. 7 Injection mass measurement results during  

1.5 msec injection duration with HDEV 5 model. 

 

  

Injection pressure Ambient pressure 
Fuel injection mass 

(experiments) 

20 bar 

1 bar 

0.85 mg 

50 bar 2.15 mg 

100 bar 4.30 mg 

150 bar 6.45 mg 

200 bar 8.62 mg 
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4.3 Experimental results 

4.3.1 Results with various injection duration (engine load) 

The possibility of operating the methane compression ignition engine was 

assessed by carrying out experiments with the engine under various engine load 

conditions. The amount of fuel supplied to the engine as input was controlled 

and the intake air was heated at the following temperatures: 380 °C, 400°C 

and 420°C. The required intake temperature from the combustion chamber and 

the simple 0-d model results was around 300 °C, but slightly higher 

temperature was required in the actual engines due to the heat transfer during 

the intake process and the mixing effect of fuel and air. Detailed engine test 

conditions can be found in table 4.8. 
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Table 4. 8 Experimental condition for engine load condition. 

 

  

Parameter Specification 

Fuel Methane 100 % 

RPM 1200 RPM 

Intake condition 

380 °C, 400 °C, 420 °C 

Natural aspirated 

Fuel injection pressure 300 bar 

Fuel injection duration 5 ~ 12 msec 

Start of injection -14 ° aTDC 

Coolant & oil temperature 95 °C 



105 

Figure 4.13 shows the distribution of equivalence ratio according to the 

injection duration measured through the species concentration of the exhaust 

analyzer. The specific formula for calculating the equivalence ratio through the 

mole fractions of exhaust gas (𝑥𝑂2
 , 𝑥𝐶𝑂2

 , 𝑥𝑐𝑜 , 𝑥𝐻2
 , 𝑥𝑁𝑂 , 𝑥𝑁𝑂2

  and 𝑥𝐶𝐻4
 ) 

and is shown in the Eqs. (4.1) ~ (4.5).  

 

Number of carbon atom : 𝑁𝐶  =  𝑥𝑐𝑜 + 𝑥𝐶𝑂2
+  𝑥𝐶𝐻4

  (4.1) 

Number of hydrogen atom : 𝑁𝐻 = 𝑁𝐶  × 4    (4.2) 

Number of water : 𝑁𝐻2𝑂 = 𝑁𝐻  × 2 −  𝑥𝐻2
−  𝑥𝐶𝐻4

× 4   (4.3) 

Number of oxygen atom : 

𝑁𝑂 = 𝑥𝑂2
× 2 + 𝑥𝑐𝑜 + 𝑥𝑐𝑜 + 𝑥𝑁𝑂 +  𝑥𝑁𝑂2

× 2 + 𝑁𝐻2𝑂  × 2 (4.4) 

𝐸𝑞𝑢𝑖𝑣𝑎𝑙𝑒𝑛𝑐𝑒 𝑟𝑎𝑡𝑖𝑜 𝛷 =  
𝑁𝐶

4 ×𝑁𝑂
     (4.5) 

 

As the intake temperature increased, the mass of the intake air decreased 

in the naturally aspirated operating mode, so the equivalence ratio increased 

slightly at the same injection duration. Through the equivalence ratio 

distribution, it was confirmed that sufficient fuel injection quantity could be 

achieved even by using the HDEV-5 model as expected in the previous section, 

and the injector operated normally without any problems even during the 

operation period of about 100 hours.   
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Figure 4. 13 Equivalence ratio vs. injection duration  

at 3 different intake temperature ( 380°C, 400°C and 420°C) 
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In figure 4.14, engine load limit range according to the intake temperature 

is depicted. The high load limit was determined based on the point at which the 

combustion efficiency calculated by the exhaust component falls below 90%, 

whereas the low load limit was determined based on the minimum injection 

duration at which the GDI injector can operate. The load range was generally 

low compared to that of a conventional diesel engine even at high equivalence 

ratios due to the high intake temperature. As the intake temperature increases, 

the value of the engine load decreases as the intake mass decreases at the same 

equivalence ratio condition, and the load increases from 2 bar to 5.5 bar as the 

equivalence ratio increases. In figure 4.15, the COV of the GMEP value is 

depicted. The COV value decreases from 7% to 2.5% as the load increases, 

indicating that the engine operates more stably at high load conditions. Figure 

4.16 shows net efficiency calculated on the basis of the indicated work and the 

lower heating value of the injected fuel. The net efficiency value ranges from 

0.32 to 0.39 and reaches its maximum at an equivalence ratio of 0.6, but 

decreases under conditions that are richer or leaner than 0.6. As the equivalence 

ratio increases, the total amount of heat transferred increases, but the heat 

transfer amount per injected fuel decreases, which increase the indicated 

thermal efficiency. However, incomplete combustion occurs at the high 

equivalence ratio, which reduces the indicated thermal efficiency. A more 

detailed analysis of indicated thermal efficiency will be conducted in the 

engine modeling chapter. 
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Figure 4. 14 GMEP value vs. equivalence ratio  

at 3 different intake temperature ( 380°C, 400°C and 420°C) 
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Figure 4. 15 COV value vs. equivalence ratio  

at 3 different intake temperature ( 380°C, 400°C and 420°C) 
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Figure 4. 16 Indicated thermal efficiency value vs. equivalence ratio  

at 3 different intake temperature ( 380°C, 400°C and 420°C) 
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From the pressure profile according to the crank angle degree in the figure 

4.17, it can be seen that the pressure rise starts at the earliest timing when the 

equivalence ratio is about 0.6, and the pressure rise rate also was the highest. 

In order to quantify the actual combustion timing, the heat release value was 

calculated by Eq. (4.6) based on the pressure profile and in-cylinder volume, 

and CA 50 timing also calculated from the heat release value and depicted in 

the figure 4.18.  

Heat release rate ∶  
𝑑𝑄𝑛

𝑑𝑡
=  

𝛾

𝛾−1
𝑝

𝑑𝑉

𝑑𝑡
+ 

1

𝛾−1
𝑉

𝑑𝑝

𝑑𝑡
  (4.6)  

𝛾 = 𝑠𝑝𝑒𝑐𝑖𝑓𝑖𝑐 ℎ𝑒𝑎𝑡 𝑟𝑎𝑡𝑖𝑜 (1.35 𝑖𝑛 𝑡ℎ𝑖𝑠 𝑠𝑡𝑢𝑑𝑦) 

𝑝 = 𝑖𝑛 − 𝑐𝑦𝑙𝑖𝑛𝑑𝑒𝑟 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 

𝑉 = 𝑖𝑛 − 𝑐𝑦𝑙𝑖𝑛𝑑𝑒𝑟 𝑣𝑜𝑙𝑢𝑚𝑒   [44] 

 

The trends in the ignition timing also can be seen in the total heat release 

value and CA 50 timing. Through the heat release graph and CA 50 timing in 

the figure 4.19, it can be clearly demonstrated that ignition occurs most rapidly 

when the equivalence ratio is approximately 0.6. As the equivalence ratio 

increases, the in-cylinder temperature is expected to increase as the peak 

temperature and total heat transfer increase, which increases the post-

compression temperature. However, the charge cooling effect near the TDC 

increases as the equivalence ratio increases, which decreases the post-

compression temperature. Therefore, the trade-off between these two factors is 

responsible for the variation in the ignition timing. However, under all 



112 

conditions, ignition occurs after the end of injection, which resembles partially 

premixed compression ignition rather than the diffusion combustion that 

mainly occurs in a conventional diesel engine. 

 

 

Figure 4. 17 In-cylinder pressure – CAD graphs  

at 3 different equivalence ratio (Φ = 0.31, 0.54 and 0.74) 
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Figure 4. 18 Total heat release – CAD graphs  

at 3 different equivalence ratio (Φ = 0.31, 0.54 and 0.74) 
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Figure 4. 19 CA 50 timing vs. equivalence ratio  

at 3 different intake temperature (380°C, 400°C and 420°C) 
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4.3.2 Injection duration - exhaust 

In general engine studies, CO and tHC components were measured as 

incomplete combustion components. In that case, it was advantageous to 

measure various kinds of unburned HC at one time, but there was a 

disadvantage that it is not possible to identify specific kind of unburned HC. In 

this study, CH4 was used as the main fuel, and it was expected that only CH4, 

CO, H2 would be generated as the unburned HC component. From the actual 

exhaust measurement results which is depicted in figure 4.20, CO and H2 were 

the main exhaust components even under rich conditions. In that reason, 

exhaust emission of O2, CO2, NOx, CO, H2, and CH4 was measured in this study.  
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Figure 4. 20 Exhaust emissions vs. equivalence ratio  

from real engine experiments at intake temperature of 420°C 
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Figure 4.21 shows the exhaust emissions of NOx, CO and H2 depending 

on the equivalence ratio for the intake temperatures 380°C and 420°C, and 

there are some points to be noted. First, the NOx concentration was very high 

under overall conditions, because the high post-compression temperature for 

the auto-ignition of the directly injected methane results in the very high peak 

temperature in the range from 2500 K to 2900 K according to the equivalence 

ratio. Therefore, the NOx concentration also increased as the intake air became 

hotter. Because of this high NOx concentration, it is necessary to apply a post-

treatment device to reduce the NOx concentration or to develop an additional 

combustion strategy such as stoichiometric CI combustion with exhaust gas 

recirculation.  

The NOx concentration varied with the equivalence ratio, reaching a 

maximum value before decreasing again. This feature can be explained in 

relation to the ignition timing mentioned above. Under condition leaner than 

the equivalence ratio of 0.6, the peak temperature increases as the equivalence 

ratio increases, and this effect is further exacerbated by combustion close to 

the TDC as the ignition timing advances. On the other hand, under conditions 

richer than 0.6, ignition is delayed and the overall oxygen concentration is 

reduced, which inhibits NOx production.  
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Figure 4. 21 Exhaust emission characteristics vs. equivalence ratio 

at intake temperature of (a) 380°C and (b) 420°C 
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CO and H2 concentrations gradually increase as the overall in-cylinder 

equivalence ratio became richer, and these results were generally expected. In 

particular, the concentration of CO and the concentration of H2 increase sharply 

when the equivalence ratio exceeds 0.7. The combustion efficiency is also 

shown in figure 4.22, and the combustion efficiency decreases sharply as the 

equivalence ratio exceeds 0.7 due to the increase of CO and H2 concentration. 

This phenomenon means that although the global equivalence ratio was less 

than 0.8, which is globally lean, but the combustion occurred in a richer area 

than the stoichiometric condition. This is mainly attributed to two factors: the 

piston bowl and injector. In the case of the piston bowl, the actual available air 

near the TDC is expected to be limited to the volume within the piston bowl 

because of the application of the stock diesel piston used in conventional diesel 

engines as shown in the figure 4.23. Typical diesel engines operate under 

overall lean conditions; hence, the equivalence ratio was limited to 

approximately 0.75. In order to quantitatively confirm the participation ratio of 

the air, the volume of the bowl of the piston was measured, and the ratio of the 

volume of the bowl to the total volume at the TDC point calculated through the 

displacement volume and compression ratio was derived. As a result from the 

table 4.9, the ratio of the volume of the piston bowl to the total volume was 

approximately 0.7, and the remaining volume was included in the region such 

as the ring land, squish band and crevice volume, and is difficult to participate 

in the combustion reaction. For this reason, under the condition that the 

equivalence ratio exceeds 0.7, concentrations of CO and H2 are rapidly 

increased about 1 % in the exhaust due to incomplete combustion. In particular, 

it can be seen that the concentration of H2 relative to the concentration of CO 
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rises sharply when the equivalence ratio exceeds 0.7. These implies that the 

CH4 does not react with oxygen, and only the reforming reaction occurs into 

CO and H2 in a locally rich region. 
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Figure 4. 22 Combustion efficiency value vs. equivalence ratio  

at intake temperature of 380°C and 420°C. 
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Figure 4. 23 (a) Design of the piston in this study and  

(b) configuration of Clearance volume near TDC. 
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Table 4. 9 Specification of the piston of single-cylinder engine. 

 

  

Parameter Specification 

Displacement 497 cc 

Compression ratio 15.5 

Clearance volume 34.3 cc 

Volume of the bowl 23.5 cc 

Volume excluding bowl 10.8 cc 

Volume ratio of the bowl  68.5 % 
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In addition to the shape of the bowl, the smaller nozzle angle of the GDI 

injector seems to have interfered with the extent to which the air and fuel are 

able to mix compared to the typical diesel type solenoid injector, as shown in 

the figure 4.24. In the case of a general diesel injector, because the angle of the 

nozzle is approximately 140°~165°, the fuel is injected almost horizontally and 

the shape of the jet is in good correspondence with the piston bowl. On the 

other hand, the shape of the jet obtained with the GDI injector, which is not 

intended for CI engine application, does not correspond to the shape of the 

piston bowl because of the narrow angle between the nozzles of approximately 

70°. This would have suppressed the mixing of air and fuel, despite the fact 

that the methane would not have any atomization requirement. In summary, 

achieving proper CI of the high-pressure methane jet close to stoichiometric 

operation necessitates the modification of both the combustion chamber design 

to enable full air utilization, and the injector nozzle angle for improved mixing, 

whereas fuel vaporization is of no concern. 
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Figure 4. 24 Injection angle of the (a) GDI and (b) Solenoid diesel injector 
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Figure 4.25 shows the result of soot measurements using the DMS 500. As 

the equivalence ratio increases, the amount of particulate matter increases as 

the concentration of unburned hydrocarbon increases as shown in the exhaust 

gas analyzer results. As the global equivalence ratio increases, not only does 

the total number of particulate matter increases, but the mean size of the  

particulate matter depicted in the figure 4.26 also increases. As a result, the 

total mass of particulate matter increases more rapidly as shown in the figure 

4.27. This phenomenon can be explained by the generation mechanism of soot 

identified in previous diesel compression ignition studies. As seen in the figure 

4.28, soot particle has a different generation area and generation mechanism 

depending on diameter [45]. In the case of diesel, the initial small particles( ~ 

10 nm, so called as ‘nucleation mode’) are mainly formed in the core region of 

the fuel rich flame, and the larger particles( ~ 100 nm, so called as 

‘Accumulation mode’) are generated by the smaller particles growing in the 

lean region of the flame front. As the global equivalence ratio increases, the 

number of small soot increases as the local equivalence ratio in the injection 

core also increases, and the size of the soot also grows as the combustion 

duration becomes longer.  
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Figure 4. 25 Number density of particulate matter in the exhaust 

according to the equivalence ratio. 
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Figure 4. 26 Size distribution of the particle according to the equivalence ratio
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Figure 4. 27 Mass density of particulate matter in the exhaust  

according to the equivalence ratio. 
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Figure 4. 28 Soot generation area inside flame [45].  
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Figure 4.29 compares the results of the particulate matter measurement 

with those of Lee et al. [46, 47], who performed diesel fuel and dual fuel 

experiments for the same engine geometry. The total number of particles with 

methane is higher than that with conventional diesel due to the incomplete 

combustion caused by GDI injector and piston issue. However, the average size 

of the particles is approximately 30 nm for methane owing to its simple 

molecular structure and the low carbon content of methane, whereas the size 

for diesel is much larger at approximately 100 nm. Thus, the total mass of 

particulate matter is much less for methane as seen in figure 4.30. In addition, 

when the equivalence ratio of 0.66, which shows a sufficiently high 

combustion efficiency, both the particle size and number decreases, so the 

particle mass sharply decreases as compared with the conventional diesel.  
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Figure 4. 29 Particle size distribution with methane fuel (Φ=0.74 from this 

study), conventional diesel and diesel-propane dual fuel operation 

conditions(Φ=0.74 from Lee et al. [46, 47]) 
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Figure 4. 30 Comparison of PM emissions according to  

fuel conditions [46, 47] 
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4.3.3 Result with various injection timing 

After the operation characteristics according to the engine load were 

investigated, the injection timing sweep experiment (from 14° bTDC to 7° 

bTDC) was performed at three different equivalence ratio. For the equivalence 

ratio of 0.5, COV is increased due to combustion instability, so the injection 

timing sweep was performed only from 14° bTDC to 7° bTDC. Detailed 

experimental conditions are shown in table 4.10.  

 

Table 4. 10 Experimental condition for various injection timing. 

Parameter Specification 

Fuel Methane 100 % 

RPM 1200 RPM 

Intake condition 

420 °C 

Natural aspirated 

Fuel injection pressure 300 bar 

Fuel injection duration 5, 8, 11 msec  

Start of injection 14 ~ 7 ° bTDC 

Coolant & oil temperature 95 °C 
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Figure 4.31 shows that the delay in ignition timing increases as that of the 

injection timing increases for three different equivalence ratios. In addition, as 

the injection timing was retarded from 14° bTDC to 7° bTDC, the delay in the 

ignition timing is almost the same as the delay in injection timing, indicating 

that combustion was still occurring in the form of a partially premixed flame. 

Figure 4.32 shows that the GMEP value almost remains constant as the 

injection timing is changed; however, the GMEP value changes slightly 

according to the combustion timing, and the tendency of the change was 

different according to the equivalence ratio. This is caused by the variation of 

the combustion duration and ignition delay due to the trade-off effect between 

in cylinder temperature and the charge cooling effect as mentioned in the 

chapter 4.3.1, and the MBT timing is changed accordingly. More specific 

analysis will be conducted in the chapter 5.4.2 through the modeling.  
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Figure 4. 31 CA 50 timing vs. injection timing  

at equivalence ratio of 0.31, 0.54 and 0.74 
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Figure 4. 32 GMEP value vs. injection timing  

at equivalence ratio of 0.31, 0.54 and 0.74 
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4.3.4 Injection timing - exhaust 

For an equivalence ratio of 0.74, the exhaust gas analysis results according 

to the injection timing were examined. First, figure 4.33 shows the results of 

the CO, H2 and NOx measurements. The CO and H2 concentrations reach peak 

values at the point where the start of injection timing is -11° aTDC, when the 

fuel injection ends at the TDC point. At that time, the clearance volume is the 

smallest, with the lowest rate of air available for the combustion reaction 

relative to the total air in the cylinder. The NOx results indicate that the amount 

of NOx produced decreases as the injection timing increases, and is almost 

constant after -11° aTDC. When the injection timing is delayed, the ignition 

timing is also pushed backward, thereby decreasing the peak temperature and 

suppressing NOx production. However, the ratio of oxygen involved in the 

combustion reaction is the lowest when injection starts at -11 °aTDC, after 

which the oxygen concentration increases and promotes the generation of NOx. 

This trade-off between peak temperature and O2 concentration causes the 

observed tendency of the NOx concentration.  
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Figure 4. 33 Exhaust emission characteristics vs. injection timing 

at equivalence ratio of 0.74 
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Figure 4.34 shows the results of the soot measurement according to the 

injection timing for an equivalence ratio of 0.74 and an intake temperature of 

420 °C. The number of particles is the highest when the injection timing is -11° 

aTDC with suppressed mixing of air and fuel, which is similar to the exhaust 

characteristics of CO and H2. However, the particle size distribution (in the 

figure 4.35) and the total mass of the particles (in the figure 4.36) show slightly 

different results. When the injection timing is delayed, the ignition timing is 

also delayed and the average temperature decreases during combustion, which 

causes the growth of soot particle. Therefore, when the injection starts after -

11 ° aTDC, the particle size increases and the total particle mass almost has the 

same value even though the number of particles decreases. 
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Figure 4. 34 Number density of the particulate matter vs. injection timing 

at equivalence ratio of 0.74 
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Figure 4. 35 Size distribution of the particulate matter according to the injection timing
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Figure 4. 36 Mass density of the particulate matter vs. injection timing  

at equivalence ratio of 0.74 
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4.3.5 Injection pressure 

As already mentioned in the introduction section, the injection pressure of 

the fuel is also important factor for combustion characteristics in the CI engine. 

Therefore, the engine operation was also tested by varying the fuel injection 

pressure while keeping the quantity of fuel that was injected constant. For the 

combination of the injection pressure and duration, the pressure limit of the 

fuel injection system and the duration limit for the injector driver to control the 

injector are considered together, and the selected experimental conditions are 

listed in table 4.11.  

The result show that the ignition timing advanced as the injection pressure 

increases as shown in figure 4.37. This is because high-pressure fuel injection 

promotes the mixing of air and fuel, which is already well known. However, 

this result is different from that in the modeling study of the CVCC in which 

the ignition delay did not significantly depend on the injection pressure. This 

is because there is no restriction on air entrainment in the constant volume 

combustion chamber condition, but it is difficult to utilize the entire amount of 

air contained in the cylinder at the low injection pressure in the engine because 

of insufficient penetration into the internal volume of the cylinder. Therefore, 

well-mixed fuel and air as a result of high pressure fuel injection shortens the 

ignition delay time. However, when the injection starts at 14° aTDC, ignition 

that occurs too soon causes the combustion reaction to begin before TDC, 

which causes GMEP to decrease as the fuel injection pressure increases, as 

shown in the figure 4.38.  
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Table 4. 11 Experimental condition for various injection pressure. 

 

  

Parameter Specification 

Fuel Methane 100 % 

RPM 1200 RPM 

Intake condition 

420 °C 

Natural aspirated 

Fuel injection pressure 200 ~ 400 bar 

Fuel injection duration 

12 ~ 6 msec  

followed by injection pressure 

Start of injection -14 ° aTDC 

Coolant & oil temperature 95 °C 



146 

 

 

 

Figure 4. 37 CA 50 timing vs. injection pressure at equivalence ratio of 0.54 
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Figure 4. 38 GMEP value vs. injection pressure at equivalence ratio of 0.54 
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4.3.6 Injection pressure - exhaust 

Figure 4.39 shows the results of the measurement of the CO, H2 and NOx 

concentrations in exhaust gas according to the injection pressure for the same 

equivalence ratios. As the injection pressure increases, the mixing process of 

the fuel and the air is promoted, leading to a decrease in CO and H2 emissions. 

However, as the injection pressure increases, not only lean conditions are 

created through mixing of air, but also the peak temperature increases due to 

the accelerated ignition timing, resulting in an increase in NOx emissions. 
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Figure 4. 39 Exhaust emission characteristics vs. injection pressure 

at equivalence ratio of 0.54 
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Figure 4.40 and 4.41 show the total number and total mass of the particles 

according to the injection pressure. As the injection pressure increases, the 

number and mass of the particles also decrease, as the concentration of CO and 

H2 decreases due to the rapid mixing of air and fuel. As the injection pressure 

increases from 200 bar to 400 bar, both the number of particles and the mass 

are greatly reduced by half, thus controlling the injection pressure plays an 

important role in the operation strategy for exhaust emission reduction. In 

addition to the number of particles and the total mass, there is also a point to 

be noted at the size distribution according to the injection pressure. 

Considering the size distribution of the particles in figure 4.42, there is a clear 

distinction between the nucleation mode and the accumulation mode, similar 

to that found in the compression ignition engine study with diesel in the figure 

4.43.[48]. Furthermore, as the injection pressure increases, the number of large 

particles in the accumulation mode decreases, whereas the number of small 

particles in the nucleation modes increases. However, the average particle size 

of methane is only 30 nm in the accumulation mode due to the simple structure 

of methane, whereas the average particle size of diesel is approximately 100 

nm. 
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Figure 4. 40 Number density of the particulate matter vs. injection pressure 

at equivalence ratio of 0.54 
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Figure 4. 41 Mass density of the particulate matter vs. injection pressure 

at equivalence ratio of 0.54 
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Figure 4. 42 Particle size distribution according to the injection pressure 
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Figure 4. 43 Particle size distribution according to the injection pressure in conventional diesel engine [48]. 
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Chapter 5. Engine Modeling 

5.1 Introduction to modeling study 

From the results of the experiment with methane fueled compression 

ignition engine, various issues were found. For example, in the engine load 

sweep experiment, the ignition delay was shortest when the equivalence ratio 

was about 0.6 due to the trade-off of the post-compression temperature 

according to the equivalence ratio. In the injection timing experiment, the MBT 

timing was different followed by the equivalence ratio, while the ignition delay 

and GMEP were different depending on the injection pressure in the injection 

pressure experiments. Not only these interesting issues, but also many 

problems that make it difficult to apply methane fuel to the commercial 

compression ignition engines: Excessively high intake temperature and limited 

engine load condition. In order to explain the phenomena occurring in the real 

engine and to search for new conditions for stable operation of the engine, a 2 

zone model was developed and modeling study was conducted.  

  



156 

5.2 Modeling descriptions 

In the figure 5.1, the concepts of a two-zone model is shown. The model 

was developed based on the Cantera thermodynamic toolbox in the MATLAB 

which is used in the gas jet model of the constant volume combustion chamber 

section. In the model, the volume inside the engine is divided into two major 

areas: Air zone and air-fuel mixing zone. At the beginning of the engine 

compression process after IVC, the in-cylinder volume is only filled with air 

zone. After start of fuel injection, an air-fuel mixing zone is created and begins 

to expand as the injected fuel mass increase. During the fuel injection, the air 

in the air zone begins to entrain into the fuel-air zone, and the amount of 

entrained air is expressed relative to the mass under stoichiometric conditions 

𝒎𝒂𝒊𝒓,𝒔𝒕𝒐𝒊𝒄𝒉 as seen in the Eq. (5.1). 

𝐄𝐧𝐭𝐫𝐚𝐢𝐧 𝐚𝐢𝐫 𝐦𝐚𝐬𝐬 =  𝛂 ∗ 𝒎𝒂𝒊𝒓,𝒔𝒕𝒐𝒊𝒄𝒉   (5.1) 

 The mass, energy and pressure balance equations between the air zone 

and air-fuel mixture zone due to entrainment are shown in the appendix. If 

alpha value in the Eq (5.1) is 1, the mixture in the air-fuel zone will always be 

maintained a stoichiometric condition during fuel injection duration. If alpha 

is less than 1, the mixture become rich, while the mixture become lean if alpha 

is greater than 1. The actual role of this alpha value in the modeling is to control 

the ignition delay through oxygen concentration and temperature control of the 

mixture. The ignition in the compression ignition engine takes place in a 

relatively lean region, so the alpha value is also set to be greater than one. 

However, in a real CI engine, combustion occurs in an inhomogeneous state of 
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fuel and air mixture, so lean and rich regions coexist, and this rich region 

affects the generation of various exhaust emissions. Therefore, the model in 

this study is inadequate for analysis of combustion and emission characteristics 

in a rich region, but the model is specialized only for analyzing ignition 

characteristic according to engine operating condition. The chemical reaction 

is calculated using the GRI 3.0 mechanism, and the ignition of the engine 

occurs through the auto ignition of the mixture in the air-fuel zone through 

chemical kinetics calculation. 

For the exhaust and intake process, the exhaust mass, the intake mass, and 

the residual mass were simply calculated in consideration of the pressure and 

the volume at each valve timing. During the overall engine stroke, the woschni 

model [49] with a scaling factor was applied for heat transfer calculation. 
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Figure 5. 1 Concept of 2-zone model 
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5.3 Validation of Model 

5.3.1 Validation of heat transfer rate 

To determine the scaling factor in the woschni heat transfer model, the 

motoring results and the modeling results were compared under various 

conditions. As a result, it was confirmed that pressure profile of the modeling 

showed good agreement with the pressure profile from the experiment when 

the heat transfer scaling factor was 1.6 as shown in the figure 5.2. The heat 

transfer scaling factor during the exhaust and intake processes was determined 

to be 2.3, considering the intake mass of the IVC timing and GMEP values at 

a given equivalence ratio. 
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Figure 5. 2 Pressure profile from modeling and experiments  

in various motoring condition. 
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5.3.2 Validation of wall temperature 

In figure 5.3, experimental results show that the pressure profile during 

compression was different according to the engine equivalence ratio. There are 

two possible causes of this difference: Specific heat ratio and heat transfer. First, 

when considering the effect of specific heat ratio, the amount of residual mass 

was so small that there was almost no difference in composition at IVC timing 

followed by the engine operation condition, and the change in specific heat 

ratio according to the in-cylinder temperature difference was less than 1 % per 

100 °C. This means that the pressure profile difference during the compression 

process is not due to the difference in the specific heat ratio. Therefore, the 

temperature of the cylinder wall which can affect to the heat transfer during 

compression process is expected to be different according to the equivalence 

ratio. From Tobias et al. and Ekrem et al. [50, 51], it was shown that the average 

temperature of the in-cylinder increases by about 70°C as the engine load 

changes from 25 % to 50 %. In that reason, different wall temperatures were 

applied according to the equivalence ratio in the modeling study. These 

difference of wall temperatures not only affects pressure profile during 

compression process but also influences the heat transfer during exhaust and 

intake processes, which determines the temperature of the in-cylinder mixture 

at IVC timing and total mass of the intake air. The mass of the intake air 

determines the fuel input mass and GMEP value on the modeling at given 

equivalence ratio conditions. 

Therefore, wall temperature in the modeling was determined with 
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considering GMEP, fuel injection mass and pressure profile during the 

compression process in the combustion operation condition. Finally, the wall 

temperature profile under various engine operating conditions is given in the 

figure 5.4. It can be seen that wall temperature changes mainly according to 

the equivalence ratio, and the wall temperature gradually increase from 400 to 

470 as equivalence ratio increase from 0.3 to 0.55, but the wall temperature has 

been almost saturated after that. Using this wall temperature value, the fuel 

mass was calculated based on the intake air mass and equivalence ratio on the 

modeling, and it was in good agreement with the fuel mass in the experiment 

calculated by the injection duration as shown in the figure 5.5.  
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Figure 5. 3 In-cylinder pressure profile during compression process at 

equivalence ratio of 0.31, 0.54 and 0.74 

  



164 

 

 

 

Figure 5. 4 Validated wall temperature vs. equivalence ratio. 
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Figure 5. 5 In-cylinder pressure profile during compression process at 

equivalence ratio of 0.31, 0.54 and 0.74 
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5.3.3 Validation of entrainment rate 

In the modeling concept section, the alpha value is used as a parameter to 

control the air entrainment rate. Therefore, the alpha value to be used for 

modeling was determined by comparing the ignition timing in the experiment 

and the ignition timing in the modeling. As a result, the alpha value was 

determined to 1.7, and the comparison between the CA 20 timing of the 

experiments and CA 20 timing of modeling is shown in the figure 5.6. Overall 

specification of the two zone modeling through validation is shown in figure 

5.7 and table 5.1. 
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Figure 5. 6 CA 20 timing vs. equivalence ratio  

from experiments and modeling. 
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Figure 5. 7 Overall validation method of the modeling. 
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Table 5. 1 Description of 2-zone engine model 

 

  

Parameter Specification 

Compression ratio 15.5:1 

Chemical reaction 

GRI 3.0 mechanism 

(53 species and 325 reactions) 

Fuel Methane 100 % 

RPM 1200 RPM 

Heat transfer model Woschni heat transfer model 

Scaling factor for heat transfer 

1.6 for compression & expansion process 

2.3 for exhaust & intake process 

Air entrainment rate α 1.7  

Start of injection 14 ° bTDC 
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5.4 Modeling results 

5.4.1 Modeling results – Load sweep 

In the figure 5.8, GMEP results are shown according to the equivalence 

ratio and intake temperature derived from the modeling. The results of the 

GMEP from the experiments are also expressed, and it can be confirmed that 

the results of the GMEP through the modeling are in good agreement. As the 

equivalence ratio increases, GMEP increases, and as the intake temperature 

decreases, the mass of the intake air increases, leading to an increase in GMEP. 

However, in modeling, combustion occurs completely even under conditions 

of high equivalence ratio, whereas in experiments, mixing of fuel and air is 

limited, resulting in reduced combustion efficiency at high equivalence ratio 

and a decrease in GMEP at high equivalence ratio. The pressure profiles from 

the modeling and experiments are in good agreement in low equivalence ratio 

region where the GMEP values are well matched as shown in the figure 5.9 (a). 

However, in the high equivalence ratio region, the pressure profile from the 

experiments is slightly lower than the profile from the modeling due to the 

reduced combustion efficiency in the experiments as shown in the figure 5.9 

(b). 
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Figure 5. 8 GMEP value vs. equivalence ratio  

from the experiments and modeling 
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Figure 5. 9 Pressure profile during main combustion process  

at equivalence ratio of (a) 0.54 and (b) 0.74 
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Figure 5.10 shows the timing of CA 20 in the modeling and experiment, 

which represents the ignition timing, and it can be seen that the model 

accurately estimates the tendency of the ignition timing. Similar to the 

experiment, in the modeling, the ignition timing was accelerated as the 

equivalence ratio increased up to 0.6, and the slowed down after that. Figure 

5.11 shows the temperature at IVC timing, SOI timing, and TDC timing in 

order to check the temperature change inside the cylinder according to the 

equivalence ratio during the compression process. The temperature of the IVC 

timing is mainly influenced by the temperature of the internal EGR and the 

wall temperature of the cylinder which affect to the heat transfer during intake 

process, so the high equivalence ratio increases initial temperature. This 

temperature difference is maintained until fuel is injected because of the 

difference in wall temperature. However, the start of fuel injection drops the 

in-cylinder temperature due to the charge cooling effect, and the temperature 

drop is severe at high equivalence ratio values. Therefore, the temperature at 

TDC, which is the final temperature value that can affect the ignition timing of 

the fuel, is highest when the equivalence ratio is about 0.6. 
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Figure 5. 10 CA 20 timing according to the equivalence ratio from 

experiments and modeling. 
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Figure 5. 11 In-cylinder temperature at IVC, SOI and TDC  

at equivalence ratio of 0.31, 0.54 and 0.74 
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In addition to the 2 zone model, the mixing ratio of fuel and air according 

to the injection duration was investigated using the gas jet modeling developed 

in the constant volume combustion chamber section. The background 

temperature and pressure conditions were applied as the condition of start of 

injection timing from the 2 zone engine model. As a result, penetration length 

according to the injection duration showed almost no change as shown in the 

figure 5.12. However, the overall fuel injection quantity increases as the 

injection duration increases, thus increasing the equivalence ratio in the fuel 

penetration region. Therefore, the amount of unburned HC and particles in the 

engine experiments are considered to be increased due to the increased fuel 

concentration as the injection duration increased. 
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Figure 5. 12 Equivalence ratio distribution vs. radial distance in the direction 

of ignition point when the injection duration is 5 ~ 11 CAD. 
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5.4.2 Modeling results – Injection timing 

The modeling results according to the injection timing are depicted in 

figure 5.13, 5.14 and 5.15 at three equivalence ratio as same as experimental 

condition. However, when the equivalence ratio is 0.74, incomplete 

combustion occurs due to the mixing limitation in the actual experiment, 

whereas complete combustion occurs in the modeling, resulting in a difference 

in the GMEP value as shown in the figure 5.14. If the injection timing is 

retarded, the ignition timing is also retarded in all conditions, and the ignition 

delay is always kept almost constant. However, there was a slight difference in 

GMEP value depending on the injection timing, GMEP has peak point values 

at different injection timing for all equivalence ratio conditions as shown in the 

figure 5.15, and this injection timing can be regarded as MBT timing. When 

the equivalence ratio is 0.54, the MBT timing is delayed by about -9 ° due to 

the short ignition delay, while the MBT timing is advanced by about -11 ° due 

to the long ignition delay at equivalence ratio of 0.31 or 0.74. In addition, the 

modeling also shows the results of the more retarded injection timing that could 

not be achieved due to COV and combustion instability in actual experiments. 

In case of equivalence ratio 0.74, injection timing retardation was possible up 

to -7 degree due to large amount of fuel and long combustion duration, but 

injection timing could be retarded even at 0 degree when equivalence ratio was 

0.31 and 0.54. However, excessive retardation was not recommended because 

it leads to a decrease in GMEP. 
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Figure 5. 13 CA 20 timing vs. injection timing  

from experiment and modeling. 
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Figure 5. 14 GMEP value vs. injection timing 

from experiment and modeling. 
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Figure 5. 15 GMEP value vs. injection timing from experiment and modeling 

at equivalence ratio (a) 0.31, (b) 0.54 and (c) 0.74. 
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5.4.3 Modeling results – Injection pressure 

In the experiment, as the injection pressure increased, the ignition rapidly 

occurred and the amount of unburned hydro carbon decreased, which could be 

caused by the accelerated mixing of air and fuel due to the increase of the 

injection pressure. In order to realize this phenomenon in modeling, the mixing 

ratio of fuel and air according to the injection pressure was investigated using 

the gas jet model developed in the constant volume combustion chamber 

section. The background temperature and pressure conditions were applied as 

the condition of start of injection timing from the 2 zone engine model. As a 

result, the fuel concentration in the gas jet region decreases as the penetration 

length increases due to the increase injection pressure as shown in the figure 

5.16. Therefore, the amount of unburned HC and particles in the engine 

experiments are considered to be decreased due to the decreased fuel 

concentration as the injection pressure increased. Figure 5.17 shows the time-

dependent changes in the average A/F ratio in the injected fuel zone at various 

injection pressure conditions, and it can be seen that the air entrainment rate is 

higher at all times as the injection pressure increases. Figure 5.18 depicts the 

difference of the entrainment rate in terms of the reference ratio of 300 bar at 

2 msec after SOI (14 CAD at 1200 RPM condition), and these ratio was used 

as a scaling factor of the air entrainment rate in the 2 zone model.  
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Figure 5. 16 Equivalence ratio distribution vs. radial distance in the direction 

of ignition point according to the injection pressure. 
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Figure 5. 17 Average A/F ratio in the gas penetration zone  

from the gas jet modeling. 
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Figure 5. 18 Relative A/F ratio to 300 bar condition  

according to the injection pressure. 

  



186 

As a result of 2-zone modeling with different air entrainment rates 

according to the injection pressure, the ignition timing was advanced as the 

injection pressure increased in modeling as shown in figure 5.19. Early ignition 

increases the total heat transfer, which has resulted in a decrease in GMEP 

(Figure 5.20). However, since the difference of gross efficiency is only about 

1 % as the injection pressure increases from 200 bar to 400, the injection 

pressure should be determined considering the exhaust emissions 

characteristics and the compression work of the fuel. 
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Figure 5. 19 CA 20 timing according to the injection pressure 

from experiments and modeling. 
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Figure 5. 20 GMEP value according to the injection pressure 

from experiments and modeling. 

 

 

  



189 

5.4.4 Modeling results – Additional operation strategy 

Experimental and modeling studies have shown that CI engine operation 

with direct injection of methane is possible by heating the intake temperature 

to 400 K with a compression ratio of 15.5. However, since intake heating was 

a difficult condition to achieve in actual engines, additional proposals were 

needed to achieve CI combustion. Except for intake heating, there are two 

major ways to achieve high temperature conditions after compression: 

increasing compression ratio or utilization of internal EGR. Therefore, this 

section aims to reduce the intake temperature to the level achievable in a typical 

engine, depending on the compression ratio and internal EGR application. 

Before confirming the effect of compression ratio and internal EGR, the 

energy flow from the injected fuel at actual engine operating conditions was 

calculated. Experimental results show that the calculated efficiency is about 32 

~ 40% depending on the operating conditions, and all other parts are considered 

as heat loss. However, these are efficiencies that do not consider additional 

intake heating energy and compression energy for fuel. Therefore, an energy 

flow chart with such additional energy consumption was drawn in this section. 

First, for the intake heating energy, the difference of the enthalpy value 

required to raise the temperature from the ambient temperature to the target 

intake temperature was obtained. As the equivalence ratio was lowered from 

0.74 to 0.31, the heating loss increased from 20 % to 45 % of the LHV of the 

fuel as the amount of air relative to the reference fuel amount increased. In the 

case of the fuel compression work referred in the Korakianitis et al [52], the 



190 

energy required to compress the fuel from 1 bar to 300 bar for adiabatic process 

is about 3% of the, and about 1.7 % energy was required for the isothermal 

process. These values were the same when calculated using the cantera 

chemical toolbox of matlab. In this study, considering the maximum tank 

pressure of 250 bar for the natural gas vehicle, the compression energy was 

calculated based on the work required to compress the methane from 125 bar 

to 300 bar for adiabatic process, which is about 0.3 % of the lower heating 

value of the fuel. Therefore, the total energy flow charts are as shown in figure 

5.21, and the energy required for intake heating was a major energy loss, while 

the energy required for fuel compression was very small.  

In order to reduce the loss due to such intake heating, the intake 

temperature required for ignition before 5° aTDC was calculated as the 

compression ratio was increased. As a result, as the compression ratio increased 

from 15.5 to 30, required minimum temperature decreased from 370 °C to 

120 °C as shown in figure 5.22. As the compression ratio increases, not only 

the required intake temperature decreases but also the gross work is increased 

due to the increased compression ratio, which dramatically increased the 

energy efficiency as shown in figure 5.23.  

In addition to the method of increasing the compression ratio to lower the 

intake temperature, there is a method of utilizing internal EGR, which can also 

reduce NOx emissions by lowering the peak temperature and oxygen 

concentration. However, the EGR application does not only reduce the 

temperature rise of the IVC timing due to the decrease of the gas temperature 

after the combustion, but also decrease the total oxygen concentration in the 
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cylinder, so that the ignition delay was almost the same or rather longer. 

Therefore, the value of minimum intake temperature for combustion did not 

change or rose slightly through EGR application, and energy flow chart was 

not changed either. 

 

  



192 

 

Figure 5. 21 Energy fraction charts relative to the LHV of the injected fuel.  
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Figure 5. 22 Minimum intake temperature for combustion  

at different compression ratio. 
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Figure 5. 23 Energy fraction charts relative to the LHV of the injected fuel  

at different compression ratio (Φ = 0.54). 
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Chapter 6. Summary & Conclusions 

In this study, in order to confirm the applicability of high-pressure 

direct-injected methane jet for a pure compression-ignition engine application, 

gas jet injection and combustion experiments were performed with a constant 

volume combustion chamber and compression ignition engine.  

In the constant volume combustion chamber section, physical behavior 

of the methane jet and ignition characteristics was evaluated through optical 

diagnostics method with single-hole GDI injector, and additional evaluation 

was carried out in terms of fuel injection condition and ambient condition with 

validated gas jet model. As a result, the following points were noted. 

 

1. In the CVCC experiments with the single-hole GDI injector, the 

penetration distance of 15–25 mm was achieved in 1.5 ms at injection 

pressure of 90 bar, which may be suitable for use in a passenger 

vehicle-size engine. However, the first apparent ignition of the 

methane jet occurred at approximately 1.3 to 5.5 ms after the start-of-

injection, as the background temperature decreased from 1300 K to 

1150 K, which is a marginal value to be applied to engine at 

background pressure of 50±5 bar. 

 

2. The ignition delay was not significantly affected by fuel injection 
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pressures from 90 bar to 400 bar, but the pressure required to achieve 

proper fuel injection quantity was approximately 400 bar for the 

injector used in this study. This pressure value caused excessively long 

penetration compared to the bore size of the engine; thus, additional 

attempts were made to reduce it. 

 

3. The increase in ambient pressure not only reduced the ignition delay 

but also reduced the penetration length while maintaining the same 

amount of fuel injection, thereby reducing the ignition distance. This 

result suggests that supercharging without intercooling or internal 

exhaust gas recirculation can be an effective means to achieve proper 

compression ignition of methane. 

 

4. Considering more realistic composition of NG, we evaluated the 

effects of ethane addition on the methane jet. The ignition delay 

decreased when ethane was added to pure methane, even at a small 

amount of approximately 8%, but the reduction effect was no longer 

useful above a certain amount of added ethane. 

 

After CVCC studies, experiments with single-cylinder CI engine of 

compression ratio 15.5 were carried out to check whether ignition of methane 

fuel was possible under the actual engine conditions. A multi-hole GDI injector 

capable of operating at a pressure of 400 bar was used for fuel injection and 
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intake temperature was heated to 400 ° C to achieve the auto ignition 

temperature of the methane after compression. Experiments were carried out 

under various load, injection timing, and injection pressure conditions, and a 

2-zone model was developed to analyze the results. There were also things to 

be noted in the compression engine test results. 

 

1. The intake was heated to approximately 400 °C at a compression ratio of 

15.5 and these conditions enabled compression ignition operation with 

direct-injected methane. However, in all engine experiments, ignition 

occurred after fuel injection. Thus, combustion would have taken on the 

form of a partially premixed flame rather than a diffusion flame.  

 

2. With multi-hole GDI injector, a sufficient equivalence ratio of 0.8 was 

achieved at injection pressure of 300 bar and injection duration of 12 

CAD, and the GMEP value varied from 2 bar to 5.5 bar according to 

the equivalence ratio. However, at the point of equivalence ratio 0.7 or 

higher, the combustion efficiency decreased drastically due to the limit 

of the volume fraction of the piston bowl at TDC and the narrow nozzle 

distribution of the GDI injector. 

 

3. The overall NOx emission was high about 2000 ppm due to the high 

combustion temperature. However, PM emission was less than diesel 

in spite of low combustion efficiency, which induced by unsuitable 
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piston bowl and injector nozzle distribution. Therefore, optimization 

of piston bowl and injector nozzle distribution is require for soot-less 

combustion even under stoichiometric conditions, and NOx emission 

also expected to be reduced using three-way catalyst.  

 

4. As the injection timing retarded, the ignition timing was also retarded. 

When the injection timing was -11° aTDC, at which the injection ends 

exactly at the TDC point (Injection duration = 11 CAD at Φ = 0.74), the 

emission of PM was the highest whereas the NOx emission was the 

lowest. As the injection pressure increased, the ignition delay became 

shorter and the emission of PM could be further reduced, but the NOx 

emission increased. 

 

5. When fuel compression energy and intake heating energy were 

considered, the fuel compression energy was only about 1.7 % of the 

LHV of the fuel when compressed from 7 bar to 300 bar, but the intake 

heating consumed 20 % to 45 % of LHV of the fuel according to the 

equivalence ratio. Therefore, main loss occurred due to intake heating, 

resulting in net efficiency up to 20 %, and even negative values when 

the equivalence ratio is 0.31. In order to overcome this problem, a 

modeling study was carried out under the condition that the 

compression ratio was increased. As the compression ratio increased, 

the required intake temperature decrease but also gross work increase, 
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thus the net efficiency of 45% was achieved at a compression ratio of 

about 30. 
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Appendix 

In the 2 - zone engine model, the ideal gas equation such as Eq 1 was 

basically applied to calculate the mass transfer, energy transfer and thus 

volume and pressure between zones. 

𝑃𝑉𝑖 = 𝑚𝑖𝑅𝑖𝑇𝑖      (A.1) 

 

𝑃 ∶  𝑖𝑛 − 𝑐𝑦𝑙𝑖𝑑𝑛𝑒𝑟 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 

𝑉𝑖 ∶  𝑣𝑜𝑙𝑢𝑚𝑒 𝑜𝑓 𝑧𝑜𝑛𝑒 𝑖 

𝑚𝑖 ∶  𝑡𝑜𝑡𝑎𝑙 𝑚𝑎𝑠𝑠 𝑜𝑓 𝑧𝑜𝑛𝑒 𝑖 

𝑅𝑖 ∶  𝑆𝑝𝑒𝑐𝑖𝑓𝑖𝑐 𝑔𝑎𝑠 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡 𝑜𝑓 𝑧𝑜𝑛𝑒 𝑖 

𝑇𝑖 ∶  𝑇𝑒𝑚𝑝𝑒𝑟𝑎𝑡𝑢𝑟𝑒 𝑜𝑓 𝑧𝑜𝑛𝑒 𝑖 

 

In order to calculate the time-dependent variation of these variables, the 

two sides of Eq. (A.1) are differentiated as Eq. (A.2). 

 

𝑃𝑑𝑉𝑖 + 𝑉𝑖𝑑𝑃 = 𝑅𝑖𝑇𝑖𝑑𝑚𝑖 + 𝑚𝑖𝑇𝑖𝑑𝑅𝑖 + 𝑚𝑖𝑅𝑖𝑑𝑇𝑖    (A.2) 

 

Using the definition of specific gas constant of Eq. (A.3) to express 𝑑𝑅𝑖 

by mass fraction, Eq. (A.4) can be expressed as follows [53]. 
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𝑅𝑖 =  
𝑅𝑢∗∑ 𝑛(𝑖,𝑗)

∑ 𝑚(𝑖,𝑗)
=  

𝑅𝑢∗∑
𝑚(𝑖,𝑗)

𝑀𝑊𝑗

∑ 𝑚(𝑖,𝑗)
     (A.3)  

𝑑𝑅𝑖 =  
𝑅𝑢∗∑

𝑑𝑚(𝑖,𝑗)

𝑀𝑊𝑗

∑ 𝑚(𝑖,𝑗)
− 

𝑅𝑢∗(𝑑 ∑ 𝑚(𝑖,𝑗))∗∑
𝑚(𝑖,𝑗)

𝑀𝑊𝑗

(∑ 𝑚(𝑖,𝑗))
2   (A.4) 

 

𝑅𝑢 ∶  𝑈𝑛𝑖𝑣𝑒𝑟𝑠𝑎𝑙 𝑔𝑎𝑠 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡 

𝑛(𝑖,𝑗) ∶  𝑚𝑜𝑙𝑒 𝑜𝑓 𝑡ℎ𝑒 𝑠𝑝𝑒𝑐𝑖𝑒𝑠 𝑗 𝑖𝑛 𝑧𝑜𝑛𝑒 𝑖 

𝑚(𝑖,𝑗) ∶  𝑚𝑎𝑠𝑠 𝑜𝑓 𝑡ℎ𝑒 𝑠𝑝𝑒𝑐𝑖𝑒𝑠 𝑗 𝑖𝑛 𝑧𝑜𝑛𝑒 𝑖 

𝑀𝑊𝑗 ∶  𝑚𝑜𝑙𝑒𝑐𝑢𝑙𝑎𝑟 𝑤𝑒𝑖𝑔ℎ𝑡 𝑜𝑓 𝑡ℎ𝑒 𝑠𝑝𝑒𝑐𝑖𝑒𝑠 𝑗 

 

In addition, in order to express 𝑑𝑇𝑖 of A.2 in terms of mass and energy 

transfer between zones, the energy balance equation from 1 law equation is 

expressed as Eq. (A.5) [54]. 

 

(∑ 𝑐𝑣(𝑖,𝑗)𝑚(𝑖,𝑗)) d𝑇𝑖 +  ∑ 𝑢(𝑖,𝑗)𝑑𝑚(𝑖,𝑗) 

      =  �̇�𝑖 − 𝑃𝑑𝑉𝑖 − �̇�𝑜𝑢𝑡,𝑖ℎ𝑜𝑢𝑡,𝑖 +  �̇�𝑖𝑛,𝑖ℎ𝑖𝑛,𝑖 − ∑ 𝑢(𝑖,𝑗)𝑑𝑚(𝑖,𝑗)  (A.5)  

d𝑇𝑖 =   
�̇�𝑖−𝑃𝑑𝑉𝑖− �̇�𝑜𝑢𝑡,𝑖ℎ𝑜𝑢𝑡,𝑖+ �̇�𝑖𝑛,𝑖ℎ𝑖𝑛,𝑖 

∑ 𝑐𝑣(𝑖,𝑗)𝑚(𝑖,𝑗)
 (A.6) 
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𝑐𝑣(𝑖,𝑗) ∶  specific heat at constant volume 

�̇�𝑖 ∶  𝐻𝑒𝑎𝑡 𝑖𝑛𝑙𝑒𝑡 

ℎ𝑜𝑢𝑡,𝑖 ∶  𝑠𝑝𝑒𝑐𝑖𝑓𝑖𝑐 𝑒𝑛𝑡ℎ𝑎𝑙𝑝𝑦 

𝑢(𝑖,𝑗) ∶  𝑖𝑛𝑡𝑒𝑟𝑛𝑎𝑙 𝑒𝑛𝑒𝑟𝑔𝑦 𝑜𝑓 𝑠𝑝𝑒𝑐𝑖𝑒𝑠 𝑗 𝑖𝑛 𝑧𝑜𝑛𝑒 𝑖 

 

In order to express 𝑐𝑣(𝑖,𝑗) as specific heat ratio 𝛾𝑖, the relation of 𝛾𝑖and 

𝑐𝑣(𝑖,𝑗) is expressed as Eq. (A.7) 

 

𝛾𝑖 =  
∑ 𝑐𝑣(𝑖,𝑗)𝑚(𝑖,𝑗)+𝑚𝑖𝑅𝑖

∑ 𝑐𝑣(𝑖,𝑗)𝑚(𝑖,𝑗)
    (A.7) 

(𝛾𝑖 − 1) ∗ ∑ 𝑐𝑣(𝑖,𝑗)𝑚(𝑖,𝑗) = 𝑚𝑖𝑅𝑖       (A.8) 

 

From the Eq. (A.6) and (A.8), 𝑚𝑖𝑅𝑖𝑑𝑇𝑖 term in the Eq. (A.2) can be 

expressed as follows 

 

𝑚𝑖𝑅𝑖𝑑𝑇𝑖 =  

(𝛾𝑖 − 1) ∗ (�̇�𝑖 − 𝑃𝑑𝑉𝑖 −  �̇�𝑜𝑢𝑡,𝑖ℎ𝑜𝑢𝑡,𝑖 +  �̇�𝑖𝑛,𝑖ℎ𝑖𝑛,𝑖 − ∑ 𝑢(𝑖,𝑗)𝑑𝑚(𝑖,𝑗))  (A.9) 

 

With these equations, Eq. (A.2) can be expressed as follows 

 

𝑃𝑑𝑉𝑖 + 𝑉𝑖𝑑𝑃 = 𝑅𝑖𝑇𝑖𝑑𝑚𝑖 + 𝑚𝑖𝑇𝑖𝑑𝑅𝑖 + 
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(𝛾𝑖 − 1) ∗ (�̇�𝑖 − 𝑃𝑑𝑉𝑖 − �̇�𝑜𝑢𝑡,𝑖ℎ𝑜𝑢𝑡,𝑖 +  �̇�𝑖𝑛,𝑖ℎ𝑖𝑛,𝑖 − ∑ 𝑢(𝑖,𝑗)𝑑𝑚(𝑖,𝑗))    (A.10) 

𝛾𝑖𝑃𝑑𝑉𝑖 + 𝑉𝑖𝑑𝑃 =  𝑅𝑖𝑇𝑖𝑑𝑚𝑖 + 𝑚𝑖𝑇𝑖𝑑𝑅𝑖 + 

(𝛾𝑖 − 1) ∗ (�̇�𝑖 −  �̇�𝑜𝑢𝑡,𝑖ℎ𝑜𝑢𝑡,𝑖 + �̇�𝑖𝑛,𝑖ℎ𝑖𝑛,𝑖 − ∑ 𝑢(𝑖,𝑗)𝑑𝑚(𝑖,𝑗)) (A.11) 

 

Finally, the in-cylinder pressure and the volume change of each region can 

be calculated from mass transfer, energy transfer, and total volume change 

through Eq. (A.12). 

[
𝛾1𝑃 0 𝑉1

0 𝛾2𝑃 𝑉2

1 1 0
] ∙ [

𝑑𝑉1

𝑑𝑉2

𝑑𝑃

] = [
𝑋1

𝑋2

𝑑𝑉
]   (A.12) 

𝑋𝑖 =  𝑅𝑖𝑇𝑖𝑑𝑚𝑖 + 𝑚𝑖𝑇𝑖𝑑𝑅𝑖 + 

(𝛾𝑖 − 1) ∗ (�̇�𝑖 − �̇�𝑜𝑢𝑡,𝑖ℎ𝑜𝑢𝑡,𝑖 +  �̇�𝑖𝑛,𝑖ℎ𝑖𝑛,𝑖 − ∑ 𝑢(𝑖,𝑗)𝑑𝑚(𝑖,𝑗)) 
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Nomenclature 

SI spark ignition 

CI compression ignition 

HCCI homogeneous charge compression ignition 

NG natural gas 

EGR exhaust gas recirculation 

TDC top dead center 

BDC bottom dead center 

bTDC before top dead center 

aTDC after top dead center 

bBDC before bottom dead center 

aBDC after bottom dead center 

CA20 crank angle for 20 % heat release aTDC 

CA50 crank angle for 50 % heat release aTDC 

IMEP Indicated mean effective pressure 

CAD crank angle degree 

RPM revolutions per minute 

SOI start of injection 

𝑷𝒂𝒎𝒃 ambient pressure 

𝑷𝒊𝒏𝒋 injection pressure 

𝝆𝒂𝒎𝒃 density of ambient 

𝝆𝒇𝒖𝒆𝒍 density of fuel 
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국문 초록 (Abstract)  

 

압축착화 엔진은 확산 연소에 의하여 발생하는 높은 토크를 기반으로 

heavy duty 영역의 수송용 부문에서 널리 활용되고 있으며, 압축말기에 연료가 

분사되는 특성상 노킹의 제한없이 고압축비 적용이 가능하여 높은 열효율 및 

기존 가솔린 엔진 대비 낮은 온실가스 배출량의 특성을 가진다. 하지만 기존 

디젤 연료를 활용하는 압축점화 엔진의 경우 불균일 상태에서 연소가 발생함

으로 인해 유해 배출물인 Soot과 NOx가 trade-off 특성을 보이며 배출되었으며, 

이러한 유해 배출물은 다양한 환경 문제의 원인으로 대두되고 있다. 

이로 인해 수송용 부문에서는 다양한 대체 연료로써 천연가스의 보급률을 

높이고자 하는 시도가 꾸준히 이루어지고 있다. 천연가스의 경우 낮은 탄소 

함유율과 간단한 구조로 인하여 온실가스 및 유해 배출물의 발생량이 적다는 

장점이 존재할 뿐만 아니라, 최근 이루어지는 쉐일가스의 발굴로 인하여 풍부

한 매장량과 생산량이 보장되어 있는 연료이다. 천연가스의 경우 자발화 온도

가 높다는 특성상 기존에 주로 불꽃 점화 방식의 엔진에서 활용되었으며, 높

은 옥탄가로 인하여 기존 가솔린 연료 대비 고효율 달성이 가능하였다. 하지

만 기존에 적용되어 오던 천연가스 불꽃점화 방식의 경우 연료 자체의 밀도

가 낮기 때문에 엔진 규모 대비 부피 효율이 낮을 뿐 아니라, 다른 연료대비 

낮은 화염전파 속도로 인하여 고속 영역에서 운행이 제한적이라도 문제점이 

존재하였다. 따라서 이와 같은 문제를 개선함과 동시에, 압축점화 방식 특유

의 추가적인 효율 상승의 이점을 취하고자 천연가스 연료를 압축점화 방식 

엔진에 적용하는 방안이 제시되었다. 이후 그와 관련된 연구로써 정적 연소실 
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조건에서의 자발화 실험, Dual-fuel 방식의 천연가스 압축착화 엔진 운전 실험, 

기존 디젤 인젝터를 활용한 천연가스 압축착화 엔진 운전 등의 연구가 수행

되었으나, 여전히 천연가스 단독으로 압축착화 엔진 운전을 수행하기 위한 해

법과 운전 특성 등은 명확히 제시되어 있지 않은 상황이다.  

따라서 본 연구에서는 이러한 천연가스 압축점화 엔진의 운전 가능성을 분

석하기 위하여 정적 연소실 조건에서의 실험 및 모델링을 통하여 천연가스 

젯의 물리적 특성 및 연소 특성을 규명하는 것을 목표로 한다. 추가로 이를 

통해 도출된 결과를 기반으로 운전 조건에 반영하여 실제 압축점화 엔진 운

전 실험을 수행하여 최종적으로 천연가스 압축점화 엔진이 작동 가능한 운전 

영역을 도출함과 동시에 해당 엔진의 안정성을 높이기 위한 구체적인 방안들

을 제시하여 보았다.  

그를 위한 첫 단계로써, 정적 연소실 조건에서 Single-hole GDI 인젝터인 

Bosch HDEV 1 모델을 이용, 약 90 bar의 압력의 메탄을 정적 연소실 상에 분사

하여 물리적 특성 및 연소 특성을 확인하였다. 정적 연소실 실험 상에서, 가

스젯의 형상을 가시화하기 위하여 영역의 밀도차에 따른 빛의 굴절 현상을 

이용한 shadowgraph/schlieren photography 기법을 활용하였으며, 연소 현상을 가

시화하기 위하여 화염 내부 입자로부터 발산되는 발광을 계측하는 Natural 

luminosity image 기법이 활용되었다. 해당 실험 결과 연료 분사 후 약 1.5 msec

의 시간 동안에 15 ~ 25 mm의 침투 거리가 달성 가능하였으며, 점화지연의 경

우 약 50±5bar 의 배경 압력 조건에서 배경 온도가 1300 K에서 1150 K으로 

감소함에 따라 1.3 msec에서 5.5 msec 까지 증가하였다. 하지만 pre-combustion 

타입 정적 연소실의 온도 한계 및 100 bar 이상의 천연가스 전용 고압 싱글홀 
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인젝터의 부재로 인하여 실제 엔진 적용이 가능한 수준의 포인트 실험이 불

가하였기 때문에, 2-D 가스젯 모델 개발 및 연구가 수행되었다. 

가스젯 모델의 경우 Abramovich concentration & velocity gradient 수식을 기반

으로 질량 및 운동량 보존 방정식을 통하여 축 방향과 지름 방향의 연료 농

도 분포를 계산하고, GRI 3.0 mechanism을 통해 화학 반응을 적용하여 개발하였

으며, 실험 결과를 기반으로 validation을 수행하였으며, 해당 모델을 기반으로 

다양한 분사압력, 배경온도 및 배경압력, 연료 조성에 따른 연구를 수행하였

다. 그 결과 분사 압력의 경우 점화 지연에는 영향이 거의 없었으나, 연료 분

사량을 결정하는 요인으로 압축점화 엔진에 적용하기 위해서는 대략 400 bar

의 분사압이 필요한 것으로 확인되었다. 배경온도 및 배경 압력 증가에 따라 

점화지연이 감소할 뿐만 아니라, 연료 내 약 8 %의 에탄 성분이 점화지연을 

절반 가량으로 감소시킴을 통해 실제 엔진 상에서 Internal EGR, Supercharging 

및 적합한 연료 조성이 안정적인 엔진 운전에 도움을 줄 수 있음을 확인하였

다. 

이러한 정적 연소실 실험 결과를 기반으로 현대 자동차 그룹의 D 엔진 기

반 단기통 압축점화 엔진을 이용한 천연가스 직분사 압축점화 엔진 운전 실

험이 수행되었다. 압축비 15.5 의 조건에서 고온의 천연가스 자발화 온도를 

달성하기 위하여 vessel immersion type 히터를 이용하여 흡기 온도를 400 °C 가

량으로 상승시켰으며, multi-hole GDI 인젝터인 Bosch사의 HDEV 5 모델을 이용

하여 메탄 100%의 천연가스 모사 연료를 300 bar의 압력으로 직분사 하였다. 

해당 실험 셋업을 통해 다양한 엔진 부하 조건, 분사 시기, 분사 압력 등의 

조건에서 실험을 수행하였다. 추가로 Matlab 을 활용하여 순수 공기 영역과 
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연료-공기 혼합 영역으로 구분된 2 –zone 엔진 모델을 개발하여 엔진 실험 결

과 분석 및 추가적인 운전 전략 개발에 활용하였다. 

그 결과 천연가스 직분사 압축점화 엔진 운전 방식이 가능하였으나, 모든 

운전 조건에서 연료 분사가 끝난 이후에 점화가 발생하여 일반적인 압축점화 

엔진에서 발생하는 Diffusion flame의 형태보다는 Partially premixed flamed에 가

까운 형태로 연소가 일어남을 알 수 있었다. 구체적으로 multi-hole GDI 인젝

터를 통해 12 Cad의 연료 분사시기 동안 당량비 0.8에 해당하는 충분한 분사

량이 달성되었으며, GMEP 값의 경우 2 bar부터 5.5 bar까지 달성이 가능하였다. 

하지만 당량비 0.7 이상의 조건에서는 TDC 지점에서 연소에 활용 가능한 피

스톤 보울 내부 부피의 한계 및 GDI 인젝터의 좁은 노즐 분포 각도로 인하여 

연소 효율이 급격히 낮아지는 모습이 보였다.  

배출 특성의 관점에서 동일한 당량비 조건의 디젤과 비교하였을 때 입자상 

배출물의 전체 숫자는 더 많았으나, PAH의 함유량이 적은 천연가스의 특성상 

입자상 배출물의 평균 입자 크기가 디젤의 1/3 가량밖에 되지 않았기 때문에 

입자상 배출물의 전체 질량의 경우 디젤의 15 % 가량으로 매우 적게 나타났

다. 하지만 2500 K ~ 2900 K 에 이르는 최고 온도로 인하여 NOx 배출량이 모

든 조건에서 2000 ppm 가량으로 매우 높게 나타났다. 기존 디젤 연료에서 나

타났던 입자상 배출물 및 NOx 배출량의 경우 연료 분사시기 및 연료 분사 

압력에 따른 Trade – off 현상 또한 동일하게 나타나는 것으로 확인되었다. 

효율 측면에서, Gross work 기준 효율은 40 % 가량 달성되었으나, 이는 연료 

직분사를 위한 압축 에너지 및 흡기의 heating 에 필요한 에너지 등이 고려되

지 않은 부분이었다. 연료 압축일의 경우 기존 탱크 기준 최소 압력인 7 bar에
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서 연료 분사를 위한 300 bar 까지 압축하는데 연료의 LHV 대비 약 1.7 %의 

에너지가 소모되었으며, heating 에너지의 경우 상온의 온도에서 400 °C의 온

도까지 상승시키는데 당량비에 따라 LHV 대비 최소 20 %부터 최대 45 %의 

에너지가 소모되었다. 해당 에너지를 고려하여 Net thermal efficiency를 계산해

본 결과 최고 20 %에 불과하였으며, lean 한 경우 심지어 음의 효율이 도출되

었다. 이를 극복하기 위해 압축비를 높인 조건에서 modeling study를 수행하였

으며, 압축비가 높아짐에 따라 필요한 intake 온도가 감소할 뿐 아니라 gross 

work 또한 증가하여, 약 30의 압축비에서는 45 %의 net efficiency가 달성 가능

하였다. 

따라서 본 연구를 통해 천연가스 연료의 고압 분사 및 순수 압축점화 운전 

가능성이 검증되었으며, 기존 디젤 대비 PM 발생량 감축에도 효과가 있음이 

확인되었다. 하지만 고온의 연소 후 온도로 인하여 NOx 발생량이 매우 많았

으며, 높은 흡기온도 및 낮은 압축비로 인하여 열효율이 낮다는 문제점도 존

재하였다. 따라서 기존 상용 피스톤 및 GDI 인젝터의 노즐 형상의 최적화를 

통한 압축비 상승 및 이론 당량비에서의 운전 실험이 제안되며, 이를 통해 본 

연구에서 제시된 천연가스 직분사 압축점화 엔진의 문제를 개선할 수 있을 

것으로 예상된다. 

  

주요어 : 천연가스 압축점화, 메탄 젯, 자발화, 정적 연소실, 단기통 엔진,  

가스 젯 모델 
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