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Recently, along with the strengthening of exhaust emission regulations in 

the transport sector, changes in the form of powertrains that have been dependent on 

fossil fuels have occurred in response to the global trend of carbon neutrality, and 

the demand for eco-friendly powertrains is rapidly increasing. Therefore, many 

internal combustion engine researchers spur on developing a new combustion 

concept that would decrease emissions while improving thermal efficiency. 

As one of them, dual-fuel combustion uses two different types of fuels with 

different reactivity is emerged as a next-generation internal combustion engine. The 

dual-fuel PCI combustion enables reducing nitrogen oxides and particulate matter 

while maintaining high thermal efficiency by increasing the premixed rate of fuels. 

Previous dual-fuel combustion engine studies tended to utilize pistons and 

compression ratios of conventional diesel combustion engines. However, for the 

improved operation of the dual-fuel combustion engine, it is necessary to find the 

compression ratio and piston shape suitable for natural gas (NG)/diesel dual-fuel PCI 

combustion. 

Therefore, in this study, the variation of compression ratio and piston shape 

are tried to provide the optimal hardware setting for NG/diesel dual-fuel PCI 



 

 

 

ii 

combustion by converting commercial diesel engines into NG/diesel dual-fuel PCI 

combustion engines. Then, the compression ratio and piston shape were determined 

to be suitable for the NG/diesel dual-fuel PCI combustion. Exhaust emissions and 

thermal efficiency were also compared to that of the conventional diesel combustion 

(CDC) engine. In addition to the comparison of each emission between CDC and 

dual-fuel engines, the impact of exhaust emissions on global warming was 

investigated to compare the overall impact of engine-out emissions from the 

viewpoint of the global trend of carbon emission reduction. 

For the first experiment, the effects of the compression ratio were clarified 

in the NG/diesel dual-fuel combustion engine. In this study, a relatively high 

compression ratio of 16 outperformed 14 in terms of not only thermal efficiency but 

also controllable maximum pressure rise rate inside the cylinder. Also, increased the 

NG substitution ratio compared to the lower compression ratio (14) via reduction of 

carbon dioxide, carbon monoxide, and hydrocarbon emissions. 

In the second part, the effects of the piston shape were identified in the 

NG/diesel dual-fuel combustion engine. Omega-shaped pistons used in conventional 

diesel combustion engines have the advantage of reducing unburned products along 

with a fast combustion speed due to the swirl flow generated in the piston bowl at 

the end of the compression stroke, but high maximum pressure rise rates and heat 

transfer losses were accompanied. In the bathtub piston, it was possible to improve 

the thermal efficiency by reducing the heat transfer loss due to the reduced surface 

area of the piston bowl. Finally, in the final version with the compression ratio of 16 

and bathtub piston, the overall impact of the engine-out emissions in GWP 

evaluation was compared to CDC. As a result, it was found that the emission impact 

of NG/diesel dual-fuel PCI combustion on global warming was reduced by up to 13% 

than CDC. Therefore, this study can contribute to future NG/diesel dual-fuel PCI 

combustion research toward clean combustion. 
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Chapter 1. Introduction 

 

1.1 Study Background 
 

Along with the strengthening of exhaust emission regulations in the transport 

sector, changes in the form of powertrains that have been dependent on fossil fuels 

have occurred in response to the global trend of carbon neutrality, and the demand 

for eco-friendly powertrains is rapidly increasing. Thus, electric vehicles (EVs) and 

fuel-cell electric vehicles (FCEVs) are emerging as next-generation vehicles, 

however, there has been a controversy that the 'Tank-to-Wheel' based emission 

regulation and measurements are inappropriate to apply to vehicles equipped with a 

new powertrain. Therefore, the Life Cycle Assessment (LCA) was proposed to 

evaluate the entire process of powertrain exhaust emissions appropriate for the 

current situation[1]. Moreover, EVs and FCEVs are in the early stages of 

development, there are many problems to be solved, including infrastructure 

construction and vehicle issues. IC engines have the advantages of a relatively high 

energy density and widespread infrastructure. IC engines have been a major 

powertrain in vehicles and still account for more than 90% of vehicle sales. Thus, 

improvements in combustion through state-of-the-art combustion technologies and 

e-fuels are required. 

As one of the advanced combustion technologies, the dual-fuel premixed 

compression ignition (PCI) combustion concept was introduced to decrease harmful 

engine-out nitrogen oxides (NOx), smoke, and CO2 emissions, with a high indicated 

thermal efficiency (ITE). NOx emission is a function of the local equivalence ratio 

and the combustion temperature; PCI combustion operates at a lean equivalence ratio, 

making low-temperature combustion (LTC) possible. As smoke is formed in a 

locally rich area, smoke emission can be significantly decreased in premixed air-fuel 

condition. Compared to conventional diesel combustion (CDC), dual-fuel PCI 

combustion exhibits significantly reduced NOx and smoke emissions [2]. 

PCI combustion is defined as combustion in which the ignition delay (from 

diesel start of injection (SOI) to a 10% mass fraction burned (MFB 10)) is longer 
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than the diesel injection duration (from diesel end of injection (EOI) to SOI)) [3]. 

Advanced diesel injection and an exhaust gas recirculation (EGR) rate produce a PCI 

combustion region, where the ignition delay is longer than the diesel injection period. 

Thus, a well-premixed air-fuel mixture through an early injection of low-reactivity 

fuel, a sufficiently long ignition delay significantly reduces smoke emission; EGR 

controls the NOx emission. 

In recent years, considerable research has been conducted to improve dual-fuel 

PCI combustion. Research on reactivity control has been conducted through different 

combustion parameters, including injection strategies and mass fractions of high-and 

low-reactivity fuels, and combustible low-reactivity fuels [4]. 

Researchers have investigated ideal operating strategies for dual-fuel 

combustion. Lee et al. insisted that different injection strategies are needed in low-

load and high-load conditions [5]. In low-load conditions, the split injection of diesel 

improves the combustion stability; in high-load conditions, a single injection of 

diesel reduces the maximum pressure rise rate (mPRR) [6]. Horibe et al. reported 

diesel premixed charge compression ignition (PCCI) results with different diesel 

start of injection (SOI) timings. The results showed that advancing the diesel SOI to 

40° BTDC resulted in near-zero NOx and smoke emissions [7]. 

Research on substitution rates has also been conducted. Benajes et al. explained 

the effects of the diesel/NG fuel ratio on the RCCI. As the diesel/NG fuel ratio 

decreases, the ignition delay increases; the first combustion stage period shortens, 

and the second combustion stage is enhanced [8]. 

There has been researched to find proper low-reactivity fuels such as gasoline, 

propane, and natural gas. Kang et al. introduced propane gas with low reactivity and 

insisted that it can be useful in high-load conditions or for a high-compression-ratio 

engine with dual-fuel combustion with a knocking problem [9]. Park et al. (2019) 

used NG as a low-reactivity fuel for RCCI combustion, presenting NG as an 

attractive fuel in heavy-duty transport applications, with a low price and low carbon-

to-hydrogen ratio [10]. 

Also, efforts have been made to find proper in-cylinder flow motion in RCCI 

research [11]. In-cylinder flow motion is an important parameter for improving the 

combustion in RCCI. Fu et al. explained that the engine-indicated thermal efficiency 

can be increased [12]. In addition, the effective range of the EGR rate can be 
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extended by intake tumble[12]. In CDC, swirl flow dominates the flow inside the 

cylinder. Thus, the swirl is frequently used to improve efficiency through a well-

mixed air-fuel mixture in the cylinder, and decrease smoke emission[13]. RCCI has 

characteristics of premixed combustion from background fuels and mixing-

controlled combustion from direct-injected fuels such as diesel.  

In Seoul National University, the dual-fuel engine was developed which was 

optimized for gasoline/diesel and propane/diesel dual-fuel combustion. The engine 

was equipped with straight intake ports, pent-loop-shaped heads, and bathtub-shaped 

pistons, which were devices that enhance tumble flow and were able to vary the swirl 

ratio by the swirl control valve. In previous research, it was found that tumble flow 

enhances dual-fuel combustion in high-load conditions and extends the high-load 

operating range. 

From the previous research, dual-fuel combustion showed a low level of 

emissions. Several types of research explored strategies to control the combustion 

phase and expand the operating load range maintaining high ITE and combustion 

stability. However, research toward optimal hardware for various types of dual-fuel 

combustion is still needed. Since NG/diesel dual-fuel PCI combustion has potential 

in carbon dioxide (CO2) emission due to the low carbon content of NG fuel, research 

for determining optimal hardware of NG/diesel dual-fuel PCI combustion is 

conducted in this study. Especially, the effect of compression ratio and piston shape 

in NG/diesel dual-fuel PCI combustion is dealt with. 
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1.2 Dual-fuel PCI Combustion Concept 
 

RCCI is a promising LTC strategy to achieve low emissions with high ITE. 

Under a light-duty engine, however, it is hard to achieve a low level of emissions 

with a low-mPRR (below 0.1 MPa/deg). Using gaseous fuel such as NG or propane 

which is higher in octane number than gasoline fuel can be used in relatively high 

compression ratio engines because the knock resistance increases. The difference 

between dual-fuel PCI and single-fuel PCI or homogeneous charge compression 

ignition (HCCI) is that the reactivity gradient in the cylinder allows for smooth 

combustion with a low mPRR [14] [15]. This was possible by using a proper rate of 

EGR and controlling diesel injection timing (DIT) where the injection timing still 

influences the combustion phase.  

Inagaki et al. proposed a dual-fuel premixed compression ignition (PCI) using 

diesel and iso-octane fuels [16]. Unlike previous dual-fuel combustion methods 

which were implemented by injecting a small amount of diesel fuel near the top dead 

center (TDC) as a triggering source, the DIT was advanced at a 30 to 40° BTDC. 

This means that not only was iso-octane used for the premixed fuel, diesel fuel was 

also prepared to be premixed.  Also, relatively retarded DIT could partly control the 

combustion phase. As a result, NOx and smoke emissions originating from the 

diffusive flame of the diesel fuel could be prevented. The difference between RCCI 

and this combustion concept was to reduce EGR rate while maintaining low NOx  and 

smoke emissions. 

The detailed dual-fuel PCI concept is depicted in Figure 1.2.1 and 1.2.2[17] 



5  

 

 
 

Figure 1.2.1 Schematic diagram of the dual-fuel combustion process 

[17] 
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Figure 1.2.2 Characteristics of dual-fuel PCI combustion [17]  



７  

 

 

 

1.3 Research Objective 
 

In Seoul National University, experiments conducted with the optimized dual-

fuel combustion engine using gasoline and propane as a low-reactivity fuel were 

successful. However, it is not still clear what is the optimal hardware for NG/diesel 

dual-fuel PCI combustion engines. Based upon previous research experience, in this 

research, exploration toward optimal compression ratio and piston shape in 

NG/diesel dual-fuel PCI combustion engines have been investigated through two 

different single-cylinder diesel engines. 

Therefore, this study consists of two parts. For the first part, the effects of the 

compression ratio in NG/diesel dual-fuel PCI combustion were clarified. In the 

previous research, the optimal compression ratio for gasoline/diesel and 

propane/diesel PCI combustion was low due to the auto-ignition phenomenon of 

low-reactivity fuels. This experiment was conducted to modify the optimal 

mechanical compression ratio considering the characteristic of NG fuel. 

Second, the effects of the piston shape were identified under the equal 

compression ratio determined by the first part of the experiments. the effects of the 

piston shape on the combustion parameters involving the 50% mass fraction burned 

(MFB 50) was evaluated by altering the diesel injection timing (DIT) at 1,500 rpm. 

Based on previous experimental results indicating the tendency of combustion 

characteristics with the bathtub and omega pistons, the optimization experiments 

were conducted to determine the effect of the piston shape at 1,700 rpm / gIMEP 

0.90 MPa. Finally, the evaluation of GWP was tried to compare the overall emissions 

and their effects on global warming between conventional diesel combustion and 

NG/diesel PCI combustion. Therefore, the goal of this study is to investigate the 

effect of compression ratio and piston shape in NG/diesel dual-fuel PCI combustion. 
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Chapter 2. Experimental Apparatus 

 

2.1 Experimental Setup 
 

Figure 2.1.1 shows the compression ignition single-cylinder research engines 

used in this study. 395cc displacement engine A was used for exploring the effect of 

the compression ratio, and 608cc displacement engine B was used to identify the 

effect of the piston shape. In engine A, the compression ratio of 14 and 16 were set 

for Sections 3.1 and 3.2. In engine B, the piston bowl geometry was bathtub and 

omega shape. Also, the compression ratio was changed from 17.3 to 16. 

A diagram of the experimental setup and detailed engine specifications are 

shown in Figure 2.1.2 and Table 2.1.1. The diesel fuel was directly injected at 70 

MPa with a BOSCH solenoid injector that could pressurize the fuel up to 180 MPa 

with a common rail system. A single solenoid NG injector was installed at the intake 

port. The NG fuel was pressurized to 0.6 MPa and injected into the cylinder with 

fresh air and cooled EGR. The air and EGR were boosted using a supercharger and 

then cooled using an intercooler. The temperature of the fresh air–EGR mixture was 

maintained at 23 °C. The boosted intake pressure was determined based on the 

Daedong commercial diesel engine operating conditions. The flow rates of diesel 

and NG fuel were measured using an OVAL Altimass CA001 and a Coriolis-type 

flowmeter, respectively. 

The cylinder pressure was measured by the relative pressure transducer 6056A 

specification of the sensor is listed in Table 2.1.3 and the signal was amplified by a 

charge amplifier (Kistler, 5019 A) and the data acquisition was done by Kistler 

KiBox to go 2893. The intake pressure was measured by absolute pressure transducer 

4045A5 and 4007C. Specific details are also listed in Table 2.1.4 and Table 2.1.5. 

The received signals were amplified in a piezo-resistive amplifier (Kistler, 4603 and 

4624AK21). Also, signals from pressure transducers were recorded at every 1°CA 

for 100 cycles for a case by using a data acquisition system. Analog signals were 

converted to digital by the data acquisition board (Table 2.1.6) and recorded in the 

data acquisition program. The relative pressure of the cylinder was pegged with an 

offset based on the average absolute pressure of the intake port at -175 to -180 °CA 

BTDC. From the measured cylinder pressure, the rate of heat release, indicated mean 
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effective pressure, and coefficient of variation (COV) of gIMEP were calculated to 

analyze the combustion characteristics.  

The temperature of the engine oil and coolant was maintained at 85 °C. The 

concentrations of carbon monoxide (CO), CO2, O2, NOx, and total hydrocarbon 

(THC) in the exhaust gases were measured using a HORIBA MEXA 7100DEGR 

exhaust gas analyzer. The smoke emission was measured using an AVL 415S smoke 

meter. The properties of diesel and NG are presented in Table 2.1.1 The substitution 

rate of fuel in dual-fuel combustion was calculated considering the low heating value 

(LHV). 
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Figure 2.1.1 single-cylinder dual-fuel research engine A; single-cylinder dual-fuel research engine B
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(b) 

Figure 2.1.2 Schematic diagram of the experimental setup [5]
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Table 2.1.1 Engine specifications 

Engine A B 

Engine type Single-cylinder  

(four-stroke) CI 

 

Single-cylinder  

(four-stroke) CI 

 

Valve Type 

 

4 Valve 2 Valve 

Displacement (cc) 395.5 608.7 

 

Bore x Stroke (mm] 77.2 x 84.5 87 x 102.4 

 

Connecting rod (mm) 140 142 

 

Compression ratio (-) 

 

Injector hole 

 

Injector cone angle  

14 / 16 

 

6 

 

125 

 

16 

 

7 

 

154 

 

Piston bowl shape (-) 

 

Bathtub Omega / Bathtub 
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Table 2.1.2 Dynamometer specifications  

Manufacturer DAVID McClure LIMITED 

 

Model G-Cussons 

 

Capacity 37 kW 

 

Type DC 

 

Maximum RPM 

 

Cooling Type 

 

Weight 

7,000 

 

Air cooling 

 

396 
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Table 2.1.3 Specifications of the cylinder pressure transducer 

Manufacturer Kistler 

 

Model 

 

6056A 

 

Pressure sensor type 

 

Relative pressure 

 

Measuring range (bar) 

 

0 ~ 250 

 

Overload (bar) 

 

300 

 

Linearity (% FSO) 

 

< ±0.4 

 

Sensitivity (pC/bar) 

 

-18.3 

 

Natural frequency 

(kHz) 

 

160 

Operating temperature 

(°C) 

 

-20 ~ 350 
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Table 2.1.4 Specifications of the intake port pressure transducer (1) 

Manufacturer Kistler 

 

Model 

 

4045A5 

 

Pressure sensor type 

 

Absolute pressure 

 

Measuring range (bar) 

 

0 ~ 5 

 

Linearity (% FSO) 

 

< ±0.3 

 

Natural frequency 

(kHz) 

 

> 80 

Operating temperature 

(°C) 

20 ~ 120 (compensated) 
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Table 2.1.5 Specifications of the intake port pressure transducer (2)  

Manufacturer Kistler 

 

Model 

 

4007C 

 

Pressure sensor type 

 

Absolute pressure 

 

Measuring range (bar) 

 

0 ~ 5 

 

Linearity (% FSO) 
< ±0.2 

< ±0.3 (p > 100bar) 

 

Max. deviation Pressure 

(% FSO) 

 

< ±1 

 

Natural frequency 

(kHz) 

 

> 100 

Operating temperature 

(°C) 

 

25~ 180 (compensated) 

Operating temperature 

(°C) 

 

-20 ~ 350 
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Table 2.1.6 Specifications of combustion analyzer 

Manufacturer Kistler 

 

Model 

 

Kibox to go 2893 

 

Channels 

 

8 

 

Sample rate (MHz) 

 

2.5 

 

The minimum pulse 

duration (us) 

 

3.2 

 

Uncertainty (ms) 

 

Approximately 1 (<<1 cycle) 

Resolution of 

measurement data (kHz 

and °CA) 

 

312.5 / 0.1 
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2.2 Experimental Conditions 
 

The compression ratio of 14 and 16 were used to figure out the effect of the 

mechanical compression ratio in the dual-fuel PCI combustion engine. Table 2.2.1 

lists the conditions of the DIT swing experiments conducted to determine the effect 

of a compression ratio at 1,500 rpm and 652 J/str of fuel energy input. The intake 

pressure was 0.11 MPa and the NG ratio was 75%. EGR was not used, and a single 

diesel injection was used to identify the effect of the compression ratio. Based on the 

DIT swing experimental results, optimization experiments were conducted at the 

operating point (1,700 rpm / gIMEP 0.90 MPa) at the compression ratio of 14 and 

16 in dual-fuel PCI combustion. This experiment was conducted to find a better 

compression ratio for NG/diesel dual-fuel PCI combustion engines. Specific details 

of the optimization experiment are listed in Table 2.2.2  

To clarify the effect of piston shape, the DIT swing experiment was conducted. 

Table 2.2.3 lists the conditions of the DIT swing experiment at 1,500 rpm and 1,000 

J/str of fuel energy input at the DIT of 5°, 30°, and 45° BTDC. The intake pressure 

was 0.11 MPa and the NG ratio was 75%. EGR was not used, and a single diesel 

injection strategy was adopted to identify the effect of the piston shape. Based on the 

DIT swing experimental results, optimization experiments were conducted at the 

operating point (1,700 rpm / gIMEP 0.90 MPa) with different piston shapes in dual-

fuel PCI and CDC. In addition, the total GWP of emissions is valued to compare the 

overall influence on global warming. The GWP value of each emission is presented 

in Table 2.2.6. The engine operating conditions are presented in Table 2.2.4. The 

optimization experiments were conducted to determine the optimized piston shape 

for NG/diesel dual-fuel PCI combustion and to compare the global warming 

potential in CDC and dual-fuel PCI in different piston shapes. A single diesel 

injection strategy was applied to focus on achieving the highest ITE through 

improved combustion stability while maintaining low emissions. For the optimized 

point, 1,700 rpm / gIMEP 0.90 MPa, gISCO2, gISNOx, and gISsmoke emissions 

should be reduced compared to CDC. The ITE must be greater than 40%, and the 

mPRR must be less than 1.5 MPa/deg, as shown in Table 2.2.5.
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Table 2.2.1 Engine operating conditions in diesel injection timing swing 

experiments 

 

Engine Type A 

Engine Speed (rpm) 

 

1,500 

Total Energy Input (J/str) 

(LHV base) 

 

652 

Intake Boost Pressure (MPa) 

 

0.11 

Natural Gas Injection Pressure (MPa) 

 

0.6 

Diesel Injection Pressure (MPa) 

 

75 

Compression Ratio 

 

14 / 16 

Piston Shape Bathtub 

 

Coolant Temperature (°C) 

 

85 

Oil Temperature (°C) 

 

85 

Diesel Injection Timing (°BTDC) 

 

5 – 25 / 5-45 

External EGR rate (%) 

 

0 

Natural Gas Ratio (%) 

(LHV base) 

75 
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Table 2.2.2 Engine operating conditions for optimization experiments at 1,700 

rpm / gIMEP 0.90 MPa 

 

Engine speed [rpm] 1,700 

 

gIMEP (MPa) 

 

 

0.90 

Intake Boost Pressure (MPa) 

 

0.15 

Natural Gas Injection Pressure (MPa) 

 

0.6 

 

Diesel Injection Pressure (MPa) 70 

 

※ Detailed operating parameter conditions (DIT, χnaturalgas, EGR rate) are 

introduced in each figure. 
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Table 2.2.3 Engine operating conditions in diesel injection timing swing 

experiments 

 

Engine Type B 

Engine Speed (rpm) 

 

1,500 

Total Energy Input (J/str) 

(LHV base) 

 

1,000 

Intake Boost Pressure (MPa) 

 

0.11 

Natural Gas Injection Pressure (MPa) 

 

0.6 

Diesel Injection Pressure (MPa) 

 

75 

Compression Ratio 

 

16 

Piston Shape Omega / Bathtub 

 

Coolant Temperature (°C) 

 

85 

Oil Temperature (°C) 

 

85 

Diesel Injection Timing (°BTDC) 

 

5 - 45 

External EGR rate (%) 

 

0 

Natural Gas Ratio (%) 

(LHV base) 

75 
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Table 2.2.4 Engine operating conditions for optimization experiments at 1,700 

rpm / gIMEP 0.90 MPa  

 

Engine speed [rpm] 1,700 

 

gIMEP (MPa) 

 

 

0.90 

Intake Boost Pressure (MPa) 

 

0.15 

Natural Gas Injection Pressure (MPa) 

 

0.6 

 

Diesel Injection Pressure (MPa) 70 

 

※ Detailed operating parameter conditions (DIT, χnaturalgas, EGR rate) are 

introduced in each figure. 
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Table 2.2.5 Limited criteria for optimization experiment 

 

Properties Limit range 

gISCO2 (g/kWh) 

 

gISNOx (g/kWh) 

 

548.7 

 

2.4 

gISsmoke (mg/kWh) 

 

7.3 

ITE (%) 

 

> 40 

mPRR (bar/deg) 

 

< 15 
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Table 2.2.6 Global warming potentials used in this study to calculate CO2e 

emissions for 20-year and 100-year. [18] 

 

Pollutants GWP 20-year GWP 100-year 

Carbon dioxide 

 

Nitrogen oxides 

 

1  

 

43  

1 

 

12 

 

Carbon monoxide 

 

Hydrocarbons 

 

Smoke 

6 

 

14 

 

526 

1.9 

 

10 

 

107 

 



２５  

2.3 Properties of Fuel 
 

 

In this research, commonly used diesel fuel and NG (89.9% of methane) were 

utilized for the NG/diesel dual-fuel PCI combustion. More detailed information on 

fuels is shown in Table 2.3.1. 

 

 

Table 2.3.1 Properties of diesel and natural gas [19] 

Properties Diesel Natural gas 

Chemical formula CxH2.0x CH4(88.9 vol%) 

C2H6(8.9 vol%)  

C3H8(1.3 vol%) 

Density (g/cm3) 

 

0.831 0.712 (liquid) 

Low heating value (MJ/kg) 

 

42.6 49.3 

Cetane/Octane number 

 

54 (CN) 120 (RON) 

Auto-ignition temp. (K) 

 

483 810 

Stoichiometric ratio (wt.%) 14.6 17.2 
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2.4 Variation of Compression ratio and Piston Shape 
 

 

 

Figure 2.4.1 shows test engine A and shimplates utilized in this research. To 

change the mechanical compression ratio of engine A, shimplates were inserted in 

the gap between the head and block. As a result, the compression ratio of 14 and 16 

was used by varying the thickness of shimplates. 

Figure 2.4.2 shows a comparison of the piston bowl profiles used in this 

research. The omega-shaped piston features a deep re-entrant bowl. This bowl shape 

is a typical shape of light-duty diesel engines that benefit from strong in-cylinder 

flows to support air-fuel mixing. The bathtub piston features a very wide and shallow 

bowl. Both pistons were cut from the same bulk piston. As shown in Figure 2.4.2 

these pistons have an equal compression ratio, even though they have different bowl 

volumes. This was accomplished by cutting off the top surface of the bathtub piston, 

thus the bathtub piston has a slightly smaller squish height (i.e., the distance between 

the piston top and the deck at TDC). Figure 2.4.2 shows the results from motored 

traces with matched boundary conditions for the two pistons. As can be seen, both 

pistons yield very similar peak motored in-cylinder pressure, with the bathtub piston 

just below the stock piston, due to its slightly lower compression ratio. 

The difference between the two pistons is the bowl shape, in which the bathtub 

piston has reduced surface area. This reduction in surface area in combination with 

the more quiescent combustion chamber created by the modified bathtub piston will 

be shown to yield a significant reduction in heat transfer losses [20]. 
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Figure 2.4.1 Installing a shimplate between the cylinder block and the head to change the mechanical compression ratio
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Figure 2.4.2 picture of bathtub (left) and omega (right) pistons; Motored trace comparison between the bathtub and omega pistons. Operating 

conditions: 1,500 rpm, 0.11 MPa intake pressure, 23°C intake temperature. 
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2.5 Combustion Analysis 
 

Gross indicated thermal efficiency, combustion loss, and exhaust loss were 

calculated by the below equations. Exhaust loss was assumed the rest of total fuel 

energy excluding the above three parts [21]. 

 

Gross indicated thermal efficiency =
𝑊𝑔𝑟𝑜𝑠𝑠

𝑚𝑡𝑜𝑡𝑎𝑙 𝑓𝑢𝑒𝑙 × 𝑄𝐿𝐻𝑉 𝑜𝑓 𝑓𝑢𝑒𝑙
 

 

Combustion loss =  
𝑚𝑇𝐻𝐶 𝑜𝑓 𝑒𝑎𝑐ℎ 𝑐𝑦𝑐𝑙𝑒 × 𝑄𝑓𝑢𝑒𝑙 + 𝑚𝐶𝑂 𝑜𝑓 𝑒𝑎𝑐ℎ 𝑐𝑦𝑐𝑙𝑒 × 𝑄𝐶𝑂

𝑚𝑡𝑜𝑡𝑎𝑙 𝑓𝑢𝑒𝑙 × 𝑄𝐿𝐻𝑉 𝑜𝑓 𝑓𝑢𝑒𝑙
 

 

Heat transfer loss =  1 − 𝐶𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 𝑙𝑜𝑠𝑠 −
𝑐𝑢𝑚𝑢𝑙𝑎𝑡𝑖𝑣𝑒 𝐻𝑅

𝑚𝑡𝑜𝑡𝑎𝑙 𝑓𝑢𝑒𝑙 × 𝑄𝐿𝐻𝑉 𝑜𝑓 𝑓𝑢𝑒𝑙
 

 

𝐸𝑥ℎ𝑎𝑢𝑠𝑡 𝑙𝑜𝑠𝑠 = 1 − 𝐼𝑇𝐸 − 𝐶𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 𝑙𝑜𝑠𝑠 − 𝐻𝑒𝑎𝑡 𝑡𝑟𝑎𝑛𝑠𝑓𝑒𝑟 𝑙𝑜𝑠𝑠 
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Chapter 3. Experimental Results 

 

3.1 Compression Ratio (Cr 14 / 16) 

3.1.1 Experimental results of combustion and emissions 

characteristics with various diesel injection timings (Cr 14 / 

16) 

 

 

 

Figure 3.1.1 shows the in-cylinder pressure and heat release rate of the 

experimental results at the DIT of 5°, 15°, and 25° BTDC. The results were compared 

when the engine was equipped with the bathtub piston and compression ratio of 14 

and 16 at 1,500 rpm and 652 J/str input energy. In both cases, the combustion phase, 

including the MFB 50 point, advanced and then retarded as the injection timing was 

advanced. When comparing the two compression ratios, 14 and 16, the combustion 

phase of Cr 16 was faster in all cases. Moreover, further advancement of the DIT 

was possible in Cr 16.  

In Cr 14, the combustion phase was advanced as advancing DIT until 15° 

BTDC and diminished at 25° BTDC. On the other hand, in Cr 16, the combustion 

phase was advanced until DIT 25° BTDC and diminished at the DIT of 40° BTDC. 

Early diesel injection enables the homogenous distribution of diesel spray inside the 

cylinder, and a leaner equivalence ratio reduces NOx emission. Moreover, early 

injection of diesel spray prolongs ignition delay. Prolonged ignition delay could 

control smoke emission. This combustion characteristic shown in the DIT swing 

experiment seemed usual as a similar tendency was also presented in gasoline/diesel 

and propane/diesel dual-fuel PCI combustion research [9].  

Figure 3.1.2 shows MFB 50 and NOx and heat transfer loss. For all cases, NOx 

emissions showed a similar tendency not only to heat transfer loss but also to the 

position of MFB 50. In RCCI combustion mode, as advancing the DIT of dual-fuel 

PCI combustion, a local equivalence ratio become leaner, which further reduced 
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NOx emissions and heat transfer loss with the retardation of the position of the MFB 

50. Regardless of the combustion mode, however, if the location of MFB 50 was at 

compression stroke, a higher amount of fuel energy input transformed into heat 

transfer loss due to higher in-cylinder temperature. Also, hotter in-cylinder 

temperatures aroused the increment of NOx emissions. At all DIT, the combustion 

phase of Cr 16 was more advanced than Cr 14 with a higher in-cylinder temperature. 

Thus, NOx emissions and heat transfer loss of Cr 16 were greater. 

Figure 3.1.3 shows THC and CO emissions and combustion loss. As THC and 

CO emissions are the product of incomplete combustion, the tendency of combustion 

loss was similar to the tendency of THC and CO emissions. THC and CO emissions 

are also related to the MFB 50 position. As advanced MFB 50 increases in-cylinder 

temperature, THC and CO emissions of Cr 16 are lower than the emissions of the Cr 

14.  

Figure 3.1.4 shows CO2 emissions per exhaust emissions and thermal efficiency 

results. ITE and CO2 emissions are closely related. However, for gaseous fuels, the 

amount of carbon emissions that escape as methane slip must be considered. 

Therefore, it is necessary to reduce the combustion loss at the same time as reducing 

the emission of CO2. Figure 3.1.4 shows the carbon mass ratio of CO2 to the mass of 

carbon in exhaust emissions. The carbon mass attached to the smoke was neglected 

because in both Cr 14 and 16 smoke emission was emitted near zero. As the DIT 

advances, the CO2 decreases, but the carbon mass ratio in the CO2 must be 

maintained at more than 90 %. 
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Figure 3.1.1 In-cylinder pressure and heat release rate graph for different diesel injection timings in dual-fuel PCI combustion with the 

compression ratio of 14 and 16 at 1,500 rpm and 652 J/str of total energy input
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Figure 3.1.2 50% mass fraction burned (MFB 50) for different diesel injection timings in dual-fuel PCI combustion and gISNOx emissions 

and heat transfer loss for different diesel injection timings in dual-fuel PCI combustion with the compression ratio of 14 and 16 

at 1,500 rpm and 652 J/str of total energy input 
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Figure 3.1.3 gISTHC and gISCO emissions; combustion loss for different diesel injection timings in dual-fuel PCI combustion with the 

compression ratio of 14 and 16 at 1,500 rpm and 652 J/str of total energy input 



３５  

 

 

 

 

 

Figure 3.1.4 The carbon mass ratio contained in CO2 emissions and ITE for different diesel injection timings in dual-fuel PCI combustion 

with the compression ratio of 14 and 16 at 1,500 rpm and 652 J/str of total energy input 
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3.2 Optimization of Dual-fuel PCI combustion under 

different compression ratios (Cr 14 / 16) 

3.2.1 Optimization process 
 

 

 

The optimization process of NG/diesel dual-fuel PCI combustion is introduced 

in this part. To begin with, neat diesel combustion was conducted. When the target 

gIMEP was achieved with diesel combustion, the combustion phase should be 

located where it shows the highest ITE.  

Then, NG fuel was added while the amount of diesel fuel was subtracted. The 

DIT also had to be changed to maximize the ITE. When arrived at the target gIMEP, 

satisfying the CO2 limit, EGR should be introduced to retard the combustion phase. 

The retardation of the combustion phase also reduces gIMEP. Thus, to compensate 

for the gIMEP, DIT should be advanced while maintaining target gIMEP, low level 

of NOx emissions, and mPRR.  

Finally, the smoke emission should be lower than 7.3mg/kWh. As a result, the 

optimization process of NG/diesel dual-fuel PCI combustion is finished satisfying 

low emissions, mPRR, and the highest ITE.  
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Figure 3.2.1 Optimization experiment procedure for NG/diesel dual-fuel PCI combustion [17]
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3.2.2 Experimental results of optimization and discussion 
 

 

 

Figure 3.2.2 shows the experimental result of optimization varying the 

compression ratio from 14 to 16 at 1,700 rpm / gIMEP 0.90 MPa. The Cr 16 case 

shows higher in-cylinder pressure with a faster combustion phase. In Cr 16, the first 

step of the optimizing process was to adjust the MFB 50 position to be located after 

TDC to attain the greatest ITE due to the combustion phase of Cr 16 being more 

advanced than Cr 14. Thus, to retard the combustion phase of Cr 16, the DIT should 

be advanced increasing the NG rate than Cr 14. On top of that, due to the low 

ignitibility of NG, additional injection of NG retarded the combustion phase and 

reduced mPRR. This phenomenon was hardly observed in the gasoline/diesel dual-

fuel combustion experiment. Since gasoline readily ignites than NG at the 

compression ratio of 16, it was difficult to control the mPRR by introducing 

aggressive EGR, early injection of diesel spray, and increasing low-reactivity fuel 

rate. Therefore, Cr 14 was limited to injecting a higher amount of NG rate since Cr 

14 easily went through misfire when NG rate exceeds over 70 percent. On the other 

hand, it was able to inject a greater amount of NG in Cr 16 with lowered CO2 

emissions. In Cr 16 case, EGR had to be more introduced than Cr 14 not only to 

retard the combustion phase and reduce mPRR but also to restrict NOx emissions. 

In Figure 3.2.3, emission and combustion characteristics of optimized dual-fuel 

PCI under different compression ratios are compared, which indicates that the dual-

fuel PCI combustion optimized under both compression ratios satisfies the emissions 

and mPRR criteria. CO2 emission was greatly affected by ITE and the ratio of NG. 

For instance, if 80 percent of NG rate is used, 21% of CO2 emission is reducible 

compared to neat diesel combustion. Therefore, increasing NG rate was tried to 

decrease CO2 emission in optimization. Since NG was more ignitable in higher 

compression ratio hardware and a larger substitution rate of NG reduced CO2 

emission with improved ITE, Cr 16 was more advantageous than Cr 14 for reducing 

CO2 emissions. Thus, the additional 7% of NG injection resulted in the CO2 emission 

reduction by 3.1 %, and ITE improved by 1.4 % absolute Cr 16. In the case of NOx 
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emission, although NOx emission is proportional to in-cylinder temperature and 

equivalence ratio, 10° CA earlier diesel injection of 31° BTDC in Cr 16 provided a 

leaner local equivalence ratio inside the cylinder and 5% of additional EGR 

decreased the NOx emission by 24%. The fast combustion speed of Cr 16 tends to 

have a short ignition delay, which increases smoke emission. Thus, early diesel 

injection was needed to prolong ignition delay, EGR should be introduced than Cr 

14 to retard the MFB 50 after TDC, and over 70% of NG rate should be maintained 

to increase the premixed condition inside the cylinder. These three actions made the 

ignition delay of Cr 16 10° CA longer than Cr 14, which reduced the smoke emission 

by 67% but the smoke emission of Cr 14 was also low enough that it was only 50% 

of the smoke limit listed in the optimization criteria. THC and CO emissions, since 

those emissions are the product of incomplete combustion, a higher compression 

ratio reduces those emissions. As a result, the compression ratio of 16 was beneficial 

in the aspect of ITE, wide DIT range, and exhaust emissions in NG/diesel dual-fuel 

PCI combustion. 
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Figure 3.2.2 In-cylinder pressure and heat release rate graph of optimized NG/diesel dual-fuel PCI combustion at different compression ratios 

at 1,700 rpm / gIMEP 0.90MPa.
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Figure 3.2.3 Comparison of emissions and combustion characteristics for 

optimized CDC and NG/diesel PCI combustion with both the 

omega and bathtub pistons at 1,700 rpm / 0.90 MPa gIMEP 
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3.3 Piston Shape (Omega / Bathtub) 

3.3.1 Experimental results of combustion and emissions 

characteristics with various diesel injection timings 

(Omega / Bathtub) 

 

 

 

Figure 3.3.1 shows the in-cylinder pressure and heat release rate of the 

experimental results at the DIT of 5°, 30°, and 45° BTDC. The results were compared 

when the engine was equipped with the omega piston and bathtub piston at 1,500 

rpm with 1,000 J/str of fuel energy input. In both piston shape experiments, the 

combustion phase, including the MFB 50 point, advanced as the DIT was advanced. 

However, as the DIT was advanced further 30° BTDC, the combustion phase started 

to retard. This phenomenon is previously explained in Section 3.1.2. This 

combustion mode transition appears more evidently in the bathtub piston hardware. 

As advancing the DIT, MFB 50 diagram draws a steeper ‘V-shape’ than the omega 

piston. The reason is that enhanced swirl flow motion generated by the omega piston 

improved the distribution of diesel spray, shortening the first stage of 

combustion[22]. Since the effect of the swirl flow motion was strong in highly 

premixed conditions, the piston shape is an important parameter in controlling the 

combustion phase of the NG/diesel dual-fuel PCI combustion. 

Figure 3.3.2 shows the burn duration, the first stage of combustion (MFB 10-

50), and the second stage combustion (MFB 50-90). As seen from the first stage of 

combustion results, MFB 10-50 of the omega piston is shorter for all DIT. The reason 

is that the swirl flow motion generated by the piston bowl of the omega improved 

the premixing of the ignition source. Therefore, the ignition zones expanded 

promoting faster combustion in MFB 10-50 advancing the combustion phase (MFB 

50). Whereas, the duration of MFB 50-90 was shorter in the bathtub. As the bathtub 

piston generates tumble flow motion which promotes flame propagation of premixed 
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fuel, the second stage of combustion duration is reduced by up to 15° CA in the DIT 

of 45° BTDC. 

Figure 3.3.3 shows the MFB 50 results when varying the DIT. As seen from the 

figure, the bathtub’s MFB 50 point is retarded than the omega piston. Through the 

omega piston, the swirl effect could be larger than the bathtub piston inside the 

combustion chamber bowl. As the bowl shape of the omega piston generates the 

swirl flow motion near TDC[17][17], Chu et al. (2020) argued that the swirl flow 

motion improves the burning rate of premixed air and fuels, which advances the 

combustion phase [22]. Thus, enlarged ignition regions improved the combustion 

speed of the first stage of combustion and MFB 50 was advanced in the omega piston 

case than that of the bathtub piston. Figure 3.3.3 also shows NOx emission and heat 

transfer loss at different DITs. As heat transfer loss is associated with the location of 

the MFB 50 and significantly affects ITE[23], the larger the surface area of the 

combustion chamber the more heat is emitted through the in-cylinder wall, so the 

bathtub piston’s smaller surface area reduces the heat transfer coefficient of the 

combustion chamber compared to the omega piston. This reduced amount of heat 

transfer loss is added to the ITE by 3% absolute at DIT 30° BTDC. From the NOx 

emission results, the NOx emission of the bathtub piston is lower than that of the 

omega piston. This is mainly due to the intensity of the in-cylinder flow motion. As 

swirl flow motion advances the combustion phase by shortening the first stage 

combustion duration (MFB 10- 50) up to 5.2° CA in DIT 45° BTDC, MFB 50 

position closely occurs near compression stroke, which increases the in-cylinder 

temperature. Therefore, NOx emission is more emitted in the omega piston. Thus, it 

can be concluded that the omega piston’s stronger swirl flow helps increase the 

combustion speed, but NOx emission must be controlled by adjusting the EGR rate 

or the overall equivalence ratio  

Figure 3.3.4 shows the THC and CO emissions and combustion loss for 

different DITs. The combustion loss was calculated based on the THC and CO 

emissions in the exhaust gases. The combustion loss decreases as the DIT is 

advanced from 5° BTDC to 30° BTDC, and sharply increases from 30° BTDC to 45° 

BTDC due to locally over-lean mixture regions and decreased combustion 

temperature from the enhanced premixed rate. This trend is similar to that of MFB 

50, as shown in Figure 3.3.3. In other words, the location of MFB 50 is strongly 

related to the combustion loss. If the location of MFB 50 is as close as to a 
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compression stroke, the oxidation process of THC and CO is promoted by the high 

combustion temperature. As a result, the combustion loss was the lowest at DIT 30° 

BTDC (by 2.2 % and 3.4 %, for the bathtub and omega pistons, respectively). In the 

DIT of 5° and 45° BTDC cases, the omega piston advances MFB 50 closer to the 

compression stroke than the bathtub piston, resulting in a decrease in THC and CO 

emissions and combustion loss. 

Figure 3.3.5 shows the carbon mass ratio of CO2 emissions per exhaust 

emissions and thermal efficiency results. As previously explained, for gaseous fuels, 

the amount of carbon emissions that escape as methane slip must be considered. 

Therefore, it is necessary to reduce the combustion loss at the same time as reducing 

the emission of CO2. The carbon mass ratio in the CO2 must be maintained at more 

than 90 %. In case of DIT 30° BTDC, where the bathtub showed its highest ITE, the 

CO2 emission ratio was 97.2 %. At the DIT of 45° BTDC, the omega piston showed 

its highest ITE and its CO2 ratio of the omega was 94.8 %. 
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Figure 3.3.1 In-cylinder pressure and heat release rate graph for different diesel injection timings in NG/diesel PCI combustion with bathtub 

and omega pistons at 1,500 rpm and 1,000 J/str of total energy input 

 



４６  

 

 

 

 

 

 

Figure 3.3.2 MFB 10-50 and MFB 50-90 for different diesel injection timings in NG/diesel PCI combustion with bathtub and omega pistons 

at 1,500 rpm and 1,000 J/str of total energy input 
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Figure 3.3.2 50% mass fraction burned (MFB 50) and gISNOx emissions and heat transfer loss for different diesel injection timings in 

NG/diesel PCI combustion with bathtub and omega pistons at 1,500 rpm and 1,000 J/str of total energy input 
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Figure 3.3.3 gISTHC and gISCO emissions; combustion loss for different diesel injection timings in NG/diesel PCI combustion with bathtub 

and omega pistons at 1,500 rpm and 1,000 J/str of total energy input 
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Figure 3.3.4 The carbon mass ratio contained in CO2 emissions and ITE for different diesel injection timings in NG/diesel PCI combustion 

with bathtub and omega pistons at 1,500 rpm and 1,000 J/str of total energy input
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3.4 Optimization of Dual-fuel PCI combustion under 

different piston shapes (Omega / Bathtub) 

3.4.1 Experimental results of optimization and discussion 

 

 

 

Figure 3.4.1 shows the in-cylinder pressure traces and heat release rate of 

optimized CDC and dual-fuel combustion in different piston shapes at 1,700 rpm / 

gIMEP 0.90 MPa. The criteria for optimization are presented in Table 3.4.2. In the 

case of the omega piston, the DIT had to advance by 48° BTDC to ensure that the 

MFB 50 be in the optimal position. Even if the DIT was advanced, due to the swirl 

flow motion which was generated by the omega piston, the reactivity of the air-fuel 

mixture maintained its enlarged ignition source that the MFB 50 position hardly 

retarded despite advancing the DIT until 50° BTDC. The combustion stability of the 

omega piston was stable even in the advanced DIT region (>30° BTDC), a larger 

surface area and stronger swirl flow released 19.8 % of the energy in the form of heat 

transfer loss. In the bathtub, a smaller combustion chamber wall surface area and 

weaker swirl flow motion decreased the heat transfer loss by 3.7 % absolute. 

The distribution of the total fuel energy input over the entire four-stroke cycle 

is shown in Figure 3.4.2 for CDC and both pistons at 1,700 rpm / 0.90 MPa gIMEP. 

As shown, the bathtub piston reduces the heat transfer losses by 3.7% absolute 

compared to the omega piston. From the decreased amount of heat transfer loss, the 

ITE is higher by 1.3% absolute in the bathtub piston. When comparing the bathtub 

to CDC, ITE was improved by 0.2 % absolute despite the increment of combustion 

loss. These points support that decreased heat transfer losses, from reduced piston 

surface area and weaker in-cylinder flow motion, are playing an important role in 

the improvements in ITE for the bathtub piston 

Figure 3.4.3 shows the emissions and combustion characteristics of optimized 

CDC and NG/diesel dual-fuel PCI combustion at 1,700 rpm / 0.90 MPa gIMEP. The 

optimization of dual-fuel combustion progressed according to the criteria of Table 

3.4.2. For optimization, it was judged that the optimization was achieved through the 
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optimization process in Section 3.2.1. In emissions and combustion characteristics 

results, there was no significant difference except CO2 emission between the omega 

and bathtub after optimization. However, the optimization process differed since the 

bathtub was more sensitive to DIT. In Section 3.3, it was shown that the MFB 50 

diagram of the bathtub showed a steeper ‘V-shape’, and the omega showed stable 

combustion stability even in the advanced DIT region. For this reason, to retard the 

combustion phase different strategies were used. For the omega piston, only 5.6 % 

of EGR was used but advancing DIT until 48° BTDC. On the contrary, in the bathtub 

piston, controlling the combustion phase precisely by advancing DIT was not 

possible. Thus, EGR was used for the bathtub to retard the combustion phase after 

TDC. In the case of CO2 emission, as the bathtub showed 1.3 % higher ITE than the 

omega and 2 % of higher NG rate, CO2 emission decreased by 4.0 %. 

Figure 3.4.4 shows the GWP value for optimized CDC and NG/diesel dual-fuel 

PCI combustion with the bathtub piston at 1,700 rpm / 0.90 MPa gIMEP. The 

evaluation of GWP was carried out to compare the overall emissions and their impact 

on global warming of CDC and NG/diesel dual-fuel PCI combustion. As seen from 

the 20-year GWP comparison, CO2 emission accounted for the largest share in GWP 

value. Thus, reducing CO2 emission is the most important but other carbon emissions 

such as THC and CO should also be prevented such as the methane slip phenomenon 

in NG/diesel dual-fuel combustion. It is well known that the NG/diesel dual-fuel PCI 

combustion emits more THC and CO emissions than CDC. However, due to the 

difference in carbon composition between diesel and NG, the CO2 emission of 

NG/diesel dual-fuel PCI combustion could be further reduced by maximizing the 

NG ratio while maintaining ITE. In addition, the ITE of NG/diesel dual-fuel PCI 

combustion was higher than that of the CDC even the compression ratio of CDC was 

17.3 while that of dual-fuel combustion was only 16. The GWP value of the NOx 

emission of CDC was the second-largest among emissions. The GWPNOx of 

NG/diesel dual-fuel combustion was only 24.9 % of CDC since the NOx emission 

is hardly emitted in NG/diesel dual-fuel combustion. As a result, the sum of the GWP 

values in NG/diesel dual-fuel PCI combustion was 739.1 while that of CDC was 

738.8. The GWP total value of CDC was decreased by 6 % in the bathtub piston. 

Through the same method, the 100-year GWP value of CDC was decreased by 13 %. 

This result is highly convincing that MAN corporation also had been announced that 

the overall GWP of diesel/NG dual-fuel combustion was reduced by 17% for a 20-
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year GWP value [24]. From this result, if further optimization of hardware in 

NG/diesel dual-fuel PCI is processed, such as modifying the head shape or installing 

devices for methane slip prevention, additional reduction of global warming impact 

will be available. 
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Figure 3.4.1 In-cylinder pressure and heat release rate graph of optimized CDC and NG/diesel PCI combustion in different piston shapes  

at 1,700 rpm / gIMEP 0.90 MPa 
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Figure 3.4.2 Net cycle distribution of the input fuel energy for CDC and NG/diesel PCI combustion with both the omega and bathtub pistons 

at 1,700 rpm / 0.90 MPa gIMEP
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Figure 3.4.3 Comparison of emissions and combustion characteristics for 

optimized CDC and NG/diesel PCI combustion with both the 

omega and bathtub pistons at 1,700 rpm / 0.90 MPa gIMEP 
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Figure 3.4.4 Comparison of the GWP value for 20-year and 100-year for optimized CDC and NG/diesel PCI combustion with both the omega 

and bathtub pistons at 1,700 rpm / 0.90 MPa gIMEP
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Chapter 4. Conclusion 

 

In this study, the effect of the compression ratio and piston shape was analyzed 

through DIT swing experiments. Based on DIT swing experimental results, 

optimization experiments were conducted to optimize NG/diesel dual-fuel PCI 

combustion hardware, varying the compression ratio and piston shape at 1,700 rpm 

/ gIMEP 0.90 MPa condition. As dual-fuel PCI combustion is significantly affected 

by the compression ratio and piston shape, effects must be reflected in the 

optimization experiments to determine the optimized hardware version of the 

NG/diesel dual-fuel PCI combustion engine. In addition, a comparison of the GWP 

value was evaluated to compare the overall impact on global warming of 

conventional diesel combustion engines and NG/diesel dual-fuel PCI combustion 

engines. Further explanations are provided as follows: 

In the first part, experiments were conducted to find the optimal compression ratio 

of NG/diesel dual-fuel PCI combustion engine. In this part, the compression ratio of 

14 and 16 were used in DIT swing and optimization experiments to enhance the 

hardware. According to the previous research on gasoline/diesel dual-fuel PCI 

combustion, the compression ratio of 16 shows improved ITE than 14 in low load 

conditions, however, high maximum pressure rise rate and NOx emissions are hard 

to control. On the other hand, due to NG’s low ignitibility, maximum pressure rise 

rate and NOx emissions were controllable through EGR and DIT at the compression 

ratio of 16 in NG/diesel dual-fuel PCI combustion engine. Besides, the compression 

ratio of 16 could utilize a higher amount of NG rate, which greatly helps reduce the 

CO2 emission due to NG’s low carbon content. 

In the second part, to analyze the effect of piston shape, the omega and bathtub 

pistons were used under an equal compression ratio of 16. Through the experiments, 

it was found that the bathtub piston’s case showed less heat transfer loss than the 

omega piston for two reasons. First, the top surface area of the bathtub piston is 

smaller than the omega, and it reduces heat emitted outside. Second, the swirl flow 
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motion of the omega piston generated near TDC advances MFB 50 position toward 

compression stroke, and the advancement raises combustion temperature. For this 

reason, the bathtub piston tends to exhaust higher THC and CO emissions. However, 

due to the reduction in surface area, NOx emissions are decreased. CO2 emissions 

and ITE also improved due to the decreased amount of heat transfer loss. Smoke 

emission was highly linked to the ignition delay, however, a highly premixed 

condition in NG/diesel dual-fuel PCI combustion emitted an extremely low level of 

smoke emission.  

In the piston shape optimization experiment, at 1,700 rpm / gIMEP 0.90 MPa, 

the trend of emissions depending on the shape of the piston was similar to the results 

in Section 3.2 In the case of CO2, the emission decreased by 25.6% and 22.1%, at 

the omega and bathtub piston case, respectively. NOx emission decreased by 75.2% 

and 64.6%, while smoke emission reduced by 91.6% and 94.7%. However, THC and 

CO emissions increased compared to conventional diesel combustion.  

According to this research, the optimized hardware for the NG/diesel dual-fuel 

PCI combustion engine is the compression ratio of 16 with the bathtub piston. At the 

optimized hardware, evaluation of GWP was tried to compare the overall engine-out 

emissions and their effect on global warming on a common scale between 

conventional diesel and dual-fuel combustion. Even though the dual-fuel produced 

more THC and CO emissions, the low carbon contention in NG fuel greatly reduced 

the CO2 emission, which is the dominant global warming emission in internal 

combustion engines. Therefore, when comparing the sum of GWP values in the 20-

year effect and 100-year effect of pollutants, the collected emission effect of the 

bathtub piston was decreased by 6% and 13%, respectively, compared to 

conventional diesel combustion.  

NG/diesel dual-fuel PCI combustion has merits compared to conventional 

diesel combustion in terms of greenhouse gas emissions. In the previous research 

conducted by SNU Automotive Laboratory, optimized engine hardware such as head 

shape, intake port geometry, and piston shape were designed and proved its 

performance on gasoline/diesel and propane/diesel dual-fuel PCI combustion 

engines. In this research, it was identified not only the effect of the bathtub piston on 

the NG/diesel dual-fuel PCI combustion engine but also the lower impact on global 

warming of NG/diesel dual-fuel PCI combustion through the comparison to 
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conventional diesel combustion. In the future, additional hardware optimization will 

be conducted in the NG/diesel dual-fuel PCI combustion engine, with improved ITE 

and low emissions. 
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최근 수송 부문의 배기배출물 규제가 강화됨과 더불어 

탄소중립이라는 전세계적인 흐름에 따라 기존 화석연료에 의존하는 

파워트레인의 형태에 변화가 일어나며 친환경 파워트레인에 대한 수요가 

급증하고 있다. 이에 대해, 전기자동차(EV)와 수소전기자동차(FCEV)가 

차세대 자동차로 떠오르고 있으나 ‘Tank-to-Wheel’에 기반한 

배기규제 방식은 새로운 파워트레인을 탑재한 자동차들에 적용하기 

부적절하다는 논란이 있다. 따라서 현 상황에 적절한 파워트레인 

배기배출물의 전과정 평가를 하기 위해 Life Cycle Assessment(LCA 

분석) 방법이 제시되었으며 이를 통해 현재 자동차 판매량의 대부분을 

차지하는 내연기관 자동차에서도 배기배출물을 줄이기 위한 연구 또한 

진행되어야 한다.  

 



 
６３ 

내연 기관에서 압축착화 방식을 사용하는 디젤 엔진은 전기점화 

방식의 가솔린 엔진과 비교하여 높은 열효율을 자랑하지만 폭스바겐 

디젤 배출가스 조작 파문 이후로 운전 시험 모드인 WLTP와 실도로 

주행 배기 배출물 시험인 RDE가 도입되는 등 내연 기관에 대한 

배기규제는 강화되고 있으며, 향후 더욱 엄격해질 배기 규제에 대응하기 

위해 신연소 기술들이 연구되어 왔다.  

신연소 기술 중 하나인 융합연소는 반응성이 다른 두 가지 연료를 

사용함으로써 연료 예혼합율을 높여 질소산화물과 입자상 물질 저감과 

동시에 압축 착화 연소의 장점인 높은 열효율을 유지할 수 있다. 이전의 

융합연소 엔진 연구는 기존 디젤 연소 엔진의 피스톤과 압축비를 

사용하는 경향이 있다. 그러나 융합연소 기관의 안정적인 운전을 

위해서는 천연가스/디젤 융합연소에 적합한 압축비와 피스톤 형상을 

연구할 필요가 있다.  

따라서, 본 연구에서는 승용 및 농기계 디젤 엔진을 천연가스/디젤 

융합연소 엔진으로 개조하여 최적화된 압축비와 피스톤 형상을 

탐구하였다. 그리고 융합연소에 최적화된 압축비와 피스톤 형상을 

장착한 사양으로 기존 디젤 엔진의 배기 배출물 및 열효율 비교를 

진행하였다. 또한, 탄소 배출량 저감이라는 세계적인 흐름에서, 기존 

디젤 연소 엔진과 최적화된 천연가스/디젤 융합연소 엔진의 

배기배출물이 지구 온난화에 미치는 영향도를 지구온난화지수를 통해 

비교하였다.  

첫 번째 연구에서는 천연가스/디젤 융합연소 엔진에서 최적의 

압축비를 탐구하였다. 가솔린/디젤 융합연소에서는 고 압축비를 

사용하였을 때 가솔린 연료의 자발화 현상으로 인해 실린더 내부에서 

최고 압력 상승률이 높아져 상대적으로 낮은 압축비(14)가 사용되었다. 

반면에, 천연가스를 저반응성 연료로 사용된 이 연구에서는 천연가스의 

낮은 자발화 특성으로 인해 비교적 압축비가 높은 16에서 우세한 

결과를 보였다. 천연가스/디젤 융합연소 엔진은 고압축비에서 높은 

열효율을 내는 동시에 디젤 분사시기의 진각 및 EGR을 사용하여 

융합연소 엔진의 단점인 높은 실린더 내부 최고 압력 상승률을 제어할 

수 있었으며, 낮은 압축비(14)에서보다 천연가스 대체율을 높임으로써 

탄소 배출물인 이산화탄소, 일산화탄소, 그리고 탄화수소의 배출량 또한 

저감시킬 수 있었다. 
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두 번째 연구에서는 최적의 피스톤 형상을 탐구하였다. 기존 디젤 

연소 엔진에 사용되는 오메가 형상의 피스톤은 압축 말기에 피스톤 보울 

내부에서 생성되는 스월 유동을 생성한다. 이로 인해, 빠른 연소 속도와 

더불어 일산화탄소 및 탄화수소의 배출량을 줄일 수 있다는 장점이 

있지만 높은 최고 압력 상승률과 열전달 손실이 수반되었다. 반면에, 

bathtub 형상의 피스톤에서는 줄어든 피스톤 보울의 단면적으로 인해 

연소실 벽면으로 소실되는 열전달 손실을 줄일 수 있었으며, 열전달 

손실량의 저감은 열효율을 향상으로 이어졌다. 따라서, bathtub 피스톤은 

천연가스/디젤 융합연소에서 열효율 향상 및 배기물질의 저감시킬 수 

있는 것을 확인하였다. 마지막으로, 두 연소방식의 엔진에서 

배기배출물이 지구온난화에 미치는 영향도를 지구온난화지수(GWP) 

비교를 통해 확인하였다. 최종 형상의 천연가스/디젤 융합연소 엔진은 

기존 디젤엔진 대비 지구온난화지수가 최대 13%까지 저감되었다. 
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