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Abstract

Study on the multi-level thermal management
system in electric vehicle and optimization of its

operating strategies

Sangwook Lee
Department of Mechanical Engineering
The Graduate School

Seoul National University

As many global regulations restricts CO» emission and fuel economy of
automobiles, electric vehicles (EVs) have attracted great attention as a
promising zero-emission vehicle. However, EVs suffer from the range loss at
cold ambient temperature due to increased power consumption on cabin heating
and low performance of lithium-ion battery. Therefore, heat pumps are widely

adopted as an energy-efficient heating device replacing the positive temperature



coefficient heater. However, the performance of heat pumps deteriorates at low
ambient temperature so that the waste heat from electric devices is recovered
to supplement the insufficient heating capacity in winter. In this study, I suggest
a multi-level thermal management system (MLTMS), which utilizes the
subdivided temperature levels recovering the waste heat.

Firstly, the effect of temperature levels on the heat pump system was
investigated. The vapor injection technique enables the recovery of waste heat
at an intermediate temperature level. As the refrigerant absorbs waste heat at
intermediate temperature level, larger heating capacity is provided to the cabin.
Experiments were conducted in three modes: non-waste heat recovery,
conventional waste heat recovery, and multi-level waste heat recovery. The
performance of each mode was investigated under different operating
conditions, including the ambient air temperature, compressor speed, and
amount of waste heat. Results show that multi-level waste heat recovery
augments heating capacity up to 72.5% in the coldest condition of -20 °C while
maintaining the temperature of the energy storage system within an appropriate
operating range.

Likewise, the waste heat recovery at high temperature level was evaluated.
The floating loop manages the thermal state of power electronics and electric

motors by utilizing the liquid refrigerant at the condenser outlet. This loop
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recovers the waste heat in winter and enhances the cooling performance in
summer through the superior cooling performance of evaporative heat transfer.
Configurations of heat pump and thermal management system are presented
with operating schematic in summer and winter. To verify the performance of
the suggested system, the heat pump and thermal management system model is
established based on experimentally validated heat pump component models
and electric device models. The result shows that the heat pump system utilizing
a floating loop can save power consumptions in winter up to 27.7% and 5.8%
in summer while maintaining the thermal state of electric devices within the
appropriate range.

Secondly, the performance of multi-level thermal management system
was estimated from the cold-start condition. As aforementioned results
demonstrate, the temperature level, at which the waste heat is recovered, affects
the performance of the heat pump system. However, the conventional waste
heat recovery strategy (WHRS) simply depends on one temperature level, even
though the optimal temperature level changes depending on the operating
conditions. The performance of the WHRSs, recovering heat at different
temperature levels, was investigated. Temperature levels of WHRSs were
divided into three: conventional (low), multi-level (intermediate), and direct

(high). Experiments were conducted to examine the dynamic behavior of the



heat pump system, and a transient model was established based on the
experimental data. The electric device thermal model was consolidated into the
integrated thermal management system model. The model evaluated heating
performance and power consumption of WHRSs from various start-up
conditions. Results show that the optimal WHRS saves the power consumption
up to 13 % compared with conventional WHRS at the ambient temperature of
-20°C under Artemis highway driving profile.

Thirdly, as the MWHR depends on the vapor injection technique, the port
hole design critically affects the system performance. However, none of
existing injection port is designed to be used with MWHR. The effect of port
design on the MWHR system was investigated. A novel injection model was
established, considering the continuously increasing pressure in the injected
chamber and jet impingement behavior. The scroll compressor model with the
injection process was integrated into a transient heat pump model. The effect of
injection port location and size were investigated with the integrated thermal
management system model under cold-start conditions. The optimal port hole
design was suggested as the dual-port at 600 ° with a radius of 2 mm from the
perspective of total energy consumption. We anticipate that this study proposes
a reference data and an optimization methodology in designing the port hole in

the MWHR system.



Lastly, an active battery thermal management strategy (BTMS), which
uses the secondary loop in an electric vehicle heat pump, is suggested. When
an energy storage system (ESS) operates in cold conditions, the power and
capacity of the battery critically fade with high internal resistance. Therefore,
appropriate BTMS is essential to prevent severe driving range loss at low
ambient temperatures. To derive optimal BTMS, the trade-off between
performance enhancement by ESS heating and additional energy consumption
on the heating needs to be evaluated from the perspective of an integrated
thermal management system (ITMS). We established a battery thermal model
by combining a pack-level thermal model and a cell-level performance model.
The battery thermal model was integrated with a transient heat pump model to
estimate the performance of three BTMSs: self-heating, active heating, and heat
recovery. Active heating of the battery augmented the driving range of EV up
to 18.8%, whereas the heat recovery saved state-of-charge (SOC) decrease in
non-depleted conditions. Furthermore, battery preheating with the heat pump
achieved a temperature rise of 20 °C within an hour, consuming 38.4 % less
power of the battery, compared with electric heater preheating.

I expect that this study provides an insight on MLTMS and promote broad

adoption of MWHR as a solution to EV range reduction.
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Chapter 1. Introduction

1.1. Background of the study

Intergovernmental Panel on Climate Change (IPCC) reported that the
averaged temperate of the globe have risen 1 °C since the pre-industrial era [1].
IPCC declared that the global warming was caused by cumulative CO, emission
from human activities and must be limited to 1.5 °C to prevent climate-related
risks. As shown in Figure 1.1 (a), many national authorities enacted policies [2]
on CO, emission [3—5] from various sector, among which transportation sector
occupies 27% of total emission [6]. The regulations on the transportation
restricts the CO, emission values as 59 g/km in 2020 [7] based on the new
European driving cycle (NEDC), corresponding to the mileage of 39.3m/L,
which cannot be satisfied with conventional internal combustion engine vehicle
(ICEV) alone. To avoid huge amount of monetary penalty or benefit from the
credits, automotive industry accelerates the electrification of vehicles. Along
with regulations, policy incentives are stimulating the purchase of zero-
emission vehicle [2, 8—12]. As presented in Figure 1.1 (b), global EV stock
reached 10 million on the world’s road at the end of 2020 [13]. Furthermore,

the registration of EV shows rapidly increasing trend, which increased by 41%
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in 2020, and is expected to soar with leveraged momentum of the extensive
global supports [9, 15].

Among various zero- and low-emission vehicles (ZLEV), EV emerges a
most prominent ZLEV, having advantages such as instantaneous control
through immediate response of motor, high efficiency operation with less losses,
high torque at the low speed, and simplified power train structure [16]. However,
there are several problems preventing wider spread of EV. First of all, the main
difference between EV and ICEV lies at the energy density of different power
sources; lithium ion-battery and fossil fuels, respectively. As the gasoline and
diesel have approximately 20 times higher power and energy density than the
lithium-ion battery [17, 18], EV requires much larger and heavier battery and
related systems. The powertrain in ICEV only costs one fourth of that in EV
with the battery system occupying 42% of total manufacturing cost [19]. It
means that the EV cannot compete with ICEV in the aspect of price without
subsidy from government.

Apart from the price, the driving range of EV is limited by the total amount
of energy carrier, lithium-ion battery, with low energy density. This limited
driving range diminishes even shorter when the additional energy is required in
cabin heating or cooling. Conventionally, ICEV utilizes the waste heat from

internal combustion engine in the cabin heating at low ambient temperatures.



However, EV lacks abundant waste heat from powertrain, which consists of
motor and inverter having a high efficiency. As shown in Figure 1.2, the electric
energy from the lithium-ion battery is consumed in cabin conditioning,
resulting in shorter driving range. Range anxiety represents a fear that
insufficient range could strand the passenger, which still refrains potential
customers from purchasing EVs [20]. The range problem even deteriorates in
severely cold outdoor conditions with extra power consumption of positive
temperature coefficient (PTC) heater. Lohse-Busch et al. [21] and Jeffers et al.
[22] presented that range reduction problems of Nissan Leaf and Ford Focus
under ambient air temperature of -7°C and -5°C condition reach 48% and 47%
in urban dynamometer driving schedule (UDDS) cycle. Leighton [23]
conducted a similar investigation on the mid-sized sedan, in which the driving
range decreases by 53% under -12°C ambient air condition. Heat pump is
suggested as a solution to these problems [24—26] which shows that heat pump
requires less power consumption up to 71% than PTC heater, which has a
maximum efficiency of 1.

On the other hand, EV has entirely different powertrain with ICEV in the
aspect of thermal management. The proper operating temperature of lubricant

oil in an internal combustion engine is around 100 °C - 110 °C [27, 28], whereas
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powertrain components in EV has their own thermal requirements. The
powertrain of EV mainly consists of three: motor, inverter, and battery. The
power electronics and elector motor (PEEM) denotes motor and inverter and
energy storage system (ESS) stands for the lithium-ion battery pack. PEEM has
an upper-temperature limit of 150 °C [31, 32] and ESS has an optimal operating
temperature range of around 15 - 35 °C [33]. Therefore, separate thermal
management is required by delicate operation of integrated thermal

management system (ITMS).



Table 1.1 Thermal requirements of each EV components

Component

Thermal requirements

Battery

Electric Motor
Inverter

Cabin

15°C—-45°C

Temperature difference within 5 °C

Under 150 °C (copper coil)
Under 150 °C (IGBT Junction)

Around 25 °C




1.2. Literature survey

1.2.1. Adoption of heat pumps in electric vehicle

In cold climate conditions, positive temperature coefficient (PTC) heater
in EVs consumes a significant amount of energy from the battery on cabin
heating, because EVs lack waste heat, abundant in internal combustion engine
vehicles. Therefore, the driving range of EVs critically deteriorated [21-23, 34],
causing a fear called ‘range anxiety’ which is considered as an obstacle to EV
market extension [20, 35]. An electric vehicle heat pump (EVHP) appears to be
a solution to this problem, as it has a better coefficient of performance (COP)
than PTC heater.

Kim et al. [36] presented that the combined system of heat pump and PTC
heater has superior heating capacity and coefficient of performance (COP) up
to 59% and 100%, respectively, compared with the conventional PTC heater
based system. The benefits of adopting heat pumps in EV were also confirmed
in various regional contexts by Zhang et al. [37]. Even though the performance
enhancement with heat pumps varies with different cities, the heat pumps saved
41% of average energy consumption. Yu et al. [24] evaluated the energy
consumption of heating ventilation and air-conditioning (HVAC) system and

its impact on the range of EV. They concluded that the heat pump systems are



capable of reducing power consumption of HVAC between 41% and 72% with
different scenarios. Other studies also verified similar power savings effects of
EVHP with different configuration and conditions [24-26, 38, 39].

However, heating performance of heat pump sharply declines under
severely cold conditions [40], as presented in Figure 1.3. This phenomenon
originates from the low suction density and high pressure-ratio of the heat pump
system operating at low temperature. As the evaporator in the heat pump system
absorbs heat from the ambient air, the evaporating temperature is lower than
the ambient temperature. The low evaporating temperature accompanies low
pressure and density of refrigerant, entering the compressor. The compressor
displaces certain volume to the condenser so that the inlet density determines
mass flow rate through the whole system. The decreased mass flow rate of total
system entails decreases in the heating capacity, requiring additional use of PTC
heater.

On the other hand, the pressure ratio between condensing and evaporating
pressure increases due to decrease in the evaporating pressure at low ambient
temperatures. The COP of EVHP sharply decreases not only with low Carnot
efficiency with low heat source temperature, but also the higher power
consumption of compressor. As the ideal compression process is isentropic

process, the outlet temperature from the compressor increases with high



pressure-ratio. The overheated refrigerant reduces the reliability of the system
and degrade the lubricating oil [41].

Many studies demonstrated the performance degradation of EVHP in
severely cold conditions. Qin et al. [26] experimentally showed the 33% of
decrease in heating capacity when the outdoor air temperature drops from -
10 °C to -20 °C. The decrease in heating capacity requires auxiliary power
consumption of the PTC heater with COP of 1, resulting in inefficient HVAC
system operation and increase in the net power consumption. Lee et al. [25]
investigated the performance of EVHP by changing the compressor frequency
with ambient temperature. Results showed the decrease in the heating COP and
increase in heating capacity with the rise of ambient temperature. As the heating
capacity critically affects the power consumption of HVAC system than COP,
result implies that the performance of EVHP is deteriorated at low ambient
temperature. Similar results were also reported by other studies [42, 43], urging

a novel methodology to enhance low temperature performance of EVHP.
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1.2.2. Recent technologies to improve heating performance of EVHP

Several researches on EVHP at low ambient temperature focused that
problems in cold climate fundamentally originate from the increased heating
demand of cabin, most of which are occupied by ventilation load. Nielsen et al.
[34] experimentally verified that the ventilation load accounts for
approximately 50% of heating load in Volvo S60 in cold condition. Hirai et al.
[45] also presented ventilation heat loss and heat radiation from the body
contribute more than 80% of the total heating load . Zhang et al. [46] developed
a model predicting EV climate control load and concluded that ventilation load
occupies more than 70% of overall heating load in cold climate condition.
According to the literature above, reducing ventilation load seems a reasonable
approach to the climate load problem. Ventilation load, conditioning outdoor
air to a desirable state to maintain thermal comfort, could be dramatically
decreased in recirculation (RC) mode. Rugh et al. [47] numerically compared
outdoor air (ODA) mode with recirculation mode, in which 72.1% heating load
is saved. Zhang et al. analyzed the climate control load of air conditioning (AC)
system, concluding that recirculation mode can save up to 48% of AC energy
compared with outside air mode [46]. From a thermodynamic point of view, it
is necessary to operate the heat pump in RC mode. However, recirculation mode

requires an additional dehumidification process where human-emitting



moisture, which causes fogging that interferes with clear vision of the driver
and perturbs safe driving condition, should be removed [48]. The
dehumidification includes subsequent cooling and heating process through the
indoor evaporator and indoor condenser or PTC heater [45]. This process
entails an inevitable inefficiency, which occurs during the subsequent
dehumidification and reheating process.

On the other hand, other studies have focused on the performance
enhancement of the heat pump system itself. Among various solutions, vapor
injection (VI) technique and waste heat recovery (WHR) from PEEM had
presented notable results. Qin et al. [49] investigated heating performance
enhancement of VI cycle up to 31% compared to conventional heat pump
system at -20 °C outdoor temperature condition. Kwon et al. [50] analyzed the
heating capacity improvement of a VI heat pump system from the
thermodynamic and geometric aspects of scroll compressor. However, an
additional internal heat exchanger or flash tank is required to utilize VI
technique. A heat pump system with WHR is suggested by Ahn et al. [51],
estimating performance enhancement of dual-source heat pump with ambient
temperature from -10°C to 7°C and maximum waste heat amount of 2.5 kW.
Results showed an increase in heating capacity and COP by 9.3% and 31.5%

respectively. Tian et al. [52] thermodynamically evaluated electric vehicle



thermal management system with WHR in energy, exergy and thermo-economy,
presenting operation cost of €249.44 and payback period of 6.77 years could be
saved.

Considering the absence of an abundant waste heat from the case of
internal combustion engine, EV requires delicate utilization of waste heat from
electric devices. Many researchers suggested novel TMS structures [39, 48, 53,
54], integrating thermal management system (TMS) with heat pump system.
Leighton et al. [23] suggested combined fluid loop system, using secondary
fluid system to modularize the heat pump and strengthen the thermal
connectivity. Other studies [55—58] were conducted on the effect of waste heat
recovery on the heat pump system, but the waste heat was recovered at only
two temperature levels: condensing temperature and evaporating temperature.
The difference between the two temperature levels widens in cold condition so
that the waste heat recovery at either high [59] or low temperature [51, 52, 60]
became less efficient. Lee at al. [61] subdivided the temperature into three
levels with vapor injection technique and experimentally demonstrated that the
heating capacity increases up to 72% when the waste heat is recovered at the

intermediate temperature level.
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1.2.3. Integrated thermal management system (ITMS)

As mentioned above, EV requires a sophisticated ITMS to satisfy sensitive
thermal requirements of many thermal objects. EV components, including
energy storage system (ESS), power electronics and electric motor (PEEM),
and cabin, have their thermal requirements. Whereas PEEM has an upper-
temperature limit of 150 °C [31, 32], the lithium-ion battery has an optimal
operating temperature range of around 15 - 35 °C [33].

The optimal temperature range is determined by two conflicting effects of
temperature on the battery. At high temperatures, a battery encounters a
decrease in life cycle and self-discharge, causing a thermal failure [63, 64]. On
the other hand, the power and capacity of the battery fade at low temperatures
due to the low ionic conductivity of the electrolyte and large charge transfer
resistance [65—68]. Therefore, many studies were conducted on novel battery
thermal management systems. The air cooling method was widely investigated
because of its simplicity and low cost [69]. Pesaran et al. [70] compared air
cooling design with parallel and series structures, and Sabbah et al [71].
presented the limitation of air cooling at high ambient temperatures. Many EVs
adopted liquid-based cooling methods to manage the thermal state of ESS [72,
73]. However, conventional liquid-based BTMS did not heat the battery under

cold-start conditions as a significant amount of energy is required to raise the



temperature of the ESS. Instead, conventional BTMS used the self-heating of
the battery, depending on the reversible heat generation from electrochemical
reaction and Joule heating with internal resistance [59]. Few studies focused on
the preheating method [38, 74, 75] including internal heating with alternating
or pulse current, and external heating with air, liquid, or heat pipe.

On the other hand, as the powertrain of EV has entirely different thermal
characteristics [31, 76, 77], a conventional internal combustion engine TMS
with a radiator cannot simply replace the electric vehicle thermal management
system (EVITMS). The powertrain of EV is composed of two major parts;
PEEM and ESS, and appropriate thermal management on each electric device
is essential to safe and energy-efficient driving [78, 79].

Many researches have been conducted on the effective TMS design. Park
et al. [53] presented three vehicle cooling system architectures with different
cooling tower design concepts. For battery electric vehicle, Leighton et al. [23]
suggested a combined fluid loop system, which integrates vehicle TMS and
heat pump system into a single coolant-based loop, showing driving range
increase by 9% in experimental condition. Hamut et al. [80] optimized hybrid
vehicle TMS using a multi-objective evolutionary algorithm. Heat pump

systems are also broadly investigated to improve performance in a severe



condition. Tian et al. [52] studied the performance of waste heat recovery
EVTMS in thermodynamic and thermo-economic perspective.

The aforementioned researches were fundamentally based on EVITMS,
utilizing waste heat from the electric devices (PEEM and ESS) to enhance
driving range in winter. However, those systems require an auxiliary coolant-
to-refrigerant heat recovery device, which inefficiently conveys waste heat
from electric devices through the thermal resistance of the heat exchanger and
working fluid. Recent studies on PEEM [48, 81-83] target higher energy
density and integrity, which would cause thermal failure with the conventional
coolant-based cooling method in summer. As a solution to these problems, the
floating loop concept, directly utilizing liquid refrigerant in the condenser to
cool down PEEM, was devised [84—86]. The high heat transfer coefficient of
evaporative cooling and thermal uniformity of refrigerant were verified with

previous researches [87—89].



1.3. Objectives and scopes

For the wider spread of EV, it is necessary to alleviate the range reduction
at low temperatures, caused by excessive power consumption of HVAC system
and poor electrochemistry of lithium-ion battery. The objective of this study
lies at the establishment of MLTMS, which delicately integrates the PEEM and
ESS with EVHP. The MLTMS achieves the range extension by two methods:
efficient utilization of the waste heat from PEEM by subdividing the heat
recovery temperature into multiple levels, and sophisticated thermal
management of ESS considering the electrochemical characteristics of the
lithium-ion battery. The outline of this study is as follows.

In Chapter 2, I analyzed the effect of temperature levels, recovering waste
heat, on the EVHP system. The temperature levels were divided into three:
condensing (high), evaporating (low), and intermediate. The waste heat
recovery at intermediate temperature level was achieved by the vapor injection
technique, which injects the refrigerants into the compressor chamber during
compression process. Experimental studies were conducted to analyze the
performances of EVHP, including heating capacity, COP, and the thermal state
of the electric devices generating heat. Similarly, the heat recovery at high
temperature were examined with numerical analysis. The system utilized a
floating loop concept, which uses a liquid refrigerant at the outlet of condenser
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to absorb heat from PEEM. This concept enables a compact and efficient heat
recovery with the high heat transfer coefficient of two-phase refrigerant. This
chapter targets to demonstrate the effect and significance of the temperature
level at which the waste heat is recovered.

In Chapter 3, I established an ITMS model including transient heat pump
model and electric device models. As the EV operates from the cold-start
conditions, the performance should be evaluated considering the dynamic
behavior of EVHP and electric devices. A transient heat pump system model
was established and validated with the experimental results. The heat pump
model was integrated with the PEEM model and ESS model. PEEM model and
ESS model included the heat generations of each component and the heat
transfers between the components. Bench test results validated the accuracy of
the models. Based on the ITMS model, the performance of multi-level waste
heat recovery strategy (MWHRS) was evaluated. This chapter aims to clarify
the necessity of utilizing different temperature levels in MLTMS depending on
the operating conditions.

In Chapter 4, I investigated the effect of port geometries on the
performance of MWHR. As the MWHR depends on the vapor injection
technique, port hole geometries affect the performance of MWHR. The

pressure of refrigerant recovering the waste heat is affected by the timing when
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injection port starts to open. As the pressure designates the saturation
temperature of refrigerant, injection hole directly determines the intermediate
temperature level of heat recovery. The trade-offs on the MWHR lies between
the heating capacity enhancement through elevated temperature level and heat
required to raise the temperature of the waste heat source. Therefore, the
aforementioned ITMS model should evaluate the performance of MWHR with
different port sizes and locations. I expect to derive the optimal port geometry
minimizing the net power consumptions of MLTMS.

In Chapter 5, I suggested an active battery thermal management strategy.
As the electrochemistry of a lithium-ion battery is critically affected by the
operating temperature, proper battery thermal management is necessary.
However, a heating of battery requires additional energy from ESS, where the
trade-off between battery heating and performance enhancement with heating
should be weighed. A battery thermal model based on the low-temperature
performance experiment examined the battery performance, and the ITMS
model was integrated with the battery thermal model to evaluate the whole
power consumption with the systematic perspective. Furthermore, the
preheating strategy to heat up the battery in advance of driving was proposed

as a power saving strategy. The objective of this chapter is to demonstrate the
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necessity of an active battery thermal management based on the deriving
condition.

In Chapter 6 , the overall results of this study are summarized.
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Chapter 2. Effect of temperature level on the waste

heat recovery performance'*

2.1. Introduction

Previous studies on WHR systems have concentrated on the amount of
waste heat without considering the temperature range. However, electric
devices have specific thermal requirements. In particular, energy storage
system (ESS) in EV, including lithium-ion battery, has the optimal operating
temperature range of 15-35°C [33, 90-92]. Battery rapidly degrades when
operating at high temperatures and power decreases at low temperatures [93,
94]. Recovering heat at the evaporating pressure accompanies the low
performance of the ESS; and at condensing pressure, the temperature of the
ESS exceeds its upper temperature limit. Therefore, the heat pump system in
an EV requires the intermediate temperature level, which can be achieved using
vapor injection technique. None of the WHR studies have utilized VI as a multi-
level heat recovery device to the best of our knowledge, not as a simple

integration [55].

12 The contents of chapter 2 were published in Energy Conversion and Management
on 2022. [59, 99]
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This study proposes a heat pump system that absorbs waste heat from an
ESS using the VI technique, which recovers heat from the ESS at an
intermediate temperature and pressure. This multi-level waste heat recovery
(MWHR) system can enhance the heating capacity by elevating the temperature
level of the WHR while operating the ESS within an appropriate temperature
range. In addition, the proposed system overcomes the difficulties in controlling
a conventional EV VI heat pump system with a flash tank [95, 96] by adopting
the superheat control method suggested by Wang et al. [97]. The battery thermal
model from Chung et al. [98] was utilized to estimate the temperature level of
the ESS with an equal volume flow rate and coolant temperature under the
experimental conditions. The experimental setup for the MWHR heat pump
system was built into a calorimeter to verify the heating performance and COP
at various ambient temperatures, compressor speeds, and waste heat amounts.
On the other hand, researches on EVTMS utilized waste heat from the
electric devices (PEEM and ESS) to enhance driving range in winter. However,
those systems require an auxiliary coolant-to-refrigerant heat recovery device,
which inefficiently conveys waste heat from electric devices through the
thermal resistance of the heat exchanger and working fluid. Recent studies on
PEEM [48, 81-83] target higher energy density and integrity, which would

cause thermal failure with the conventional coolant-based cooling method in
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summer. As a solution to these problems, the floating loop concept, directly
utilizing liquid refrigerant in the condenser to cool down PEEM, was devised
[84-86]. The high heat transfer coefficient of evaporative cooling and thermal
uniformity of refrigerant were verified with previous researches [87—89].
However, these studies were mainly focused on the performance of each
concept. Waste heat recovery through TMS and heat pump simply assumed a
certain amount of heat through auxiliary recovery device and researches on the
floating loop only showed the heat transfer characteristics, rather than
systematically integrating those advantages through thermal integration.

In this research, the performance enhancement of EVTMS and heat pump
system with the floating loop is suggested and analyzed in systematic
perspective: utilizing floating loop as an advanced PEEM cooling loop in
summer and effective waste heat recovery system in winter. The heat pump and
TMS model was established based on the experimentally validated component
models to estimate the power consumption and heating or cooling performance
of the floating loop TMS. Performance of the suggested system is presented
with different ratios of the outdoor heat exchanger (ODHX) and the low-
temperature radiator (LTR) within the finite total heat exchange volume to
investigate the effect of heat exchange allocation when the thermal load from

PEEM is shifted from LTR to ODHX. This study aims to enhance thermal
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connection between TMS and heat pump system through the floating loop. This
thermal integration is beneficial in terms of effective waste heat recovery
without auxiliary device in winter and enhanced thermal management of PEEM
in summer through superior performance of evaporative heat transfer.

The contents of this chapter are published in the Energy Conversion and

Management [59, 99].
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2.2. Waste heat recovery at intermediate temperature level

2.2.1. Experimental setup

The heat pump systems operated in 3 modes; MWHR, CWHR and non-
WHR. In MHWR mode, refrigerant discharged from the electric compressor
entered the condenser, and dissipated heat to the secondary fluid passing
through the plate heat exchanger (PHX), conveying heat to the indoor heat
exchanger (IDHX). Refrigerant from condenser split into WHR loop and
evaporator, both of which absorbed the heat obtained in the outdoor heat
exchanger (ODHX) and WHR loops. The ODHX took heat from the ambient
air with a secondary fluid, which heated up the low-pressure refrigerant in the
evaporator. In the WHR loop, the heat absorption process occurred equally
except that the refrigerant in the waste heat exchanger (WHX) directly absorbed
heat from the coolant, which conveys the heat generated from electric heater.
The WHR process occurred under the intermediate pressure condition and the
refrigerant was injected into the VI compressor. The low-pressure refrigerant in
evaporator flows to the compressor after passing through the accumulator and
intermediate temperature refrigerant in the WHX was injected into the
compression chamber of scroll compressor. The MWHR system fundamentally

works similarly with the two-stage compression [100]. The two-stage
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compression system can efficiently recover the heat from the heat sources
having different temperature level. However, the MWHR system requires only
one compressor and scroll head with injection port, whereas the two-stage
compression system consists of two compressors. Considering that the
compressor is the most expensive device in the EV heat pump system, the
MWHR can achieve an equivalent performance as the two-stage compression
system with much less cost and system complexity.

CWHR mode follows equal process with MWHR mode except that WHR
occurs at low temperature and outlet refrigerant from WHR loop and evaporator
merged before entering accumulator. Non-WHR mode operated only with
ambient air heat source. Figure 2.1 illustrates the simplified configuration of
each waste heat recovery system, where the refrigerant passing through the
waste heat recovery device is incorporated into suction pipe in the CWHR
system and injected into the VI compressor in the MWHR system.

Figure 2.2 presents pressure-enthalpy diagram of heat pump systems in
CWHR and MWHR mode. As shown in the figure, the MWHR system recovers
waste heat at the intermediate temperature level, which is higher than the
evaporating temperature. Therefore, the injected refrigerant with higher
enthalpy augments additional amount of heating capacity on the MWHR

system, compared with the CWHR system.
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Figure 2.3 shows a schematic diagram of the MWHR heat pump
experimental setup. The test bench resides in a calorimeter with a capacity of
10 RT (38.6 kW), which has two chambers: outdoor chamber is designed to
maintain the air temperature from -30 °C to 60 °C and relative humidity from
10% to 90%, and indoor chamber maintains air temperature and relative
humidity ranging from 0 °C to 30 °C and 10% to 90%, respectively.

The heat pump system included a primary refrigerant loop and a secondary
coolant loop. The primary loop consisted of a VI compressor, three PHXs, two
electronic expansion valves (EEVs), and a WHR system. VI compressor is a
scroll compressor with a vapor injection port, and the pressure difference
between injection port and compression chamber derives mass flow of the
injected refrigerant. The three PHXs function as a condenser, evaporator WHX.
The brazing-type PHXs have plate dimensions of 285 mm in length, 105 mm
in width and 0.026 m? of heat transfer area per each plate, and the condenser,
evaporator and WHX have 33,27, and 19 plates, respectively. EEVs control the
opening area in 2,000 steps with unipolar step motor and are designed to be
installed in the heat pump system having a capacity of 1.5 RT (5.8 kW). WHR
system includes electric Joule heater that provides heat of up to 2 kW and a
coolant reservoir. The secondary loop delivers heat obtained from the primary

refrigerant loop to the air with a secondary working fluid, a mixture of water
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and ethylene glycol with equal volume. Three centrifugal pumps, whose
frequencies can be controlled by an external voltage signal, drive the secondary
working fluid. The IDHX and ODHX are coolant to air heat exchangers with
fan and frontal vane regulating exhaust velocity. IDHX is a louvered-fin tube
heat exchanger of 215 mm in height, 87 mm in width, and 44 mm in depth.
ODHX is a fin-tube heat exchanger with 410 mm in height, 430 mm in width,
and 250 mm in depth and the attached fan has a volumetric flow rate of 1,060
m’/h. An exhaust fan, having a maximum capacity of 90 m*/min, compensated
the differential pressure developed through the duct based on the pressure
difference between the chamber and exhaust air from the nozzle.

Figure 2.4 shows the heat pump system in the outdoor chamber. The
temperature and humidity of the air in the chamber were measured using an air-
sampling unit, and the thermodynamic states of the refrigerant and coolant were

measured using pressure, temperature and mass flow rate sensors.
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2.2.2. Accuracy of measuring devices and uncertainty analysis

The enthalpy difference between the incoming and outgoing air was
calculated from the temperature and relative humidity. Dry-bulb and wet-bulb
temperatures of the indoor chamber were measured using platinum resistance
thermometers (PRTs) having an accuracy of 0.2%. The air volume flow rate
was calculated according to ANSI/AMCA 210 [101] and linearly correlated
with the energy balance equation in various operating ranges that the standard
does not cover. Differential pressure transducer used to measure pressure
difference through nozzle had an accuracy of 0.2%. The main parameters used
in the coolant-refrigerant system analysis were the temperature, pressure and
flow rate. Temperature and pressure are measured at each inlet and outlet of the
three PHXs. T-type thermocouple with grounded junction probe was used as
the temperature measuring device with an accuracy of 0.4%. Pressure was
measured with pressure transmitter with the accuracy of 0.5%. Two mass flow
rates of refrigerant were measured with a Coriolis flowmeter and three
volumetric flow rates of coolant are measured with turbine-type flowmeter; the
accuracies of each flowmeter are 0.5% and 1.0%, respectively. Two digital
power meters measured the net power consumed by the electric compressor and

electric heater with the accuracy of 0.6%. Table 2.1 summarizes the accuracy
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of each sensor. The key indicators of the system performance, heating capacity,

and COP, are analyzed using Eq. (2.4) and Eq. (2.5) below.

Qair = ,DVAh Eq. (2.4)
Qair

COP = Eq. (2.5
Weomn q.(2.5)

ASHRAE handbook [102] provided correlations to calculate the enthalpy
of air with dry bulb temperature and wet bulb temperature. We calculated the

enthalpy difference between inlet and outlet air through IDHX with the

N[ =

]
el
e [y

correlations. The uncertainty of these performances was calculated based on the
Moffat theory [103] and the derived Eq. (2.1) to Eq. (2.3) are shown below.
Heating capacity and COP have uncertainties of 5.8% and 5.9%,

respectively.
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Table 2.1 Accuracies of measuring devices

Sensors Range Unit Accuracy
Platinum resistance
-200 ~ 250 °C 0.3 °C
thermometers
T-type
P -270 ~ 400 °C 1.0 °C
thermocouple
Pressure transmitter 0 ~ 100 bar 0.5%
Coriolis flowmeter 0 ~ 360 kg/h 0.5%
Turbine flowmeter 7.6 ~ 56.8 L/min 1.0%
Differential
) 0~100 mmAq 0.2%
pressure transmitter
0~ 600 v 0.4%
Digital power meter
0~20 A 0.4%
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2.2.3. Test procedure

The test parameters are presented in Table 2.2. We selected R134a as a
refrigerant, which is most commonly used. The outdoor temperature varied
from 0 °C to -20 °C and indoor temperature was set a dry bulb temperature of
20°C and wet bulb temperature of 15 °C, which is a standard heating test
condition presented by ASHRAE [104]. The amount of waste heat reaches 2.0
kW at maximum as in other studies [51, 105]. The compressor speed was varied
from 2,000 rpm to 5,000 rpm, where the heat pump system operated properly
without overheating or instability of the degree of superheat (DSH) control. Air
flow rate and velocity of IDHX and ODHX are set as 9.0 kg/min and 2.0 m/s
based on the SAE J2765 [106] test condition. A constant DSH was maintained
in each experiment at 5 K and the DSH of the injected refrigerant was set to 5
K to prevent liquid refrigerant inflow. The opening area of the intermediate
EEV controls the mass flow rate of the injected refrigerant to maintain a certain
amount of DSH, whereas the primary EEV controls DSH of the refrigerant
flowing through the compressor suction port. After two chambers were
stabilized to a steady-state, overall heat pump system was initiated and

stabilized.
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Table 2.2 Experimental conditions

Parameter Values

Outdoor air temperature (°C) -20/-15/-10/-5/0

Indoor air temperature (°C) 20 (DB)/15 (WB)
Compressor speed (rpm) 2,000/3,000/4,000/5,000

Mass flow rate of indoor air (kg/min) 9.0
Air velocity of outdoor (m/s) 2.0

Volumetric flow rate of coolant (L/min) 10

The amount of waste heat (kW) 0.0/0.5/1.0/1.5/2.0
DSH (°C) 5
Refrigerant charge (g) 2,000

39



2.2.4. Results and discussion

The results were thoroughly investigated by varying the following key
parameters in the heat pump system: outdoor air temperature, the amount of
waste heat, compressor speed, and recirculation ratio. The heating performance
is presented in terms of heating capacity, power consumption of compressor,
supply air temperature, and coefficient of performance (COP). Thermodynamic
parameters indicating cycle performance are condensing, evaporating, and
intermediate (injected) pressures; total and injected mass flow rate; and coolant
temperature, which transfers waste heat to the refrigerant.

Figure 2.5 and Figure 2.6 shows the heating performance of the non-WHR,
CWHR, and MWHR system under different outdoor air temperature conditions.

Heating capacities at various outdoor air temperatures are presented in
Figure 2.5 (a), which indicates that the heating capacity of the MWHR system
is increased up to 33.1% and 72.5%, compared with CWHR and non-WHR
systems at the coldest condition. This capacity enhancement originates from the
existence of waste heat, which is shown in both the CWHR and MWHR
systems, and the elevated temperature level of the injected refrigerant, which
contributes to the increased capacity of the MWHR system. Considering that
the COP of the PTC heater is 1 at the maximum, less power of the ESS is

consumed in MWHR system even with the increased power consumption of
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the compressor in Figure 2.5 (a), which obtains the heating capacity with a COP
greater than 1. Both the MWHR and CWHR systems infuse additional
refrigerants into the compressor, increasing the total power consumption of
compressor, as well as the heating capacity. Therefore, the COP, which is shown
in Figure 2.5 (a), is determined by the proportional change in the heating
capacity and compressor work. The decreasing trend with ambient temperature
is mainly affected by the Carnot efficiency of the heat pump cycle, which is
represented as the ratio of the condensing temperature to the temperature
difference between condensing and evaporating temperatures. Notably, a cross
point of the COP exists in the MWHR and CWHR systems. This occurs because
of the relative insensitivity of the injected mass flow rate in the MWHR system
compared with the CWHR system, as shown in Figure 2.5 (b). The injected
mass flow rate of the MWHR remained relatively constant, whereas the mass
flow rate decreased with decreasing temperature in the CWHR system. As the
scroll compressor sweeps a constant volume of refrigerant, the pressure
decrease directly affects the mass flow rate of the compressor by decreasing the
suction density in the CWHR system. However, the injected mass flow rate in
the MWHR system is motivated by the pressure difference between the WHR
and compression chamber, such that the pressure decrease in the WHX is

compensated by the simultaneous pressure drop in the compression chamber.
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Therefore, the COP decreases less rapidly in the MWHR system than in the
CWHR and non-WHR systems, which is one of the advantages of MWHR
considering the severe range reduction under harsh conditions. As the outdoor
air temperature decreased, the heating capacity decreased owing to reduced
mass flow rate of the refrigerant in condenser as shown in Figure 2.6 (a). This
phenomenon is one of the most critical factors that affects performance
deterioration of heat pump system in a severely cold condition. This mass flow
rate shortage was supplemented by the injected mass flow rate in both the
CWHR and MWHR systems. In quantitative perspective, a greater amount of
refrigerant was injected in the CWHR than in the MWHR system. However,
the quality of the injected refrigerant was superior in the MWHR system to that
in the CWHR system. The pressure and temperature of the injected refrigerant
in the MWHR system are higher than those in the CWHR system, resulting in
a higher energy level, indicating qualitative the waste heat utilization. The
performance enhancement of the CWHR system originates from the existence
of dual-source [51], where the ODHX and WHX are equivalent to a heat
recovery device at ambient temperature. Therefore, an additional heat transfer
area was obtained through the WHX, resulting in lower temperature difference

between the heat source temperatures.
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In Figure 2.6 (a), the difference between evaporating pressure and injected
pressure existed because of the Coriolis type mass flowmeter. Conventionally,
the flowmeter is installed at the outlet of compressor, which has high pressure.
However, as we already installed a flowmeter at the compressor outlet to
measure the total mass flow rate, it was inevitable to place the flowmeter at the
injection line to measure the flow rate of injected refrigerant. Especially in
CWHR mode, the pressure loss was larger with low operating pressure. The
low-pressure trend in Figure 2.6 (a), indirectly increases the mass flow rate
through the higher density of the suction refrigerant. However, the mass flow
rate of the compressor is separated into ODHX and WHX in the CWHR system
so that an imbalance in the mass flow rate may occur, which will be presented
in the following section. The temperature level of waste heat is presented in
Figure 2.7 (a), ranging from 15 °C to 25 °C in MWHR and -13 °C to -3 °C in
CWHR.

The temperature of the ESS was estimated with battery thermal model in
a previous study [107], finding the thermal state of the battery, where the heat
generated in the battery, corresponding to the amount of waste heat imposed,
was rejected to the coolant with equal inlet and outlet temperatures and mass
flow rates in the experiments. The result shows that the temperature of ESS

resides within an appropriate temperature range of 15 °C to 35 °C [23] in
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MWHR. In contrast, the temperature of ESS is lower than 5 °C in CWHR,
which accompanies power and capacity fade [63].

The air temperature passing through the IDHX presents similar trend in
Figure 2.7 (b) showing higher temperature range in the MWHR system than in
the CWHR and non-WHR systems. Therefore, MWHR reduces the power
consumption of PTC heater, which provides addition heat to the air from IDHX
to reach thermal comfort conditions more rapidly.

The compressor speed is the main control variable for complying with the
heating demand. Figure 2.8 with various compressor speeds suggests a
reference data for the control strategy depending on the circumstance of the
cabin. The compressor speed mainly affects the mass flow rate is, and the
compressor sweeps a finite volume at the corresponding frequency.

Figure 2.8 (a) presents the heating capacity of each system showing an
increasing trend with compressor speed. This trend suggests that non-WHR
cannot provide sufficient heating capacity of 2 kW even with maximum
compressor speed when the ambient temperature is lower than -10 °C, requiring
utilization of PTC. The CWHR cannot satisfy the heating demand of 3 kW at
the maximum compressor speed. Therefore, MWHR is necessary to save the
energy consumed by the PTC heater, which requires as much energy as

insufficient heating capacity. The COP decreased with the compressor speed as
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the difference between the condensing and evaporating temperature enlarged,
as shown in Figure 2.8 (b).

This originated from the lower heat exchanger efficiency due to larger
mass flow rate through a heat exchanger with finite heat transfer area.
However, the COP of the non-WHR decreases at compressor speeds lower than
3,000 rpm, at which the heat exchanger cannot absorb or reject a sufficient
amount of heat with small mass flow rate. The effect of compressor speed on
conventional and vapor injection system was thoroughly investigated by Qin et
al [49]. The heating and cycle performance in the research showed similar trend
with the experimental results in this study. The COPs of CWHR and MWHR
systems show a similar increasing trend with decreasing compressor speed
because the -10 °C condition is near the cross point shown in Figure 2.6 (b).

Figure 2.9 (b) shows the total and injected mass flow rate of the refrigerant.
Total mass flow rate increased with compressor speed as explained above.
However, the injected flow rate exhibits a different trend, and the injected flow
rate decreases in the CWHR until an imbalance between heat absorption in
WHX and evaporator occurs. When mass flow rate of evaporator cannot match
a certain DSH at the evaporator outlet with the smallest opening ratio of EEV,
waste-heat only mode operates, which absorbs heat only from the WHX.

Therefore, the injected mass flow rate of CWHR increased with decreasing
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compressor speed because the mass flow rate of compressor flowed entirely
through the WHX. In the waste-heat only mode, heat from the ambient air
cannot be utilized. However, MWHR does not suffer from the imbalance
problem of WHX and evaporator because vapor injection actively forces a
refrigerant inflow with pressure difference between the compression chamber
and WHX, and does not passively shares a certain portion of the flow as CWHR.
The consistent utilization of ambient air is one of the advantages of the MWHR
system. The pressures in Figure 2.9 (a) show a general trend, except for the
intermediate pressure of the MWHR system, which decreases with increasing
compressor speed. This phenomenon is closely related to the injection principle
of scroll compressors. The injection hole is located at a certain position on fixed
scroll. It opens, and the refrigerant is injected when the orbiting scroll passes
through the injection hole. Therefore, the volume of compression chamber,
where the injection was initiated, was determined by the position of injection
hole. Therefore, the volumetric ratio of the swept volume to the volume of
compressor chamber when injection begins is constant over the various
compressor speed region. Therefore, the injected pressure follows the
evaporating pressure, which decreases with increasing compressor speed
because of the higher heat requirement to match the target DSH with a higher

mass flow rate, rather than the condensing pressure. However, the injected
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pressure of the CWHR remains relatively constant with a larger heat transfer
area, and the pressure of the WHX follows the evaporating pressure of the
ODHX owing to parallel pipe connection. The temperature level of the waste
heat and ESS in Figure 2.9 (a) indicates that the thermal requirement of battery
is satisfied only in the MWHR system. As the heating capacity increases, the
air temperature provided in Figure 2.9 (b) shows an increasing trend with
compressor speed.

The amount of waste heat significantly affected the overall system
performance. The mass flow rate imbalance problem is clearly shown in Figure
2.10 and Figure 2.11, where the solid or dashed lines for CWHR are
disconnected when the heat recovery mode switches from the dual-source mode
to waste heat only mode. This problem was also reported in the waste heat
recovery study by Ahn et al. [51] and the waste heat from the ambient air source
was not utilized when the imbalance between the two heat sources became
severe. The mode switch depends mainly on the amount of waste heat. The
entire flow motivated by the compressor flows through the WHX owing to the
lack of sufficient mass flow rate in the evaporator to obtain the DSH. This
entails the incapability of utilizing heat from ambient air source, which
downturns the heating performance indicators including heating capacity and

COP as presented in Figure 2.10 (a) and (b) with increasing amounts of waste
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heat. The total mass flow rate declines with more waste heat (1.5 kW) due to
its incapability, equal to the total mass flow rate and injected mass flow rate in
Figure 2.11 (a). The mass flow rate and other performance indicators increased
with increasing waste heat. The problem in the CHWR system does not occur
in the MWHR system as shown in Figure 2.11. The MWHR system utilizes
ambient air source with any amount of waste heat, and the performance
enhancement by increasing waste heat is monotonic and consistent. The
maximum heating capacity and COP reach 3.9 kW and 1.98, which are 45.6%
and 2.3% greater than those of the CWHR system with the maximum amount
of waste heat, which demonstrates that the MWHR system recovers the waste
heat more efficiently than the CWHR system. However, a problem occurs with
thermal management of the ESS, shown in Figure 2.12 (a). The temperature
range of the battery in MWHR exceeds its recommended temperature range
from 15 °C to 35 °C, reaching up to 44 °C with the maximum amount of waste
heat. In this region, CWHR is recommended to operate as an ESS thermal
management mode, in which battery temperature is 19 °C. However, except for
the excessive heat generation cases, the MWHR system is superior to the
CWHR both in terms of performance as a heat pump as shown in Figure 2.12

(a) and thermal management system presented in Figure 2.12 (b).
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2.3. Waste heat recovery at high temperature level

2.3.1. System description

Conventional heat pump and thermal management system (CHPTMS)
consists of the refrigerant-based heat pump system and separate coolant-based
TMS, as shown in Figure 2.13 (a). The heat pump system in CHPTMS has one
electric compressor (EC) and three electric expansion valves (EEVs), which
respectively control the throttling area to maintain a certain degree of superheat
(DSH) of each heat exchanger. Three heat exchangers consist of two indoor
heat exchangers (IDHXs) and one outdoor heat exchanger, which absorb or
release heat from or to the air according to operating mode. The air-mix door f

positive temperature coefficient heater (PTCH) or not, depending on the
desired thermal state of air provided in the cabin. The refrigerant flow bypasses
three EEVs unless the following heat exchanger operates as an evaporator.
Conventional TMS has a simple structure, radiating the heat generated from
PEEM and ESS through the radiator. When the radiator alone cannot satisfy the
thermal requirement of ESS, the ESS cooling loop separates with the PEEM
cooling loop and the battery chiller takes the cooling demand of ESS. The

floating loop heat pump system and thermal management system (FLTMS) are
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presented in Figure 2.13 (b). FLTMS similarly works with the CHPTMS except
for the PEEM thermal management loop. A refrigerant pump (RP) draws the
liquid refrigerant from the refrigerant reservoir (RSV), which utilizes an
existing receiver dryer, to circulate in the floating loop. Based on the geometry
and thermodynamic property of the refrigerant, the supplementary refrigerant
charge on the cooling jacket is about 50 g, which can be considered as the small
amount if a liquid line to the RP is short enough. The liquid refrigerant
evaporates when absorbing generated heat from PEEM and is injected into the
indoor condenser (IDHX 1) inlet. The operating temperature range of the
floating loop and LTR loop in summer is similar because both ODHX and LTR
have an equal heat sink, the ambient air, to reject heat from the working fluid.
The floating loop outperforms the LTR loop in cooling performance due to the
higher heat transfer coefficient of two-phase refrigerant, reducing the required
mass flowrate of the working fluid and saving pump work. In addition, the
floating loop benefits more in winter when the waste heat from PEEM is
absorbed by the refrigerant and provides supplementary heat to the cabin
through the IDHX 1. Therefore, the floating loop is advantageous in overall
outdoor conditions, especially in winter with additional waste heat recovery and
in parallel with summer, maintaining the electric devices within allowable

temperature range with less power.
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In Figure 2.14, system configuration and fluid flows of CHPTMS and
FLTMS are presented in two operating modes; cooling mode and heating mode.
In cooling mode configuration shown in Figure 2.14 (a), high-temperature
refrigerant from compressor rejects heat through the ODHX and sub-cooled
liquid refrigerant expands through two expansion valves, EEV 1 and EEV 3.
The stream passes through IDHX 2 absorbing heat from ambient air and part of
the stream is routed to the battery chiller, which separately operates with PEEM
TMS loop when the ESS cannot maintain adequate temperature range with LTR.

Each stream merges in front of the compressor and completes the circuit.
Two expansion valves control the DSH of each refrigerant from battery chiller
and IDHX 2. IDHX does not convey any heat in summer when the air-mix door
is closed. As shown in Figure 2.14 (b), heating mode opens the air-mix door to
utilize IDHX 1 as an indoor condenser. The high-temperature refrigerant from
compressor provides heat to ambient air and insufficient heating demands are
fulfilled with PTCH. The sub-cooled refrigerant expanding through the EEV 2
and absorbs heat from outdoor air through ODHX, which works as an
evaporator in contrast with the ODHX in summer and superheated vapor enters
the compressor, completing the circuit. In winter, LTR loop is capable of
dissipating the generated heat without chiller due to the high temperature

difference between low ambient air and the operating temperature range of each
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electric device. In moderate condition, the coolant pump controls the flowrate
to balance the self-heating of electric devices and heat dissipation through LTR.
When the ESS temperature increases higher than the upper limit, the LTR loop
separates and the battery chiller cools down the ESS, while LTR only manages
the heat from PEEM.

Figure 2.14 (c) and (d) show the system configuration and fluid streams
of FLTMS in summer and winter. The most distinctive characteristic of this
system is the floating loop, where the refrigerant pump circulates the liquid
refrigerant from condenser outlet and injects vaporized refrigerant into the
condenser inlet, increasing the mass flowrate of refrigerant in condenser. As the
operating mode of FLTMS changes, the heat exchanger working as a condenser
relocates from IDHX 1 in winter to ODHX in summer. In both modes,
refrigerant from condenser enters RSV and RP draws liquid refrigerant from
RSV. Cooling mode operation in Figure 2.14 (¢) requires three heat rejection
processes maintaining appropriate thermal state of cabin, ESS and PEEM.
Refrigerant flow from ODHX splits into 3 streams passing through each
thermal management object. Temperature ranges for ESS of 15-35°C and for
cabin around 25°Care lower than the temperature limit of PEEM, which is
around 150°C. Therefore, the former two objects require low-temperature heat

sink, the refrigerant expanded through EEV 1 and 3, whereas the latter
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maintains under temperature limit with relatively high-temperature heat sink,
the compressed liquid refrigerant from the ODHX. Absorbed heat from the
objects is dissipated through ODHX. In heating mode shown in Figure 2.14 (d),
IDHX 1 provides heat absorbed from PEEM and ambient air through floating
loop and ODHX and insufficient heating load is supplemented using auxiliary
PTCH. Temperature of ESS is managed with self-heating effect and heat
rejection through cool enough ambient air in winter.

Complete refrigerant loop heat pump and thermal management system
(CRLTMS)in Figure 2.15 (a) is configured as an extended concept of FLTMS,
eliminating LTR replaced with enlarged ODHX. LTR is essential to the
conventional EVIMS. However, considering the function of LTR in heat-
dissipating, ODHX can replace the LTR if the thermal load on LTR is affordable
to the ODHX.

In Figure 2.15 (b), the system operates similarly with FLTMS except that
the battery chiller manages the temperature of ESS in winter instead of LTR.
Figure 2.15 (c) shows operation mode in moderate condition, RP and ODHX in
CRLTMS replace coolant pump and LTR in CHPTMS so that liquid refrigerant
in RSV sequentially flows the PEEM, battery chiller absorbing generated heat

from the electric devices and ODHX rejecting heat to the ambient air. .
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2.3.2. Model description

Five System models including CHPTMS, FLTMS and CRLTMS
thermally consolidate heat pump model, electric device model and cabin
thermal load model; heat pump system manages the thermal state of electric
devices while affording the thermal load in cabin. Each model consists of
several components. Component models are established based on theoretical
and practical approach and validated with experimental data on each
component.

Heat pump component model using R134a as a refrigerant are modeled
and validated; of which the compressor model and the air-to-refrigerant model
on former research [108] are integrated into the heat pump system model.
Expansion process is assumed as isenthalpic process and expansion valves are
assumed to properly control the opening area matching certain DSH of
refrigerant. Thermodynamic properties of R134a are calculated from
REFPROP [109].

Scroll compressor model estimates outlet enthalpy, mass flowrate of
refrigerant, and electric power consumption. Enthalpy of discharged refrigerant
is calculated from the thermodynamic state, suction pressure, and temperature
of refrigerant. The compression process is assumed as a polytropic process [110]

with a certain polytropic coefficient as presented in Eq. (2.6) where P and V
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denote pressure and volume of refrigerant and subscript s and d represents
suction and discharge state. m,q;y , polytropic coefficient, acquired from
experimental data. Considering the actual compression process, clearance
volume exists so that a volumetric efficiency should be calculated to estimate
mass flowrate of refrigerant. As presented in Eq. (2.7), volumetric efficiency
71y is thermodynamically derived with constant clearance volume ratio C,
which is attained experimentally. Then, Eq. Eq. (2.8) calculates the actual mass
flowrate m by multiplying volumetric efficiency and ideal mass flowrate of a
compressor, which is calculated with a swept volume Vg,ep, of refrigerant,
suction density ps, and rotational speed w. The electric power consumption
W of a compressor is calculated through mechanical efficiency 7,,, where the
ideal work of compressor is the product of mass flowrate and enthalpy
difference between suction and discharge state denoted as hy; — hg as
presented in Eq. (2.9). The estimated value of outlet temperature, mass flowrate,
and electric power consumption in various experimental conditions are within

reasonable error with experimental data as shown in Figure 2.16.

B, (Vy\"Poly
5 <_) Eq. (2.6)
Pg  \V
1
d k
1, ={1-C (?) —1[ Eq. 2.7)
S
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m = ps* @ Vsyept " My Eq. (2.8)
W = m(hg = hs)/Mm Eq. (2.9)

Louvered-fin tube heat exchanger is widely used in conventional vehicle
as an LTR due to high heat transfer rate in relatively small volume. Heat transfer
between air and coolant is analyzed into three processes; convection between
air and outer surface of LTR, conduction of LTR aluminum plate and
convection between inner surface and coolant. First, convective heat transfer
coefficient of air in louvered-fin heat exchanger is derived from Colbrunn j-
factor correlation in Eq. (2.11) suggested by Chang and Wang [111]. Colbrunn
j-factor is defined as presented in Eq. (2.10) with convective heat transfer rate
h¢, mass flux G, specific heat capacity ¢, and Prandtl number Pr. Eq. (2.11)
correlates Colbrunn j-factor with Reynolds number Re and fin geometry
including louver angle 6, fin pitch F,, louver pitch L, fin length F;, tube
depth Ty, louver length L;, tube pitch T, and thickness of fin &r. Heat
transfer area, which is another dominant factor in heat transfer along with heat
transfer coefficient, is calculated based on fin efficiency [112] in Eq. (2.12). Fin
efficiency ny is defined as the ratio of actual heat transfer to maximum heat
transfer, assuming the fin temperature is equal to the base temperature. Fin
efficiency is derived as a function of fin length Ly and m that is defined as
presented in Eq. (2.13). Conduction in aluminum plate is simply calculated
from the thickness of plate and thermal conductivity of aluminum. Cool ant is
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a water/ethylene glycol (WEG) mixture with volumetric ratio of 0.5 to prevent
freezing in cold condition. Heat transfer coefficient of coolant uses correlation
in Eq. (2.14) presented by Kim et al [113], where reference Nusselt number
Nu,.; in microtube is a function of tube aspect ratio y as presented in Eq.
(2.15). Eq. (2.16) - Eq. (2.18) defines fundamental dimensionless numbers.
Then, overall heat transfer coefficient is obtained by integrating three heat
transfer coefficients above into thermal resistance circuit. Finite difference
method (FDM) is employed to consider the temperature gradient of coolant
flowing through LTR. LTR tube is discretized into several elements and each
element calculates heat transfer rate and temperature of coolant leaving the
element. This process repeats until calculation of all the elements is completed

with total heat transfer rate and LTR outlet temperature of coolant.

”'t
- p2/3 Eq. (2.10
]_GC ! Q( 1)

_ _ Eq. (2.11)

L 0.68 T, 0.28 0.05

Ly Ly Ly,
tanh(mLf)
Ny = mL; Eq. (2.12)
2h;

- |2t Eq. (2.13
m ey q.(2.13)
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D
Nu = Nuyeg +0.0499RePr — Eq. (2.14)

Nuor = 7.541(1 — 1.969y + 5.664y2 — 12.866y° + 19.349y*

Eq. (2.15)
—16.197y° + 5.510y9)
pVD
Re = — Eq. (2.16)
u
hL
Nu = — Eq. (2.17)
k
C
Pr = “7” Eq. (2.18)

Three air-to-refrigerant heat exchangers, outdoor heat exchanger, indoor
condenser, and indoor evaporator, are similarly modeled as louvered-fin tube
heat exchangers in section 3.1.2. These models have an equal calculation
process with LTR except for the working fluid, R134a, heat transfer coefficient.
Yan’s correlation [114] in Eq. (2.19) is applied to obtain the heat transfer
coefficient of single-phase refrigerant. For condensing refrigerant, Nusselt
number is correlated with equivalent Reynolds number Re,, and liquid
Prandtl number Pr; as presented by Yan [115] in Eq. (2.20). Equivalent
Reynolds number is defined based on the equivalent mass flux G4 in Eq.
(2.22), where Dj, is a hydraulic diameter of tube and x is a quality of

refrigerant and subscript [ and g represent liquid and gas state.

Nu = 0.2121Re®78pr1/3 Eq. (2.19)
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Nu = 4.118Red¢ - Pr,/? Eq. (2.20)

0.5
Geg = G[(1— x) +x (ﬂ> 1 Eq. (2.21)
g
GouD
Reeq = "’Z L Eq. (2.22)
l

As a heat transfer coefficient of the evaporating refrigerant, Yan et al. [114]
presented Nusselt number correlation in Eq. (2.23) with equivalent Reynolds
number, liquid Prandtl number, and equivalent boiling number, which is
defined in Eq. (2.24) with heat flux q"’. In Eq. (2.26), total heat transfer can be
divided into the convection heat transfer from the temperature difference
between air and evaporator surface, which are denoted as T, and T; and
latent heat Ai of condensed water moisture, the amount of which is a product
of mass transfer coefficient h,, and the absolute humidity w difference of air
and surface. The mass transfer coefficient is derived from Lewis relation [112]
in Eq. (2.26), assuming that Lewis number Le is approximately 1 for air. The
surface temperature satisfying energy equation is numerically found with
bisectional method with upper boundary of air temperature and lower boundary
of refrigerant temperature. Results present the heat transfer rate and outlet
humidity, of condenser and evaporator in various experimental conditions with

reasonable estimation
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Nu = 1.926Rel? Bo%3 Pr;/? Eq. (2.23)

124

q
Bo,y = —— Eq. (2.24
U Geqlhg — hy) q- (2.24)
qg)t = he(Ty — Ts) + hyp (W — wg)Ai Eq. (2.25)
he
=—7 Eq. (2.26)

™ c,Le?/3
Plate heat exchanger which conveys heat from coolant to refrigerant is
utilized as a battery chiller. Heat transfer coefficient of evaporating refrigerant
is equally used as presented above and heat transfer coefficient of coolant is
calculated through the Nusselt number correlation in rectangular channels

suggested by Hartnett and Kostic [116] as presented in Eq. (2.27).

Nucyo; = 8.235(1 — 2.0421y + 3.085y% — 2.477y3 Eq.
+ 1.058y* — 0.186Y°) (2.27)

Figure 2.17 shows the thermal schematic of main electric components in
PEEM and ESS; motor and battery. The two main purposes of TMS are to
remove generated heat from these electric devices and maintain their thermal
state within appropriate operating range. Therefore, heat generation model and
thermal resistance model of ESS and PEEM are required to assess and compare
the aforementioned systems. The thermal properties of materials in TMS are

presented in Table 2.3, which were given by Chung et al [98].
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PEEM drives the vehicle through electrical energy stored in ESS. Heat
generation from PEEM is evaluated as a remainder of electric power input
subtracting actual motor power output, which is commonly presented as a
motor efficiency map. The motor efficiency depends on the rotating speed and
torque of motor and the efficiency map is obtained from performance test. Kim
verified the cooling performance enhancement of evaporative refrigerant in
curved channel and established a lumped parameter thermal model, which
consists of rotor, airgap, coil, stator and coolant as shown in Figure 2.17 (a).
Rotor, stator and coil generate heat, which is dissipated through air and
surrounding coolant jacket. Energy equation in cylindrical coordinate [112] is
applied to properly estimate the temperature distribution of each components
in motor with FDM. Kim [89] presented the heat transfer correlation of typical
coolant and refrigerant including R134a and R245fa in curved channel with
experiments. Heat transfer coefficient of coolant is calculated from the
correlation in Eq. (2.29) suggested by Rogers et al. [117], where d¢, is
hydraulic diameter of channel and D, is diameter of cooling jacket. In case
of R134a, two correlations [118, 119] in Eq. (2.29) and Eq. (2.30) are used to
obtain boiling heat transfer coefficient based on the vapor quality. When vapor
quality is lower than 0.4, Chen’s correlation in Eq. (2.29) is applied, where Nu,

is single-phase heat transfer coefficient in Eq. (2.28) and Lockhart-Martinelli
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parameter X;; is defined in Eq. (2.30). When vapor quality is larger than 0.4,
the correlation in Eq. (2.31) with mixture Reynolds number Re,,, convective
boiling number N.p and mixture Dean number Dn,, is defined in Eq. (2.32)
— Eq. (2.34), respectively. Figure 2.18 (b) presents estimation results of coil
temperature, which is target of PEEM TMS, in different vehicle driving

condition, showing reasonable temperature error within 10%.

d 0.1
Nu = 0.0023Re8pr04 (L”) Eq. (2.28)
Dch
Nu 1 0.27
No = 2.84 (X—) + (46162Bo*'5 — 0.88)
R tt Eq. (2.29)
where 0 < x < 0.4
1= x\%? 0.5 0.1
Xy = ( ) (p—g) (”—9) Eq. (2.30)
x P Hy
0.09
_ 0.6p,.1/6 (Pg 02 (kg 0.1\ —0.414
Nu = 8.76Rey;, Pr, p_ T Dnp,"Ncg Eq. (2.31)
l l
Gd
Rep = —[1 + x(ﬂ - 1)] Eq. (2.32)
H Pg
oo
Pr_ Pg)3
[1+x (pg 1)] (pl) Eq. (2.33)
Neg = Bo
do\1/2
Dn,, = Rey, (L”> Eq. (2.34)
Dch

As presented in Figure 2.17 (b), ESS has a structure of battery cell
surrounded by insulation case and metal fin, which conveys generated heat

from cell to coolant through thermal pad. Thermal model suggested by Chung
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et al. [98] is applied. Energy equation in Cartesian coordinate [112] is applied
considering rectangular shape of battery cell and cooling plate with FDM. Two
types of heat generation from lithium-ion battery exist; irreversible heat
generation from the internal resistance of battery cell and reversible heat
generation from the entropy change in chemical reaction process, as presented
in Eq. (2.35). Irreversible heat is derived from the relation that operating voltage
V}, decreases from open-circuit voltage E by the product of internal resistance
R and operating current I based on the electric circuit of battery. Reversible
heat is calculated from entropy change As presetnd by Viswanathan et al. [120]
and the current-mol relation with Faraday constant F and mole number in
reaction n. The heat transfer coefficient of coolant is calculated with
correlation in Eq. (2.15). Battery thermal model is validated with experimental
data in various driving conditions, presenting temperature error within

reasonable range as shown in Figure 2.18 (a).

dE I
Qtor = Qirr + Qe = I(E — V) + IEd—T =I°R - TAsn—F Eq. (2.35)

Aforementioned models are combined into an integrated heat pump and
thermal managements system according to the operating mode of each
configuration as presented in Figure 2.19. Cabin model proposed by Zhang et
al. [46] estimates thermal load of cabin with given solar radiation, outdoor

condition, and passenger information. Bisection method is mainly employed to
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find a steady-state solution satisfying certain target conditions. For heat pump
model, cabin model determines heating or cooling demand of cabin to maintain
thermal comfort condition in cabin. First iteration loop begins with DSH 5 K
condition of refrigerant entering compressor and matches the DSH of
refrigerant from evaporator by adjusting low pressure with bisectional method.
Second iteration loop adjusts high pressure of the heat pump cycle to match the
target the degree of subcool (DSC) of refrigerant sub-cooled through condenser.
Target DSC is 5 K, which is an indicator that the refrigerant is properly charged
without unstable expansion from two-phase refrigerant. Third iteration loop
finds rotational speed of compressor satisfying the heating or cooling demand
calculated with thermal load model. Then, thermal state of TMS is determined
from heat pump calculation results. From dynamic electric device models
established, steady-state solution is found through Gauss-Seidel method [121],
which ensures fast and stable convergence with diagonally dominant condition.
Coolant temperature of LTR loop is determined with point-Jacobi method [121]

satisfying energy balance of dissipated heat through LTR and generated
heat from electric devices by updating the assumed coolant inlet temperature as
calculated returning coolant temperature. The volume flowrate of coolant is set
as 10 LPM. Floating loop has constant mass flowrate of 10 g/s. Mass flowrate

of refrigerant through battery chiller is controlled to match target battery
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temperature of 20°C in winter and 30°C in summer. System modeling

conditions are summarized in Table 2.4.
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Figure 2.16 Compressor model validation in (a) power consumption, (b)
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(a)

(b)
Figure 2.17 Thermal schematic of (a) motor and (b) battery
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Table 2.3 Thermal properties of materials in TMS

Material p (kg/m?) ¢p U/kgK) k (W/mK)
Aluminum 2700 903 170
Copper (coil) 8960 388 400
Iron (stator and rotor) 7860 449 80
Battery cell 1780 1000 30
Insulation case 2300 1430 1.5

Thermal pad 3100 930 5.0
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Table 2.4 System modeling conditions

Condition

Value

Ambient air temperature (°C)

DSH and DSC (K)

Rotational speed of compressor (rpm)
Battery temperature (°C)

Mass flowrate in floating loop (g/s)
Solar intensity (W/m?)

Volumetric flowrate of coolant (LPM)
Number of passengers (person)
Body height of passenger (m)

Body weight of passenger (kg)

-20 ~ 15 (winter)
35 ~ 45 (summer)

5

0~9450

20 (winter)

30 (summer)
10

0 (winter)

800 (summer)

10

1.7

60
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2.3.3. Results and discussion

Figure 2.20 (a) presents the total power consumption including
compressor power and PTC heater, which only operates when the heating
demand is not satisfied by the heat pump system. Compared with CHPTMS,
FLTMS and

CRLTMS save the net power consumption in various climate conditions
due to the waste heat recovery in floating loop. Power savings increase up to
23.2% with the smallest volumetric ratio of LTR (a) of 0.2 and 27.7% in
CRLTMS, which absorbs heat from the ambient air with larger heat transfer
area of ODHX. FLTMS and CRTMS require less mass flowrate of compressor
than CHPTMS as shown in Figure 2.20 (b) due to the supplementary refrigerant
injection in floating loop. Compressor speed is controlled to match the target
heating demand of cabin until the compressor reaches its mechanical speed
limit of 9,450 rpm. The convex trend of mass flowrate occurs with two
principles; lower ambient temperature entails higher ambient load and heating
demand of cabin, which requires more mass flowrate of refrigerant, and when
the compressor reaches speed limit, mass flowrate decreases with the low
suction density of refrigerant which absorbs heat from ambient air with low
temperature at low presszure. Mass flowrate is in similar range with moderate

outdoor condition where the size of ODHX does not affect the total heat transfer
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rate. However, as the ambient temperature becomes lower, the difference of
heat absorbed from low ambient air in FLTMS becomes larger and FLTMS with
smaller a provides heat to cabin at higher temperature and pressure as
presented in Figure 2.21 (a). Higher temperature and pressure of air provided
in cabin entail less power consumption of PTC heat and total power
consumption.

Figure 2.21 (b) shows the motor coil temperature of each TMS presenting
that the motor coil is managed under the temperature limit of 120°C. CHPTMS
utilizes cold outdoor air with LTR to cool down motor in winter so that the
temperature of motor coil lowers with cold ambient condition. The motor coil
temperature also represents the thermal level of recovered waste heat in FLTMS
and CRLTMS. Therefore, higher thermal level of waste heat recovery saves
more power consumption of the compressor, which operates to obtain certain
thermal condition of refrigerant through compression process to provide heat.

Figure 2.22 (a) presents the exergy transfer rate from PEEM, which is

defined with the product of heat transfer from PEEM and Carnot fraction, as

shown in the equation: ¢ = Q - (1 — Toutdoor

). Carnot fraction is determined
TpEEM

by the heat source temperature Tpgppy and the outdoor temperature
Toutdoor and represents the ratio of maximum useful work from the heat source
to the environment. In FLTMS and CRLTMS, PEEM maintains a higher
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thermal level than CHPTMS so that the thermal values of heat generated from
the PEEM increase, which shows the superiority of floating loop thermal
management of FLTMS and CRLTMS in winter. The temperature of PEEM
follows the trend of refrigerant pressure in the floating loop presented in Figure
2.22 (a). As the ambient temperature decreases, the exergy transfer rate of
FLTMS increases due to the lower heat sink temperature, which also presents
that the higher thermal level of PEEM is more valuable in severely cold
conditions.

Considering the downsized volume of LTR, FLTMS would fail to
maintain ESS within a proper thermal state. However, Figure 2.22 (b) shows
that FLTMS with smaller LTR can manage heat generation from ESS
maintaining the battery temperature under the upper limit of 35°C because the
inlet air temperature of LTR becomes lower with larger ODHX absorbing heat
from ambient air. Considering that the resultant temperatures of the battery in
Figure 2.22 (b) are calculated assuming constant volumetric flowrate of coolant,
thermal management of ESS can be achieved by balancing the self-heating
effect of ESS and mass flowrate with proper control of coolant flowrate.

The floating loop is advantageous in the perspective of waste heat
recovery in cold conditions. However, the heat generation from PEEM in

summer burdens an extra cooling load to the ODHX so that additional heat

85



transfer area is required through reallocation of LTR and ODHX. In summer,
an auxiliary cooling device does not exist which can operate when the cooling
demand is not satisfied such as a PTC heater in winter. Therefore, the target
temperature of air provided in the cabin cannot be reached in harsh conditions.

Figure 2.23 (b) shows the outlet temperature of air provided in the cabin,
which should decrease considering the ambient load increase in higher outdoor
temperature conditions. However, the provided air temperature shows an
increasing trend at high ambient air temperature after the compressor speed
reaches its upper limit. Only when a sufficient heat exchange area of OHDX is
obtained (a is smaller than 0.2), the cooling performance of FLTMS and
CRLTMS is comparable with that of CHPTMS. Otherwise, the provided air
temperature trends in Figure 2.23 (b) show total failure in cooling especially
when «a is 0.6 and 0.8, which present completely different trend with other
cases. Figure 2.23 (a) presents the power consumption of the compressor that
decreases with smaller a because larger OHDX can dissipate more heat to the
ambient air. FLTMS does not operate LTR in summer when the battery chiller
and floating loop manage the temperature of ESS and PEEM, which means
larger ODHX is advantageous in any perspective. However, additional heat
rejection requirement deteriorates the cooling performance of FLTMS

compared with CHPTMS as presented in Figure 2.23 (a) showing that the
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compressor consumes more power with insufficient ODHX size. Power
consumption of compressor is saved up to 3.8% in CRLTMS and 2.4% in
FLTMS with a of 0.2 compared with CHPTMS, in which resultant power
savings are much less than that in winter. Figure 2.24 (c) presents the heat
exchanger

Tairy, ~Tairgy:

efficiency of the evaporator, which is calculated as nyy = TatrTroror
in sat

the ratio of actual heat transfer to maximum heat transfer. The result shows that
the heat exchanger efficiency sharply decreases in FLTMS with large a due to
a small heat exchange area with large temperature difference and cooling
demand. FLTMS with a of 0.2 and CRLTMS show slightly better heat
exchanger efficiency than CHPTMS with a large enough heat exchanger area.
Even though the floating loop utilizes liquid refrigerant at high
temperatures to cool down the PEEM, the temperatures of the motor coil are
managed under the temperature limit of 120°C as shown in Figure 2.24 (d)
when « is small enough to radiate the heat generation from PEEM through the
ODHX. CRLTMS and FLTMS with a of 0.4 and 0.2 show better cooling
performance than CHPTMS even with a less mass flowrate of working fluid
and pump work, which originates from the higher heat transfer coefficient of

two-phase refrigerant.
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Refrigerant flow from the compressor is separated into two passes:
evaporator and battery chiller as shown in Figure 2.25 (a). As the battery chiller
requires more mass flowrate of refrigerant to manage the battery temperature
in high ambient air temperature conditions, cooling capacity decreases because
less refrigerant passes through the evaporator. Therefore, the total mass
flowrate of the compressor should increase to match the ambient load at high

temperatures until the speed of the compressor reaches its limit. While
compressor speed is set as its maximum, the mass flowrate of the refrigerant is
affected by the pressure ratio of the compressor. As shown in Figure 2.25 (b),
the pressure of the evaporator stays within a narrow range due to relatively
constant heat source temperature; whereas, the pressure of the condenser
increase with a higher ambient temperature, which is a heat sink of the heat
pump system. However, the dependency of condensing pressure on the ambient
temperatures shows different trends in CHPTMS and floating loop systems.
Because the floating loop supplies more refrigerant in the condenser, the
condensing pressure increases rather insensitively, while the condensing
pressure of CHPTMS is directly and solely affected by the ambient temperature.
Those pressure trends produce the convex shape of total mass flowrate in

CHPTMS and a mildly increasing shape in FLTMS and CRLTMS.
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To summarize the result above, the floating loop compactly recovers heat
from the PEEM, which is advantageous in the perspective of waste heat
recovery in winter and disadvantageous in the perspective of additional cooling
load of the heat pump in summer. Therefore, the performance improvement is
more prominent in winter where the waste heat can be directly provided in the
cabin. The floating loop system is also superior to the conventional system even
in summer by allocating more heat exchange areas on ODHX. However, the
improvement is relatively small because waste heat itself is a thermal burden in
summer.

The system with the largest refrigerant heat exchanger is the best FLTMS
mainly considering the power reduction especially in severe condition as shown
in Figure 2.20 (a) and Figure 2.23 (a). FLTMS in the selected system also
satisfies each thermal requirement of ESS and PEEM. Figure 2.6 (b) and Figure
2.24 (d) show that the system properly operates maintaining the electric devices
within a proper temperate range. However, consideration of manufacturing cost
is required to evaluate the floating loop idea. Even though the total heat
exchanger size is confined and the LTR and OHDX have equal fin-type and
material, an additional refrigerant pump with similar operating condition and
specification weighs about 7.7kg, which is much heavier and has a larger

volume than the coolant pump (about 1kg).
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2.4. Summary

In this chapter, the performance of a MWHR system utilizing the vapor
injection technique was investigated under various operating conditions,
including outdoor air temperature, amount of waste heat, and the compressor
speed. The experimental results show that the heating capacity of the MWHR
system outperforms that of the CWHR system with various system operating
conditions. The MWHR system transfers the waste heat from the electric device
to the heat pump system at an intermediate temperature, which is a higher
energy level than CWHR system. Therefore, the heating capacity increased up
to 72.5% when the heat pump operated in the coldest condition of -20 °C. Even
though the coefficient of performance of two waste heat recovery systems was
within a similar range, MWHR system outperformed conventional waste heat
recovery system at the ambient temperature of -10 °C. This performance
enhancement became more prominent especially when the CHWR system was
incapable of utilizing an air source because of insufficient mass flow rate
through the evaporator. This incapability occurs when the total mass flow rate
decreases with a lower compressor speed or when the waste heat recovery
system requires a large portion of total mass flow rate to dissipate large amount
of waste heat; this problem does not arise in a MWHR system owing to the

vapor injection technique. In addition, MWHR system managed the
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temperature level of ESS within a proper range from 15 °C to 35 °C except for
unusual cases with heat generation exceeding 2 kW.

Heat pump and thermal management system employing floating loop
concept is suggested; a system including floating loop and coolant loop
(FLTMS) and refrigerant-only loop (CRLTMS). Conventional heat pump and
thermal management system (CHPTMS) is compared with the proposed
systems with experimentally validated model integrating the component
characteristics in heat pump system and thermal management system.
Considering changes in thermal load distribution with floating loop, the
volumetric ratio o of the refrigerant heat exchanger (outdoor heat exchanger)
and coolant heat exchanger (low temperature radiator) is reallocated with finite
heat exchanger volume. The following conclusions were obtained.

(1) In winter, the refrigerant passing through the floating loop absorbs heat
generated from PEEM, which saves the power consumed in compressor and
PTC heater in various climate conditions. Results verified power savings up to
23.2% in FLTMS when a is 0.2 and 27.7% in CRLTMS. The size of refrigerant
heat exchanger affects the heat exchanger efficiency and heating capacity of
heat pump system especially in severely cold condition.

(2) In summer, the floating loop provides extra cooling demand of the heat

pump system. However, by reallocating heat exchangers with finite heat
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exchanger volume, the power consumptions of compressor are saved up to 3.8%
in FLTMS when a is 0.2 and 2.4% in CRLTMS. Although the performance
enhancement is not prominent as that in winter, the FLTMS and CRLTMS
shows positive effect compared with CHPTMS.

(3) The larger volumetric ratio of outdoor heat exchanger monotonically
increases the performance of heat pump system, presenting CRLTMS as the
best system configuration. However, the results can provide guidelines for
weighing the relative advantages of FLTMS considering the cost of entire
revision of conventional heating, ventilation and air conditioning (HVAC)

system in vehicle necessary to employ CRLTMS.
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Chapter 3. Multi-level thermal management

system®

3.1. Introduction

Considering the absence of an abundant waste heat from the case of
internal combustion engine, EV requires delicate utilization of waste heat from
electric devices. Many researchers suggested novel TMS structures [11-14],
integrating thermal management system (TMS) with heat pump system.
Leighton et al. [23] suggested combined fluid loop system, using secondary
fluid system to modularize the heat pump and strengthen the thermal
connectivity. Other studies [16—19] were conducted on the effect of waste heat
recovery on the heat pump system, but the waste heat was recovered at only
two temperature levels: condensing temperature and evaporating temperature.
The difference between the two temperature levels widens in cold condition so
that the waste heat recovery at either high [59] or low temperature [21-23]
became less efficient. Lee at al. [61] subdivided the temperature into three
levels with vapor injection technique and experimentally demonstrated that the

heating capacity increases up to 72% when the waste heat is recovered at the

3 The contents of chapter 3 were published as in Applied Energy [144] on 2023
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intermediate temperature level. However, those studies focused on the
performance of WHRS at one representative temperature level, even though the
optimal temperature level changes depending on the ambient temperature and
driving profile.

This study investigated the performance of different WHRSs, utilizing
three temperature levels, one of which is achieved by a vapor injection
technique. To estimate the performance of WHRSs, heat pump experiments
were conducted, including waste heat recovery with an electric heater to
simulate the waste heat from an electric motor. A transient heat pump model
and electric motor model were established based on the experimental data to
analyze the performance of each WHRS with actual driving conditions. The
established ITMS model investigated the performance of each WHRS and
suggested the optimal WHRS under a given driving condition. We expect that
the optimal WHRS, suggested by the ITMS model, contributes to the driving

range extension when implemented on EV computational system.
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3.2. Model description

3.2.1. Scroll compressor modeling

Conventionally, the injection process was assumed as that the injection
occurs between two pressures, injection pressure and one main pressure in
compression chamber [49], like two-stage compression. The two-stage
approximation assumed that the averaged flow rate of injected refrigerant can
be derived by finding main pressure, which corresponds to the averaged
pressure in the compression chamber. However, the injection process is a
consecutive process where the pressure of injected chamber continuously
increases, as shown in Figure 3.1. The pressure of compression chamber rises
by both compression and injection, which consequently affects the injected
mass flow rate. Therefore, the main pressure should be determined by various
parameters, which are not constrained by flash tank or internal heat exchanger
in MWHR. In addition, the dynamic behavior of MWHR system cannot be
estimated with one main pressure as the injection occurs even when the
injection pressure is lower the averaged main pressure. Thus, we established a
novel injection model.

Figure 3.2 shows experimental setup for two-mirror Schlieren system for

visualizing vapor injection process. An LED light was used as a light source
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and a condensing lens focused the light into a point source. The point light
source at the focus of a parabolic mirror generated a collimated beam, passing
through the test section. The beam was then reflected another parabolic mirror
and concentrated into a point source, where the knife edge located. When the
collimated beam passed though the test section, the beam refracted by the
density difference of refrigerant in the test section. The refraction caused a
change of light path blocked by the knife edge, and resultant light intensity
changed as the density difference in the test section. A high-speed camera
captured the density gradient of the test section in the injection process.

The test section consisted with two ports; the injection port injected
refrigerant into test section and the compression port generated the pressure
wave to increase the total pressure of the test section. The opening and closing
timing of two ports were controlled by timing relay, which can designate the
timing of electric signal with 0.01 s accuracy. A solenoid valve opened or closed
the compression port according to the signal from the timing relay, determining
the pressure of the test section when injection initiated and ended. A pneumatic
ball valve was used, having similar opening mechanism with actual injection,
which opens an injection port by sliding of an orbiting scroll. A refrigerant from
a refrigerant tank filled the refrigerant in front of two valves, and the pressures

were controlled by pressure regulator.
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Figure 3.3 shows the experimental results with injection flow at initial
stage and flow decaying in the continuously compressed chamber. As the
injection was motivated by the pressure difference between the chamber and
upstream of injection port, the mass flow rate of injected refrigerant decreased
with increasing pressure of the chamber. The pressure of chamber was affected
by both the compression and injection simultaneously. Therefore, those effect
should be considered. On the other hand, the injected flow shows the jet
impingement behavior, reaching the bottom plate of scroll wrap. Martin et al.
[122] presented that the jet impingement enhances the heat transfer between the
injected vapor and the plate. The heat transfer characteristic was reflected on
the injection model below.

A scroll compressor model was established to estimate the thermodynamic
state of refrigerant after compression and injection process. The compression
process was divided in into three processes: suction, compression with injection,
and discharge. The thermodynamic states of refrigerant were determined by
three main phenomena: external work (compression), mass inflow and outflow
(injection, suction, and leakage), heat transfer (to the adjacent chambers, plates,
and ambient). The volume change, leakage length, and heat transfer area were
derived based on the analytical equation of involute curve [123]. The enlarged

dual-port in the left side of Figure 3.6 shows the area of injection port, which
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has port radius of 73,,; and distance from the center of port to the orbiting scroll
d. The opened port area was calculated by assuming the non-entirely opened
port as a segment, as nrﬁl]-[l * sin(2acos(ri,j/d)], considering the large
radius of involute curve compared with the radius of the injection hole.
Pr+1 = {Pn Vo + (Myn — Moy )AL}/ Vinga Eq. (3.1)
Un+1 = {Un - My + (M hin — Moyrhour + Q)AL Eq. (3.2)

+ Py (Vo = Vs 1)}/ Migq

Xn+1 = f(Pn+1,Un+1) Eq. (3.3)
D
Nugp, = 0.23 - Re®8Pro#(1.0 + 1.77 —2) Eq. (3.4)
Tavg
6.—0.05
H ] Eq. (3.5)

o oy 1-22/f
Nujp; |1+ 0.6 | \/f1+0.2(D£h—6)\/f

| \V7/ ]

Re2/3 Pro42

2 k 1\%°
| 2k [(PoNE /Py BT Eq. (3.6)
e 1 v Bl o
P 2\
k-1
if (=2 2( )
Py k+1
k+1) 05 Eq. (3.7)

. 2 \k-1
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k-1
(7)< (75
W =" PuCh = Vo) meen Eq.G.8)

Eq. (3.1) and Eq. (3.2) presents mass and energy equation, deriving the
density p and specific internal energy u at the next angle n + 1 (subscript)
with the properties at the present angle n (subscript). The change of specific
internal energy is summation of energy inflow and outflow; heat transfer; and
external work, which can be expressed as a product of mass flow rate m,
enthalpy h, and time step At; heat transfer rate Q for At; and pressure P
and volume change V,, —V,,, 4, respectively. The derived density and specific
internal energy determine other thermodynamic properties X. The heat transfer
coefficient without injection was derived by the Nusselt number Nu
correlation on the spiral heat exchanger [124], presented in Eq. (3.4) as a
function of Reynolds number Re, Prandtl number Pr, and hydraulic diameter
Dy, and averaged radius 7,5 of chamber. On the other hand, as jet
impingement has distinctive heat transfer characteristics, another Nusselt
number correlations should be used to derive heat transfer coefficient during
injection. The injection flow within confined chamber shows similar behavior
with array of nozzles [122]. As show in Fig.--, the array of nozzles forms a
fountain, which is also similar observed in the jet with confining wall because
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of symmetry in the nozzle array. Eq. (3.6) presents the space-averaged Nusselt
number Nu correlation with height H and hydraulic diameter of chamber,
and relative nozzle area f, which is a ratio of nozzle area to total area.

The mass flow rate through the scroll clearance and injection port was
assumed as an orifice flow. Mass flow rate of refrigerant m was mainly
determined by pressure of upstream and downstream, denoted as B, and Py,
respectively, and specific heat ratio k. A drag coefficient C,; and orifice area
A were derived with experimental data or design parameter. The pressure ratio
of downstream to upstream decided whether the flow was choked or not. Eq.
(3.6) is used when the flow was not chocked, and Eq. (3.7) is used when choked,
determined by comparing actual pressure ratio with critical pressures ratio. The
power consumption of compressor W were summation of each compression
work at angle divided by mechanical efficiency 7,,.cn, as presented in Eq.
(3.8).

Figure 3.4 and Figure 3.5 presents the validation results of the scroll
compressor with injection model, comparing the estimated data with the
measured data from previous experimental study [99]. Estimated results show

good agreement with the experimental data within 10% error.
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3.2.2. System modeling

Dynamic behavior of the heat pump system mainly originates from the
dynamics of heat exchangers because temperature response is slower than the
pressure response. Therefore, we focused on the thermal behavior of heat
exchangers whereas compressor and expansion valves were assumed as to
reach the steady-state in a short period. Quasi-steady compressor and expansion
valves model determined the boundary conditions of heat exchangers; enthalpy
and mass flow rate at the inlet and outlet. With given boundary conditions, the
thermodynamic state of refrigerant in the heat exchanger at the next time step
was derived through the secant method [125], which converges faster than the

commonly used bisectional method.

op _

§+V'(pu) -0 Eq. (3.9)
6((;):)+u_v(pu) —V-o+pf Eq. (3.10)
%+V-(Eu)=pf-u+V'(0'u)—V'q+Q Eq. (3.11)

The transient heat exchanger model was based on the unsteady
compressible two-phase flow model from MacArthur et al. [126]. Fundamental
transport equations are shown in Eq. (3.9) - Eq. (3.11); mass, momentum, and

energy equations.
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In equation Eq. (3.9), continuity equation, the time derivative of density p
equals to the divergence of density flux, which is product of density and
velocity vector u. Momentum equation is presented in equation Eq. (3.10),
which includes stress vector o and external force vector f. The energy balance
equation in equation Eq. (3.11) expresses the energy E of control volume with
energy transfer by external force, viscous dissipation, conduction V - g, and
heat transfer rate Q. Momentum equation was not considered in this model as
the pressure wave propagates at the speed of sound, which is much faster than
propagation speed of the others. Therefore, pressure was assumed as equal in
any location as the pressure propagates at an instant without pressure drop.
Then, the momentum and energy equations were derived into simpler form with
proper assumptions. Considering the pipe or plate structure of heat exchanger,
the governing equation was simplified into one-dimensional form. Viscous heat
dissipation, spatial effect of pressure due to shear stress, and conduction effects
were neglected, which correspond to the first three terms on the right-hand side
of Eq. (3.11). Then, the mass flow was induced by the density change of control
volume and the density of control volume is determined by heat transfer rate
through wall and energy inflow and outflow. Heat exchangers were discretized
into finite nodes, where the proper scheme is required to improve computational

stability and accuracy. In this modeling, the upwind scheme and implicit Euler
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method [127] were applied to discretize the time and spatial change or gradient.
The upwind scheme estimates surficial property as volumetric property at the
node along with the direction of flow. This scheme compensates for the spatial

bias caused by upstream during a unit time step. The implicit Euler method is

unconditionally stable with large time step so that takes less computational time.

In Figure 3.7, spatial notation of the refrigerant properties in each node is
presented, where the volumetric properties, enthalpy h, and density p, are at
the middle of the node and surficial value, mass flow rate m, is on the boundary
of adjacent nodes. Heat transfer rate Q was calculated based on the h in the
volume and locates at the bottom surface. The mass flow rate calculated from
the last node was compared with the boundary condition derived from

compressor or expansion valve to confirm the connections between

components.
n+1 n
n+l _ py™MV;
(pi Atpz) L b it — i = 0 Eq. (3.12)
(o™ — pV;
. 1 _ . 1 i L L
g =yt - L= 0 Eq. (3.13)

{(oh)I** = (b)Y
At Eq. (3.14)
= (mh)} — ()i + VAT — TI)
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ny.
hItt {ci + h} + UA; T

At
Eq. (3.15)
pi'Vi
= qh + bhTH + UAT] o5, + A lAt
pi'V;
;41 = max(m}*?,0), b; = max(m}*1,0),¢; = a; + b; + R Eq. (3.16)

Resultant continuity and energy balance equations were shown as Eq.
(3.13) and Eq. (3.15). Subscripts i and j denote the properties at the volume
and surface. Surficial property at j was substituted either i or i+ 1
depending on the flow direction with upwind scheme. Superscript n
represents time step and properties or state at the next time step n+ 1 were
used with implicit Euler method. Eq. (3.12) represents that the change of
density with certain time step At in the node equals the difference between
incoming and outgoing mass flow rates. This equation was rewritten as Eq.
(3.13) to derive the mass flow rate from the previous node to next mode with
incoming mass flow rate and density change. Eq. (3.14) means that the energy
change in the node in a time step is expressed by incoming and outgoing energy
rates and heat transfer rate, determined by the temperature difference of fluids.
Convective heat transfer coefficient UA in Eq. (3.14) between two fluids,
refrigerant and coolant (denoted as subscript cool), were calculated with

appropriate correlations. Correlations [29—33] are tabularized in Table 3.1,
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which reflected the state of fluids (single phase, evaporating, and condensing),
geometric specification (fin pitch, tube hydraulic diameter, etc.) and type of the
heat exchanger (plate, fin-tube, louvered-fin tube). Eq. (3.14) was also rewritten
into Eq. (3.14) by combining equation Eq. (3.14) and Eq. (3.12). Eq. (3.15)
checked whether the energy balance with assumed pressure at the next time step
is corrected or not. The assumed pressure at the next time step is updated with
new value, calculated from secant method, until the difference between the
right-hand side and left-hand side of the Eq. (3.15) converges within designated
tolerance. Notably, the terms in energy balance equation should be ordered as
Eq. (3.15) to ensure the convergence of iterative secant method. Coefficients a,
b,and c were defined as Eq. (3.16) and introduced to conveniently express the
substituted surficial values with upwind scheme.

Figure 3.8 shows the flowchart of ITMS model, including transient heat
pump model and power electronics and electric motor (PEEM) model, in
MWHR and CWHR modes. Secant method was used to iteratively find the
pressure of condenser, evaporator, and WHX satisfying continuity and energy
balance equation with given mass flow rate boundary conditions. Due to
explicit nature of system connection, time step was confined as 1 s and
boundary condition of mass flow rate was calculated at the present time step.

Then, pressure of heat exchanger was assumed and the properties at nodes were
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calculated with inlet mass flow rate boundary condition. The outlet mass flow
rate is compared with outlet boundary condition and assumed pressure value
changes based on the results. However, this method accumulated refrigerant
charge error, resulting in erroneous charge distribution in the system. Therefore,
refrigerant charge was set as target variable instead of outlet mass flow rate and
errors at the present time step were compensated at the next time step. Opening
areas of expansion valves were controlled to maintain the DSH of evaporator
and WHX both in experiment and system model. As PID gains used in
experiment were not corresponded to the gains used in model so that detailed
control logic was quantitatively different. However, validation results in Figure

3.9 shows a good agreement with experiment
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Table 3.1 Correlations and conditions used in heat transfer coefficient

calculation
Reference Correlation Conditions
Plate heat
Nu = 0.2121Re%78Pr/3 exchanger,
Yan and single-phase
Lin [29] ) Plate heat
Nu = 1.926Prl§Bo°-3Re2;15v[(1 —x)+x <%>] exchanger,
g
evaporating
o Plate heat
3.8x076(1 — x)0:0¢
Shah [30 = —x)08
ah [30] he = (1 —x)"° + P/Py )08 exchang.er,
condensing
027 yp \"014 /o ~029 Louvred fin
Chang j = Re 0% (i) <_”> <_l>
90 L, L, heat
and Wang -0.23 0.68 —0.28 —0.05 exchan er.
SR = I - B 9 I - R
L, L, L, L, air

Fin tube heat

Kays [32] j = exp[—0.3488 - [n(Re/1000 — 4.283)] exchanger,
air
Fin tube heat
Nu = 0.0499 - Re"- Pr-%+ 7.547 exchanger,
Gnielinski coolant
[33] Fin tube heat

wIN

d
Nu = 0.012 - (Re®®” — 280)Pro4[1 + <Th) ]

exchanger,

coolant
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3.2.3. Electric device modeling

Interior permanent magnet synchronous motor (IPMSM) is commonly
used as a traction motor in EVs due to its high power density and efficiency.
The thermal model of IMPSM was established to calculate the amount of heat
generation and heat transferred to the waste heat recovery system, which are
essential values determining the amount of recovered heat. The thermal model
was mainly composed of heat generation model and thermal resistance model.
Total heat generation of motor was estimated with sum of iron loss and copper

loss, which were presented in Eq. (3.17) and Eq. (3.19).

Qcoppper = 3Ry, Eq. (3.17)
Ry =Ro(1 +a,T,) Eq. (3.18)
Qiron = khBrlr;Laxw + keBhaxw? Eq. (3.19)

In Eq. (3.17), subscript w denotes the copper winding of IPMSM and
heat generated by Joule loss of copper Qcopper» Was calculated by the product
of square of current [,, and resistance R,,, which is presented in Eq. (3.18) as
reference resistance R, temperature T,,, and thermal coefficient of resistance
a,,. As presented in Eq. (3.19), heat generated in iron Q;.,, Wwas mainly
caused by hysteresis of magnetization in iron and eddy current. Hysteresis loss

is presented with hysteresis coefficient kj, maximum magnetic flux density
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Bfmx, and rotational speed of motor w. Eddy current loss is expressed with
eddy current coefficient k., maximum magnetic flux, and speed of motor. This
model was based on the electric motor thermal model of Kim et al. [131] and
coefficients and magnetic flux were also presented in the literature. Heat
generated in the electric motor transferred through thermal resistance of rotor,
airgap between rotor and stator, coil, stator, and cooling jacket. Thermal
resistance was calculated on cylindrical coordinate and discretized into 8 nodes,
shown as a schematic of thermal resistance circuit in Figure 3.10 (b).

Power electronics (PE) were simply assumed to generate heat proportional
to the total power consumption of the electric motor and heat was assumed to
be totally transferred instantenously to the coolant, considering the small size
of PE. The model was validated with vehicle experiments and estimated the
coil temperature with reasonable accuracy, as presented in the previous study

[59]
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motor.
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3.3. Results and discussion

Results were thoroughly investigated with various driving profile and
ambient air temperature. In addition to MWHR and CWHR modes, direct waste
heat recovery (DWHR) mode was considered as a WHRS, which directly
provided hot coolant, absorbing waste heat from PEEM, to the cabin through
indoor heat exchanger (IDHX). An auxiliary PTCH was used to provide
additional heat to the cabin to equalize the heating capacity of CWHR, MWHR,
and DWHR mode as 5 kW. Cabin air, calculated by lumped cabin thermal
model [108], was recirculated and passed through the IDHX. As a reference,
driving profile with constant velocity were tested first to clearly verify the effect
of driving duration, vehicle velocity, and ambient air temperature.

Figures 8 and 9 show transient behavior of system performance in CWHR,
MWHR, and DWHR mode when the velocity of the vehicle was 100 km/h and
the ambient temperature of the air was 0 °C. While CWHR simultaneously
recovered waste heat with heat pump operation, MWHR and DWHR needed a
time delay to WHR until the temperature of coolant reached a certain level.
DWHR initiated WHR when the coolant temperate from PEEM exceeded the
coolant temperature of IDHX by 5 °C. Then, two coolant streams from PEEM
and IDHX were merged and entered the IDHX; the merged stream was

separated into two streams at the exit of IDHX, flowing to the WHX and
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condenser, respectively. This flow merge increased the total flow rate in IDHX,
augmenting the heating capacity of the system. MWHR initiated as heat pump
operates, but the EEV at the inlet of WHX was not opened until the residual
liquid refrigerant in WHX evaporated. After refrigerant in WHX became
superheated state, refrigerant flowed to WHX to prevent liquid injection into
compressor. Figure 3.11 (a) presents transient pressure from start-up conditions
in CWHR, MWHR and DWHR modes. The condensing pressures in each mode
increased with time as the temperature of heat sink, air in the cabin, increased
with cabin air recirculation. The evaporating pressures were relatively constant
with constant temperature of heat source, ambient air. At the early stage, the
condensing pressure of CWHR was higher than the other two modes because
larger amount of heat was absorbed from the PEEM. However, as the MWHR
recovered waste heat (from 259 s), condensing pressure rose more rapidly than
that of CWHR. The condensing pressure of MWHR firstly increased and then
decreased before PEEM heat recovery. The pressure drops after early stage
occurred because of forced injection derived by the heat absorption in WHX.
The evaporated refrigerant in WHX was injected to the compressor when the
pressure in WHX exceeded the pressure of compression chamber. The pressure
of compression was determined by evaporating pressure, which decreased until

the mass inflow from condenser and mass outflow to compressor were
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equalized. After forced injection, EEV at the inlet of WHX opened to absorb
heat from PEEM, increasing the pressure of WHX.

Figure 3.11 (b) demonstrates that even though the amount of absorbed
heat from PEEM in MWHR was smaller than in CWHR, MWHR utilized the
ambient air source more effectively than CWHR. The heating capacity of
MWHR was larger than that of CWHR after 601 s, where the superiority of
MWHR exists. The main disadvantage of CWHR originates from the biased
flow distribution to the dual heat sources: ambient air and PEEM. As the certain
amount of mass flow from compressor separated into two streams, more
refrigerant flowed to the heat source dissipating larger amount of heat.
Therefore, CWHR was unable to utilize the ambient air source as much as
single-source with flow distribution problem, which did not occur in the
MWHR as the refrigerant injection was induced by external pressure difference.
This phenomenon is shown in Figure 3.12 (a), presenting total and injected
mass flow rate in each mode. As the absorbed heat from PEEM increased, the
total mass flow rate increase of CWHR was relatively small even with
increasing refrigerant flow from WHX, while the total mass flow rate of
MWHR continuously increased by the injected mass flow rate of WHX.

The behavior of DWHR was relatively simple as the waste heat recovery

and heat pump system operated in separated loop except for the IDHX. As the
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temperature of coolant from PEEM exceeds the temperature of coolant from
IDHX, coolant from condenser and PEEM merged and passed the IDHX,
providing more heat to the cabin as shown in Figure 3.11 (b). The condensing
pressure of DWHR in Figure 3.11 (a) increased as warmer coolant inflowed
into condenser; the temperature difference of inlet and outlet coolant of IDHX
decreased with more coolant flow rate through IDHX. However, heat pump
operated consistently because of separated PEEM heat recovery.

The temperatures of coolant in the PEEM heat recovery system were
presented in Figure 3.12 (b), showing the temperature level of WHR of each
mode. The temperature level of PEEM in MWHR resided at the intermediate
level between CWHR and DWHR, which recovered heat at the evaporating and
condensing temperature, respectively. The overall temperature of the coolant
increases as the heat radiated to the coolant were less than the heat generated in
PEEM with limited performance of the cooling jacket.

Figure 3.13 presents the resultant power consumption of CWHR, MWHR,
and DWHR. CWHR required less PTCH power consumption owing to the
higher heating capacity at the early stage; when the waste heat was not available
in MWHR and DWHR until the temperature of PEEM reached the appropriate
level. After the MWHR initiated the injection, the instantaneous power

consumption of compressor increased with an additional mass flow through
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compressor, while less power of PTCH was required with larger heating
capacity. Total power consumption of CWHR exceeded that of MWHR (611 s),
as the PTCH power consumption of MWHR decreased. The higher heating
capacity of MWHR required less PTCH usage than that of CWHR, which
originated from the superior waste heat recovery of MWHR, as mentioned
above. Even though the compressor in MWHR consumed more power with a
larger mass flow than CWHR, the total power consumption of MWHR was
saved with less power demand from PTCH, having a COP of 1.

The superior heating performance of MWHR eventually brought a cross
of total power consumption in the entire driving. The accumulated power of
CWHR surpassed that of MWHR at 1275 s, when 664 s had elapsed after the
instantaneous power consumption trend of MWHR and CWHR was reversed.
This represents a time to compensate initial unavailability of waste heat in
MWHR by superiority in waste heat recovery. Power consumption of the
compressor in each mode increased with the higher condensing pressure and
mass flow rate indicated in Figure 3.11 (a) and Figure 3.12 (a), respectively.
DWHR initiated heat recovery at 946 s, which needed more time delay to warm
up the coolant through PEEM. After heat recovery in DWHR, instantaneous
power consumption of DWHR became smaller than that of CWHR with

augmented heating capacity, and then the accumulated power consumption was
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reversed at 2501 s. In addition, the instantaneous power consumption of DWHR
crossed that of MWHR because less power was consumed at the compressor,
which implied that the accumulated power consumption of MWHR would
exceed that of DWHR and the optimal WHRS change.

To further investigate the performance of WHRSs, we analyzed WHRSs
with different ambient air temperature and velocity of vehicle. Figure 3.14
shows transient behavior of WHRSs when the vehicle velocity were 50 km/h
and 100 km/h. As the vehicle drove at slower pace, the amount of absorbed
waste heat decreased. This affects the time to initiate the DWHR, which was
determined by the temperature rise of PEEM by the heat generation; and the
time to initiate heat recovery in DWHR was postponed from 947 s to 2190 s
with a smaller amount of waste heat, as shown in Figure 3.14 (b).

In MWHR, the target DSH at the outlet of WHX was set as 5 K so that the
mass flow rates through WHX were determined by the amount of waste heat.
As shown in Figure 3.14 (a), the total mass flow rate increased with faster
vehicle velocity, which directly augmented the heating capacity of heat pump
system. Resultant power consumptions are presented in Figure 3.14 (c),
demonstrating that the cross points, where MWHR became more advantageous
than CWHR, were withheld with less vehicle speed owing to the smaller

amount of waste heat. This was because the biased flow problem in CWHR

131



deteriorated with a large amount of waste heat, as the imbalance between the
waste heat and absorbed heat from ambient was worse. Those effects were more
prominent on DWHR as the waste heat affected the time to initiate heat
recovery in DWHR as well as the amount of waste heat itself. Figure 3.14 (c)
indicates that the accumulated power consumption of DWHR with a vehicle
speed of 50 km/h was larger than that of CWHR within 3000 s, whereas the
power consumption of CWHR with 100 km/s speed condition exceeded that of
DWHR at 2501 s.

Ambient air temperature mainly affects the evaporating pressure, where
heat from ambient air is absorbed. As the lower evaporating pressure
accompanies lower suction density and mass flow rate of a compressor, heat
pump performance deteriorates at low ambient temperature. Figure 3.15 shows
the transient power consumptions of CWHR, MWHR, and DWHR at different
ambient air temperatures. Power consumption was increased at lower ambient
temperatures because of poor heat pump performance. However, a notable
result was that the performance enhancements between different WHRSs at
lower ambient temperatures were more apparent, especially in DWHR. The
cross points between MWHR or DWHR and CWHR were advanced (from
1364 s to 1255 s and 2522 s to 2028 s) with lower ambient temperature, which

originated from relatively low quality of ambient air-source. CWHR utilized
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the waste heat from PEEM at ambient temperature whereas MWHR and
DWHR recovered the waste heat at higher temperature levels. As the heat pump
operated at a lower performance region, enhancement with efficient utilization
of the waste heat was more necessitated. DWHR outperformed MWHR at 2781
s when the outdoor air temperature was -10 °C, which did not even appear at
0 °C ambient air temperature.

The results above demonstrate that the advantage of utilizing waste heat
with optimal WHRS is more prominent, especially at cold ambient
temperatures and with fast driving speed, which is the main region where the
EV range extension is necessitated.

The ITMS model can suggest an optimal WHRS with given driving
conditions, including driving profile and ambient air temperature. Under the
given driving profile and ambient air temperature, the ITMS model predicts the
performances of each WHRSs and derives optimal WHRS. Standardized
driving profiles are classified as highway profiles, including HWFET, WLTP3,
and ArtMw150, and urban driving profiles, including FTP75, NEDC, and
ArtRR and each profile was cycled twice to clearly show the transition trend of
optimal WHRS. Driving profiles mainly affected the optimal WHRS with

driving time and averaged velocity, which is summarized in Table 3.2.
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Table 3.3 shows the optimal WHRSs and power savings with different
ambient temperature condition and driving profiles. Driving profiles with
longer duration, such as WLTP3 and FTP75, had sufficient time to compensate
the energy consumption of MWHR and DWHR without WHR in the delayed
time. Driving profiles with higher averaged driving speed, such as ArtMw150,
provided larger amount of waste heat to the cabin, obtaining DWHR as an
optimal WHRS. Results demonstrate that the energy consumption can be saved
up to 13% with the predictive WHRS optimization method compared with

CWHR.
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Figure 3.11 Transient behavior of heat pump system in CWHR, MWHR,
and DWHR mode; (a) pressure, (b) heat transfer rate. Heat
pump operated with constant vehicle speed of 100 km/h,
ambient temperature of 0 °C, and 100% recirculation of cabin
air. (evaporating pressure of DWHR and MWHR are
overlapped.)
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Figure 3.14 Transient behavior of heat pump system with different vehicle

speed; (a) total mass flow rate (b) recovered heat from PEEM

(c) time averaged power consumption.
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Table 3.2 Averaged speed and duration of standardized driving profiles

Profile Averaged  Duration Remarks
Speed (m/s) (s)
Driving cycle from Artemis project.
ArtMw150 27.63 1068 Highway driving with 150 km/h
speed limit.
The Highway Fuel Economy
HWFET 21.55 765  Driving Schedule.
Highway driving under 100 km/h.
The Worldwide Harmonized Light
WLTP3 12.92 1800  Vehicle Test Procedure (WLTP)
Class 3.
AHRR 15.96 1082 Driving cycle from Artemis project.
Driving on rural road.
FTP75 7.18 2474  The Federal Test Procedure (FTP)
NEDC 9.33 1180 New European Driving Cycle
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Table 3.3 Optimal WHRSs and power savings of different driving profiles and

ambient temperatures
CWHR
-0 °C -5°C
Profile

ArtMw150

HWFET
WLTP3

ArtRR

FTP75

NEDC
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3.4. Summary

In this chapter, we investigated the performance of WHRSs and suggested
the optimal WHRS under various start-up conditions with the ITMS model.
Conventional WHRS recovers waste heat from electric devices at one
temperature level. We subdivide the temperature level into three using the vapor
injection technique, which enables delicate utilization of the waste heat. A
transient heat pump and PEEM thermal model were established based on
experimental data, and the ITMS model estimated the heating performance of
each WHRS. Compared with CWHR, MWHR and DWHR had larger heating
capacity augmented through WHR at higher temperature levels and resultant
power consumptions were saved with less PTCH usage. However, MWHR and
DWHR required time delay to compensate for the unavailability of waste heat
at the early stage. The time delays were 1275 s in MWHR and 2501 s in DWHR
when the ambient temperature was 0 °C and vehicle speed was 100 km/h. Those
time delays were reduced with lower ambient temperature and increased with
slower vehicle speed. Results with standardized driving profiles demonstrated
that MWHR and DWHR were advantageous under driving profiles with a large
amount of waste heat and long driving duration, such as WLTP3 or ArtMw150
profile. Power consumptions were saved up to 3.6% and 13.0 % with MWHR

and DWHR, respectively. However, CWHR consumed the least power in urban
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driving conditions, NEDC, with slow vehicle speed and short duration. The
optimal WHRS, suggested by the ITMS model in advance of driving, utilizes
the waste heat most efficiently, contributing to the driving range extension of

EVs under various driving conditions.
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Chapter 4. Port design optimization of multi-level

waste heat recovery system*

4.1. Introduction

Previous studies on MWHR focused on the overall system performance
and power savings with existing injection port design. As the MWHR uses
vapor injection technique, the port hole design affects both heat pump system
and thermal management system (TMS). Therefore, investigation on the effect
of port geometry is necessary to design vapor injection compressor with
MWHR.

In this chapter, I investigated the effect of port design in the perspective of
integrated thermal management system (ITMS), including heat pump system
and TMS. A flow visualization experiments were conducted to inspect the
complicated phenomena, including macroscopic jet impingement behavior.
Existing injection models simply assumed the injection process as steady
isentropic nozzle [123, 132, 133] or used empirical fitting coefficients [134,

135]. To the best of our knowledge, none of injection models have considered

4 The contents of chapter 4 were published as in Applied Thermal Engineering [145]
on 2023
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the jet impingement effect to determine the thermodynamic state of mixed
refrigerants. Therefore, we established a novel injection model based on the
heat transfer characteristic of jet impingement and dynamically increasing
pressure of the chamber during compression process. This model was combined
with a transient heat pump model and power electronics and electric motor
(PEEM) model, incorporating an ITMS model. We investigated the effect of
port hole size and location on the MWHR system with the ITMS model.
Furthermore, the optimal port design was suggested to save total power

consumption.
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4.2. Results and discussion

Iinvestigated the effect of port design on the MWHR performance under
cold-start condition. The simulation conditions are summarized in the Table 4.1,
including ambient temperature, vehicle speed, port angle and size. The port hole
radius was varied from 1 mm to 2 mm, which is maximum radius to be entirely
closed by the orbiting scroll. The effect of larger port size was analyzed by
adding a secondary port, denoted as dual-port. As shown in Figure 4.1, the port
location was set from 360 ° to 780 °, including the angle where the port opens
before suction chamber closed, and the angle which is closed after discharge
port opens. The initial temperature of each component was assumed to be
soaked at the ambient air temperature. As a preliminary investigation, three
different waste heat recovery systems in Figure 4.2 were compared. CWHR
recovers the waste heat from PEEM through WHX, which has equal pressure
with the evaporator due to pipe connection before entering into the compressor.
On the other hand, DWHR directly recovers the waste heat by flowing hot
coolant from PEEM to the indoor heat exchanger (IDHX). It requires a time
delay for coolant from PEEM to reach the temperature of coolant from the
condenser. Lastly, MWHR recovers heat from PEEM with WHX having an

intermediate pressure to inject the refrigerant into the compressor.
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The main difference between WHRs lies in the temperature level where
the waste heat is recovered. As the heat is recovered at higher temperature,
refrigerant or coolant with higher energy transfers heat to the cabin, and less
power is required to raise the temperature of fluid to reach appropriately high
temperature to be provided to the cabin. However, an additional heat is needed
to elevate the temperature level of the heat source having certain heat capacity.
Therefore, a trade-off between the heating capacity augmentation and heat
required to raise the temperature level should be analyzed on the time domain.

Figure 4.3 shows the performance of each waste heat recovery system with
the perspective of power consumption and heat. The accumulated power
consumption in Figure 4.3 (a) demonstrates that CWHR system consumed the
least power compared with other two systems until one hour; but the
discrepancy of time-averaged power consumption between CWHR with
DWHR and MWHR decreased with time. The instantaneous power
consumption of DWHR and MWHR became lower than that of CHWR. This
originated from the decreasing trends of consumed power of PTCH after
injection and DWHR, as indicated in the Figure 4.3 (b). Even though the
compressor required more power with increasing pressure ratio in DWHR and
mass flow rate in MWHR, total power consumption decreased with both

DWHR and MWHR.
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In addition, MWHR and DWHR outperformed CWHR in terms of the heat
transfer to the cabin even with less heat absorption from the PEEM, as shown
in Figure 4.3 (c). This is because CWHR shared a finite mass flow rate of
compressor suction line by evaporator and WHX. As to a larger amount of
waste heat to be absorbed with WHX, more mass flow rate of refrigerant
through WHX should flow through the WHX, resulting in the decreased heat
absorption from the ambient air with the evaporator. Nevertheless, the
advantageous aspects of MWHR and DWHR with existing port design could
not compensate the initial heat requirement to elevate the temperature level in
an hour. The existing port was originally designed to be used in a vapor
injection system with a flash tank or internal heat exchanger; and MWHR has
entirely different thermal behavior with conventional vapor injection system.
Therefore, the injection port should be redesigned to optimize the system
performance with MWHR.

To optimize the MWHR heat pump system, the system performance was
investigated with various port geometries, as presented in Table 4.1. Figure 4.4
presents the time-averaged power consumption of CWHR, DWHR, and
MWHR with different ports, showing that the larger injection port and angle
requiring less power consumption. Figure 4.4 (b) only shows a region where

the power consumption decreased with the port angle to graphically show the
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tendency in a clear way. The time when the time-averaged power of MWHR
becomes less than that of CWHR is called the ‘cross point’, which is a key
indicator. It represents the time required to compensate for the initial stage of
MWHR, when the waste heat is used to elevate the temperature level of PEEM
instead of absorbed in the heat pump system. When a EV drives for a duration
longer than the time at the cross point, operating the heat pump system with
MWHR is advantageous and vice versa. Therefore, early time at the cross point
means that the heat pump operation with MWHR is beneficial in broader region.

The port size mainly affected the injected mass flow rate and resulting heat
absorption from PEEM, as presented in Figure 4.5 (a) and (b). As the port
enlarged or became dual, more refrigerant flowed through the injection hole
with equal pressure difference between WHX and compression chamber. The
electronic expansion valve (EEV) controlled the degree of superheat (DSH) of
refrigerant at the outlet of WHX to prevent wet-compression. Therefore, the
specific enthalpy difference between inlet and outlet refrigerant of WHX was
constant, so that the increasing mass flow rate through WHX accompanied
more heat absorption from the PEEM.

On the other hand, the port angle mainly determined the pressure of
compression chamber during injection. The injection initiated with the opening

of injection port and completed with the closing of injection port. As shown in

149



the Figure 4.5 (c), the pressure level of WHX increases when the injection port
was located at small angle because the port opened after relatively longer
compression. The higher pressure of WHX caused larger pressure difference
and injected mass flow rate. However, Figure 4.5 (d) demonstrates that the
temperature level of PEEM increased with higher pressure level of WHX as the
heat absorption temperature equaled to the saturation temperature at the
pressure of WHX. This temperature level elevation delayed the cross point in
two aspects: increased amount of heat required to rise the temperature level of
PEEM and postponed time at the initiation of injection, which awaited PEEM
to reach the temperature level. The injection timing is not clearly shown Figure
4.5 because of overlapped data except for Figure 4.5 (d).

The results were reorganized in Figure 4.6, presenting power
consumptions and corresponding cross point changes with dominant system
indicators, after driving for an hour. As mentioned above, a large area of
injection port decreases power consumption and time at the cross point with
larger amount of injected refrigerant, as shown in Figure 4.6 (a) and (b). On the
other hand, the optimal port angle existed as 600 ° and 660 ° with the
perspective of power consumption and cross point, respectively. The existence
of the optimal angle originated from that the injection port hole at large angle

opened during the suction process. The injection increased the pressure of
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suction chamber, refrigerant suction from the evaporator was interrupted by
injection flow. The sudden decrease in suction mass flow rate is shown in Figure
4.6 (d), implying insufficient heat absorption from the ambient air. This
negative impact of large port angle was combined with the positive impact of
decrease in the injection pressure or temperature level of waste heat absorption,
forming a convex shape and the optimal port angle.

Lastly, the amount of waste heat was varied by adjusting the vehicle
velocity. In the previous discussion, DWHR was not mentioned as the
parameters above did not affect the performance of DWHR. However, the
amount of waste heat determined the time of DWHR initiation when the
temperature of coolant form PEEM exceeded that from the condenser. Figure
4.7 (a) shows the delay in the initiation of DWHR with slower vehicle speed of
50 km/h. Considering that the power consumption of MWHR and DWHR
nearly crossed at 3600 s with the vehicle speed of 100 km/h, the driving
conditions where DWHR requires the least power exists. However, DWHR
required excessive time to compensate unavailability of the waste heat in early
stage in the analysis in this study.

The cross points of MWHR were delayed not as much as the initiation
time of DWHR with slow vehicle speed. This was because CWHR recovered

less amount of waste heat as well as the MWHR did. Figure 4.7 (b) shows that
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the time at the cross point decreased with faster vehicle speed, representing that
the MWHR is desirable when faster and longer driving, which is one of the
common circumstances where the passengers experiences the range anxiety.
Therefore, I expect that the heat pump operation with optimized MWHR can

contribute to alleviating the range anxiety
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Figure 4.5 System performances with different port geometries: (a) injected
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Table 4.1 Simulation conditions

Parameter

Values

Ambient air temperature (°C)
Injection port radius (mm)
Injection port angle (°)
Vehicle speed (km/h)

Recirculation ratio (%)

-7

1 to 2 (increment: 0.5)
360 to 780 (increment: 60)
50 to 120 (increment: 10)

50
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4.3. Summary

In this chapter, the effect of port design on the performance of heat pump
system with MWHR was investigated. From the flow visualization experiment
with schlieren apparatus, distinctive flow characteristics of injection process
was observed. Based on the experimental result, a novel injection model
considering dynamic change in the compression chamber and jet impingement
was established and validated. The injection model was integrated with
transient heat pump model and PEEM model, incorporated into an ITMS model.
The ITMS model evaluated the performance of three waste heat recovery
system: CWHR, MWHR, and DWHR, having different temperature level of
recovering the waste heat from PEEM. As the existing injection port was
designed to properly operate with flash tank or internal heat exchanger, port
hole needs redesign to optimize the performance of MWHR. The port hole size
and angle were varied in the broad region and the performances of MWHR with
different port designs were estimated. Result demonstrates that the larger port
hole entails an increase in the injected mass flow rate and the amount of heat
absorbed from PEEM. On the other hand, the angle at which the port is located
mainly determines the pressure of chamber and corresponding temperature
level recovering waste heat. As the temperature level decreases, the injection

initiates early and the heat required to raise the temperature of PEEM decreases,
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saving the total power consumption. However, larger port angle interrupts the
suction flow from evaporator when the port opens before suction chamber is
closed. The optimal port angle is 660 ° and 600 ° in terms of the power
consumption and the time at the cross point where the accumulated power
consumption of MWHR becomes less than that of CWHR. Furthermore, the
cross points are advanced with faster vehicle speed because larger amount of
waste heat is efficiently utilized with MWHR. I expect that the results provide
an insight on the port design in MWHR and promote broad adoption of MWHR

as a solution to EV range reduction.
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Chapter 5. Active battery thermal management

strategy®

5.1. Introduction

Many EVs adopted liquid-based cooling methods to manage the thermal
state of ESS [16, 17]. However, conventional liquid-based BTMS did not heat
the battery under cold-start conditions as a significant amount of energy is
required to raise the temperature of the ESS. Instead, conventional BTMS used
the self-heating of the battery, depending on the reversible heat generation from
electrochemical reaction and Joule heating with internal resistance [59]. Few
studies focused on the preheating method [38, 74, 75] including internal heating
with alternating or pulse current, and external heating with air, liquid, or heat
pipe. However, none of the studies have utilized a heat pump system as a
heating device except for Leighton et al. [23], which simply flowed the hot
coolant with a constant flow rate to ESS without considering the overall system
performance. This study suggests active BTMS using a secondary loop in an
EV heat pump system. Experiments on the cell-level performance were

conducted at low temperatures, and the pack-level ESS thermal model [59]

5> The contents of chapter 5 were published as in Energy [146] on 2023

163



reflected the low-temperature performance based on the experimental results.
A transient heat pump model in the previous study [136] was integrated with
the ESS thermal model to establish the ITMS model. The ITMS model
estimated the system performance, which included both cabin heating and
battery thermal management. The overall system performances under cold-
startup conditions were analyzed with three BTMSs: active heating of ESS with
the hot coolant, heat recovery from ESS with the cold coolant, and self-heating
without any thermal management. The optimal BTMS was obtained with the
ITMS model under various ambient air temperatures, driving profiles, and
initial SOC conditions. Furthermore, the preheating with the heat pump system
was compared with preheating by conventional positive temperature coefficient
heater (PTCH) in terms of power consumption and preheating performance.
This active BTMS is expected to suggest the optimal BTMS, contributing to

the driving range extension of EVs.

5.2. Battery model description

5.2.1. Battery performance experiment at low temperatures
The low-temperature performance of the battery was investigated with

internal resistance and capacity measurement tests. A lithium-ion battery,
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having a capacity of 1000 mAh, was selected and experiments were conducted
under various power, temperature, and SOC conditions. The battery was
submerged in a dielectric coolant to maintain the battery temperature. As liquid
has much higher convective heat transfer coefficient than the air [112], the
battery maintained a stable isothermal state, compared with the conventional
climatic chamber. The temperature of the dielectric coolant was controlled with
a bath-circulator, which can preserve the temperature of the bath from -30 °C
to 60 °C. WPG100HP was used as a potentiostat and galvanostat, which can
load a constant current on the battery up to 5 A.

As the previous studies on battery performance at low temperatures
focused on the dependence of internal resistances on the temperature, SOC, and
C-rate. In this experiment, the battery performance was reorganized based on
power instead of the current, considering that an EV requires certain power
through a battery management system (BMS). Furthermore, existing studies
provided the internal resistances with discrete SOC. However, this study aims
to identify the available EV range around battery depletion (full discharged
state), the voltage was measured with continuous SOC change. We used a
constant power protocol from 0.2 W to 2 W, which covers a narrow and low
power range. Those values were selected to represent actual vehicle power

consumption; 0.2W and 2W correspond to the power consumption of EV with
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the speed of 30 km/h and 140 km/h, respectively. Those operating temperatures
varied from -20 °C to 25 °C, and the SOC was continuously decreased from a
fully charged to fully discharged state.

Figure 5.1 shows that the capacity at -20 °C decreases up to 74% and 51%
compared with the nominal capacity of 1 Ah. The capacity fade at low
temperature was more prominent when the battery consumed higher power as
other researches presented [65, 137]. On the other hand, notable results
presented that capacity increased with higher power consumption in low-
temperature cases, which was also shown by other studies [26, 27]. The results
were significant as the purpose of this study is to evaluate the trade-off between
the battery performance enhancement and additional power consumption on the
battery heating. Those phenomena were reflected in the following battery
thermal model.

The thermal behavior of the ESS originates from heat generation, internal
conduction, and external convection to the coolant. Two types of heat

generations were considered; reversible heat generation and irreversible heat

generation.

ou
Orey = IT (a_T) — TAs Eq. (5.1)
Qirr = I(U = V) = I?Rin, Eq.(5.2)
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Reversible heat generation Q,., is expressed as the Eq. (5.1), which is a
product of temperature T and entropy change As measured in experiments
[120]. Irreversible heat generation Q- is caused by internal resistance with
current and expressed as the product of internal resistance R;,; and square of
internal current [ as presented in Eq. (5.2). Both equations are presented in
terms of OCV, denoted as U, and rearranged in the aforementioned form.
Actual power consumption of the electric motor was calculated from the
vehicle dynamics and motor efficiency map.

Figure 5.2 (b) shows a schematic diagram of the thermal resistance circuit in
ESS. The thermal resistance of each component in ESS was calculated with the
thermal properties and geometry of each component (detailed parameters are
presented in the previous study [59]). A finite element method [112] was used
to consider the spatial gradient of temperature distribution. Each grid of cells
was assumed to have homogenous heat generation and the heat was conducted
to the adjacent grid. The metal fin and thermal interface material conveyed heat
to the coolant, which flows bottom side of the ESS. Test data from actual EV
tests with different vehicle velocities were used to validate the ESS thermal
model, which estimated the temperature of the battery with boundary
conditions of coolant inlet temperature and flow rate through the cooling

channel. Figure 5.3 shows the model estimation results with a reasonable error
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of around 2 °C
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5.2.2. Battery heating strategies

The models explained above were integrated into the ITMS model by
thermally combining transient heat pump model and ESS thermal model. As
shown in Figure 5.4, three thermal management systems were modeled to
analyze the BTMSs. The self-heating BTMS in Figure 5.4 (a) was dependant
on the self-heating effect of the ESS to heat the battery; whereas the active
heating and heat recovery BTMSs in Figure 5.4 (b) and (c) actively managed
the thermal state of the ESS. The active heating BTMS transferred the heat from
the heat pump system to the ESS through the hot coolant. The hot coolant from
the condenser separated and flowed into the indoor heat exchanger (IDHX) and
ESS, respectively. In the ITMS model, the inlet temperatures of IDHX and ESS
were equally set as the outlet coolant temperature of the condenser. The two
streams were merged before entering the condenser, and the temperature was
set as the weighted average temperature by the flow rate through ESS and
IDHX. On the other hand, the heat recovery BTMS utilized cold coolant from
the evaporator to recover the heat generation from ESS. The cold coolant split
into two streams, flowing through ODHX and ESS to absorb heat from the
ambient air and ESS, respectively. The hot coolant from condenser flowed to

ESS in the active heating BTMS.
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In active heating BTMS, the heating capacity from the heat pump system
was shared by two thermal objects; cabin and ESS. Therefore, insufficient heat
was provided to the cabin, requiring additional power consumption of the
PTCH. Nevertheless, the active heating BTMS was preferable when the
performance enhancement of the battery by temperature increase was more
significant. On the other hand, heat recovery BTMS augmented the heating
capacity provided to the cabin by utilizing an additional heat source, ESS. The
increased heating capacity saved power consumption of the PTCH, which was
advantageous when the temperature of ESS had a relatively minor effect on the

battery performance.
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5.3. Results and discussion

Results were thoroughly investigated from the perspectives of overall
system performance and preheating performance under cold start conditions.

Three BTMSs including self-heating, active heating, and heat recovery
were denoted as SHTMS, AHTMS, and HRTMS, respectively. The vehicle was
considered to be soaked at -15 °C and drove at the speed of 100 km/h. The
initial SOC was 0.65, which is slightly higher than the minimum SOC, capable
of providing enough power to obtain the vehicle speed of 100 km/h, to analyze
the behavior until complete SOC depletion. SOC was considered depleted when
the cell voltage reached the cut-off voltage of 2.5 V. The heating demand of the
cabin was equally set as 4 kW in three BTMSs, where the insufficient capacity
from the heat pump was supplemented by PTCH.

The main differences between the BTMSs are the temperature of ESS as
shown in Figure 5.5 (a). As the coolant flowing through the ESS came from the
condenser, the hot coolant provided heat to the ESS with AHTMS, whereas the
cold coolant from the evaporator absorbed heat from the ESS with HRTMS.
Therefore, the average temperature of ESS was relatively high with AHTMS
and low with HRTMS; and that of SHTMS resided in the intermediate region.
Figure 5.5 (b) shows the heat transfer rate from the coolant to ESS, where the

negative sign of heat transfer with HRTMS indicates heat absorption from the

175



ESS and vice versa. The heat generations in the battery cell are also presented
in Figure 5.5 (b). As mentioned above, heat generation is mainly affected by
battery temperature, which affects both the irreversible and reversible heat
generation. The convex shape of heat generation was related with the combined
effect of power consumption, SOC, and temperature on the internal resistance
of the battery, which will be discussed later.

Figure 5.5 (d) shows the power consumption trend of each BTMS. Total
power consumption was a summation of the power consumption of the
compressor and PTCH. As the AHTMS allocated a certain amount of heating
capacity to the ESS, the heat provided in the cabin is not sufficient as that of
SHTMS and HRTMS. Therefore, additional power was consumed at PTCH
with AHTMS, as the thin lines in Figure 5.5 (d) shows. The total power
consumption was the highest with AHTMS as the PTCH was dominant due to
the smaller COP than the heat pump system. However, AHTMS had advantages
in terms of heat pump performance. From the perspective of a heat pump, ESS
is an additional low-temperature heat sink (than cabin air), whereas HRTMS
had an additional higher temperature (than the ambient air) heat source. The
dual-source heat pump operation such as HRTMS cannot efficiently utilize both
heat sources due to heat imbalance problem, as reported in other research [31,

32]. Besides, an additional heat sink with a low temperature is desirable because
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the heat sink lowers the condensing pressure of the heat pump system, resulting
in the enhancement of COP [140]. The pressure change in Figure 5.5 (¢) shows
the effect of ESS utilization as a heat source or sink. The evaporating pressure
with HRTMS is higher than that of SHTMS and AHTMS, while the condensing
pressure was also higher due to a larger mass flow rate with a higher suction
density of refrigerant. On the other hand, the condensing pressure with AHTMS
was much lower, so the pressure ratio was smaller. Therefore, the total power
consumption of the compressor was the smallest with AHTMS as shown in the
grey lines in Figure 5.5 (d).

The main purpose of this investigation is to find out the BTMS with the
longest driving range. The driving range is determined by the timing when the
battery is fully discharged. As mentioned above, the battery was considered to
be depleted when the cell voltage reaches the cut-off voltage of 2.5 V, as shown
in Figure 5.6 (a). The voltage change shows a convex shape, and this trend was
determined by the combined effect of power consumption, SOC, and
temperature. The cell voltage is determined by open circuit voltage and
overpotential, which is expressed as the product of internal resistance and
current. The power consumption of the overall system affects both the open
circuit voltage and overpotential. The trend of total power consumption in

Figure 5.5 (d) decreased after the early stage when only a small amount of

177



heating capacity is provided in the heat pump system, requiring aggressive
usage of PTCH. However, the total power consumption increased again because
the heat sink temperature, including the cabin and ESS, increased. This
variation of total power consumption determined the current of the battery cell,
affecting the overpotential. On the other hand, the open circuit voltage is known
as a function of SOC [34, 35]. The total power consumption with AHTMS was
the highest so that the SOC might be considered to be the lowest. However,
Figure 5.6 (b) shows less current consumption with AHTMS because the power
consumption is a product of cell voltage and current. The voltage level was
higher with AHTMS so that the resultant current was less than that of SHTMS
and WHTMS; where AHTMS was more advantageous. The reason for the
higher voltage level exists in the dominant dependence of the internal resistance
on the temperature. The decreased internal resistance with higher temperature
decreased overpotentials, resulting in delayed battery depletion and longer
driving range. The driving range with AHTMS increased by 75.8% and 18.8%,
compared with that of WHTMS and SHTMS, and that result corresponds to the
range extension of 10.5 km and 3.9 km.

On the other hand, BTMSs should consider the cases when the battery is
not fully discharged. In this case, we should consider the capacity recovery

characteristic of the battery [143]. This study demonstrated that even after the
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battery is fully discharged, the capacity is recovered when the temperature of
the battery rises. This phenomenon can be interpreted as the capacity of the
battery is not lost but unavailable at a low temperature. On the contrary, the
additional power consumption on the battery heating accompanies the actual
migration of a lithium-ion, which cannot be recovered. To the best of our
literature survey, there was no research on the negative impact of low-
temperature discharge on the battery state-of-health. Therefore, the main
objective in a case when the vehicle completes driving before battery is fully
discharged is to save the total SOC decrease.

We investigated the non-depleted cases with more mild conditions:
soaking temperature of -5 °C, vehicle speed of 50 km/h, and initial SOC of 0.6.
Figure 5.7 (a) shows the accumulated current and corresponding SOC. AHTMS
shows the most SOC decrease, while the trend with SHTMS and WHTMS was
crossed around 1,300 s. This is because of the larger power consumption of
AHTMS, as presented in Figure 5.7 (c). However, even though the power
consumption trend was similar to the previous case, the resultant current usage
was reversed, where the SOC of AHTMS decreased more than that of the others.
This is because the voltage abruptly drops when SOC is near zero as shown in
the experimental results in Figure 5.1. Therefore, the absolute value and relative

change of the cell voltage between three BTMSs in Figure 5.7 (b) were smaller
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when the battery was operated in the region far from the zero-SOC. Figure 5.7
(d) presents larger temperature differences between BTMSs, but the effect was
not influential enough to compensate the larger power consumption with
AHWHR. The accumulated current consumption was saved with WHTMS up
to 5.3 % and 2.2 %, compared with AHTMS and SHTMS, respectively.

At low SOC and temperature conditions, the ESS cannot provide enough
power to the vehicle; a battery preheating can be a solution to this problem. The
battery preheating mode operated equally as AHTMS except that the hot
coolant did not pass through the IDHX without a need to heat the cabin. The
initial SOC and temperature of ESS were 0.45 and -5 °C, respectively; in which
conditions, a vehicle cannot even reach the speed of 50 km/h. As shown in
Figure 5.8 (a), the maximum power consumption was approximately 1.1 kW,
which is quite a small amount compared with the power consumption in driving.
As a battery cell shows a similar performance at low temperature when the
power consumption is small enough [141], the preheating is possible with any
low temperature and SOC conditions. The power consumption of the
compressor gradually increased with the temperature rise of ESS. Therefore,
the COP of the heat pump system decreased; but the overall power consumed
in the preheating can be saved by 38.4%. The heating performance is presented

in Figure 5.8 (b), showing that the preheating of an hour increased the
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temperature of the ESS to 15 °C within the optimal temperature range between

15 °C and 35 °C.
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Figure 5.5 System performances of three BTMSs: (a) ESS temperaure, (b)
heat transfer and generaion, (c) operating pressure, and (d)
power consumption. (Soaking temperautre: -15 °C, initial SOC:
0.65, vehicle speed: 100 km/h)
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5.4. Summary

In this chapter, I suggested and investigated the performance of BTMSs
utilizing the secondary heat pump system in EV. The optimal BTMS should be
derived considering the trade-off between additional power consumption on the
battery thermal management and enhanced performance of the battery through
the thermal management. To evaluate the trade-off, I established the ITMS
model, which included the battery thermal model reflecting the low-
temperature performance and the transient heat pump model. Based on the
ITMS model, I compared the performances of three strategies: AHTMS,
HRTMS, and SHTMS. The results demonstrated that the AHTMS with ESS
heating improves the driving range of EV up to 18.8% compared with SHTMS.
This originated from the dominant dependency of the internal resistance on the
temperature rather than power consumption or SOC. The current with AHTMS
was less than the WHTMS and SHTMS even with larger power consumption
due to increased voltage level. Furthermore, the heat pump performance was
also improved with AHTMS by distributing heat capacity to the additional low-
temperature heat sink, ESS. On the other hand, the objective of the BTMS was
set to save the total current consumption when the ESS was not depleted. The
accumulated current with WHTMS was the least because of the absorbed heat

from the ESS augmented the heating capacity and saved PTCH usage. In
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addition, the performance of ESS preheating was analyzed, showing a
temperature rise of 20 °C within an hour with 38.4% less power consumption
than the PTCH preheating. The ITMS model I suggested is expected to derive
the optimal BTMS under cold-start conditions, contributing to the range

extension of the EV.
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Chapter 6. Concluding remarks

As a solution to EV range reduction problem, heat pumps are widely
adopted to replace PTC heater as a cabin heating device. However, heating
capacity of heat pumps decreases at low ambient temperature, whereas the
heating demand of cabin increases. The insufficient heating capacity is
supplemented by PTC heater, resulting in parasitic effect on the EV range.
Therefore, I suggest the multi-level thermal management system to efficiently
absorb the waste heat from PEEM and properly manage the thermal state of
ESS. The MWHR benefits from active utilization of different temperature
levels in heat pump system.

In chapter 2, I investigated the effect of temperature level, at which the
waste heat is recovered. The performances of heat pump system with waste heat
recovery were evaluated with experimental and numerical methods.
Conventional waste heat recovery at evaporating temperature was compared
with two different temperature levels: condensing temperature and intermediate
temperature. By elevating the temperature level, the refrigerant after recovering
the waste heat had higher enthalpy and pressure, which results in the
augmentation in the heating capacity and savings in power consumption of

compressor. Experimental results showed that the heating capacity with
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MWHR increased up to 72.5% when the heat pump operated in the coldest
condition of -20 °C; and numerical analysis verified that power savings up to
23.2% when recovering heat at the condensing temperature.

In chapter 3, I proposed the operating strategy of MWHR depending on
the driving conditions. I developed an ITMS model which integrated the
transient heat pump model with vapor injection and thermal model of electric
devices. The ITMS model evaluated the performance of heat pump system with
different heat recovery temperature and derived the optimal temperature level.
To absorb the waste heat at the higher temperature level, the waste heat should
be utilized the heat up the temperature of heat source (PEEM). Therefore, initial
unavailability of waste heat at the early stage should be compensated with the
enhanced heating performance of the system. I suggested the cross point when
the initial loss is completely compensated and the trend of the cross points in
various operating conditions. Results showed that the cross points were
advanced with higher vehicle speed and low ambient temperature, when the
passengers mainly suffer from the range anxiety.

In chapter 4, I optimized the port design, which critically affects the
performance of heat pump with vapor injection. As existing injection ports were
designed to properly operate with flash tank or internal heat exchanger, the

ports require a redesign to perform well with MWHR. Various port design was
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examined with different port size and location. A novel injection model was
devised to accurately reflect the phenomena in the injection process. Result
demonstrated that the larger port hole entails an increase in the injected mass
flow rate and the amount of heat absorbed from PEEM. On the other hand, the
angle at which the port is located mainly determines the pressure of chamber
and corresponding temperature level recovering waste heat. The optimal port
angle is 660 ° and 600 ° in terms of the power consumption and the time at the
cross point.

In chapter 5, I inspected the effect of thermal management of ESS from
the systematic perspective. The internal resistance of lithium-ion battery
significantly increases at low temperatures, accompanying the power decrease
and capacity fade. Therefore, low-temperature operation of ESS should be
avoided, but the heating of ESS requires large amount of energy due to massive
volume and heat capacity of ESS. The trade-off between performance
enhancement from temperature rise of ESS and the energy consumed in heating
the ESS should be estimated. The results verified that the active heating of ESS
with heat pump improves the driving range of EV up to 18.8% compared with
non-heating case. Furthermore, I propose the absorption of heat generated by

ESS to supplement the heating capacity when the battery has enough SOC. In
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addition, preheating of ESS before driving was achieved by heat pump system
with 38.4% less power consumption.

In conclusion, the multi-level thermal management system efficiently
absorbs heat from the PEEM by actively utilizing different temperature levels.
The vapor injection technique supplemented the intermediate temperature level
to subdivide the temperature levels into three. The ITMS model derived the
optimal temperature level, where the waste heat is utilized most efficiently. In
addition, the ITMS model also verified that the active heating of ESS is
advantageous on the range extension of EV by alleviating the rise of internal

resistance of lithium-ion battery at low temperature.
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